EUROPEAN FORUM
for RECIPROCATING
COMPRESSORS

w
2,
Z
T
o
T
T
2
O
O
O
(24
T
T
£

—
—

WWW.RECIP.ORG




(7, Burckhardt BAKER
:JJ Compression UGHES

a GE company

‘1/ GOMPRESSION
AT DOVER) company

2> COOK ||

COZZANI

ﬁi- \PROGNOST

paver Compressors I ) Intelligence on Duty

I o
— Innovation
HOERBIGER m for life

BORSIG

COMPRESSION ZM

CONFERENCE SPONSORS




11" EFRC CONFERENCE
September 13-14, 2018, Madrid

5 EFRC
. H—
EUROPEAN FORUM

for RECIPROCATING
COMPRESSORS

WWW.RECIP.ORG



11" EFRC CONFERENCE
September 13-14, 2018, Madrid

AVAILABILITY AND RELIABILITY

Troubleshooting of recurrent cylinder head stud bolt failures on Natural Gas compressors

by: Guillaume Gien, Jean-Christophe Courcol — TOTAL; Wolfgang Voiticek — LMF 4
Influences on Torsional Vibration Analysis of Electromagnetic Effects of an Induction Motor driving

a rigidly flanged Reciprocating Compressor

by: Alessandro Baldussu — Baker Hughes GE; César Luis Ferndndez Valdés — REPSOL 12

PULSATIONS AND VIBRATION

Application of a Constrained Layer Damping to reduce Pipe Vibrations of a Reciprocating Compressor System
by: André Eijk, Hajo Pereboom — TNO; Jérg Frébel — ESK 170

New adjustable vibration absorber - First application on site
by: Dr. Patrick Tetenborg, Dr. Johann Lenz — KOTTER 180

COMPRESSOR AND COMPONENT DESIGN

Calculation of Transient Flow in Sealing Elements
by: Dr. Georg Flade — STASSKOL 24

A Novel Poppet Valve Design — The Arrowpoppet
by: Reiner Schulz — Burckhardt Compression 32

Non-Lube operation: Do it right if necessary - a practical guideline and examples
by: Ralf Krich - HOERBIGER 44

PULSATIONS AND VIBRATIONS

Effect of cylinder nozzle location on orifice performance
by: Tim Norden, Gerhard Knop - Neuman & Esser 188

Modelling of transmission loss characteristics of reactive pulsation dampers
by: Urszula Warzyfska, Wactaw Kollek - Wroctaw University 198

Pulsation optimization by dynamic variable orifice & Recips starting phase selection
by: M. Passeri, L. Guerrini — Baker Hughes GE; C. Rossi, M. Mazzoli - SAIPEM; G. Ferrari — NIDEC;
S. Melis — Florence University 208

CONTENTS



11" EFRC CONFERENCE
September 13-14, 2018, Madrid

ENGINEERING OF COMPRESSOR PLANTS

Modularized Reciprocating Compressor Systems and the Factors That Influence Their Design

by: Benjamin F. Williams — Ariel Corporation 86
New Design of a completely oil-free high-pressure compressor series with a power up to 110 kW and a maximum
pressure of 450 barg

by: Thomas Heumesser — J.P. Saver & Sohn Maschinenbau; Bernd Schmidt - HAUG Sauer Kompressoren 96

Engineering approach for world’s largest hydrogen compression system
by: Niek Albers - HOWDEN; Leonard van Lier — TNO; Maarten van der Biezen — FLUOR 106

MEASURING AND MODELLING

Experimental and numerical study on the thermodynamic behavior of a reciprocating compressor
by: Konrad Klotsche, Gotthard Will, Ullrich Hesse — TU Dresden 142

Diagnosis of a capacity control problem that appeared randomly
by: Luis Sancho Gémez, Juan José Garcia Pérez — ILBOC 152

Measuring dynamic pressure of a mechanical seal of a LDPE reciprocating compressor
by: Felix Ragg, Ricardo Cruz — Burckhardt Compression 160

PULSATIONS AND VIBRATIONS

Mitigation and resolution of piping vibrations of a critical hydrogen make-up reciprocating compressor
by: Smail Haddadi, Jozef Van De Peer - TOTAL; André Eijk — TNO 222

Effects of pipe strain on vibration in reciprocating compressor systems
by: Ramin Rahnama, Kelly Eberle, Steven Crocker - WOOD 230

CONTENTS



11" EFRC CONFERENCE
September 13-14, 2018, Madrid

EFRC

Reversible Usage of a Reciprocating Compressor as Expansion Machine by the Application of
new Force Actuated Valves
by: Christian Stéckel, Christiane Thomas, Ullrich Hesse — TU Dresden 120

Identification and mitigation of Cylinder Gas Passage Pulsations
by: leonard van Lier, Jan Smeulers — TNO 128

TRIBOLOGY AND WEAR

Compressor Lubricants based on Polyglycol

by: Henrik Heinemann — BASF 242
New insight into the wear of packing rings: model, calculation, experiment

by: Andreas Kaufmann, Dr. Tino Lindner-Silwester - HOERBIGER 250
New concept lubrication system application on a HP reciprocating compressor

by: Marco Sacco, Pamela Tani — CST; Massimo Maffeis — SIAD; Alessio Scialpi — ENI Refinery 262
Smart Packing

by: Dr. Marc Langela — STASSKOL 58

The challenge of Industry 4.0 applied to a stepless capacity regulation system
by: M. Schiavone, A. Raggi, A. Giampa - COZZANI 64

Root-Cause Analysis with Digital Twins — Discussion and Application
by: A. van’t Wel - PITPOINT; C. Timer, P. Egberts - TNO 72

CONTENTS




11" EFRC CONFERENCE
September 13-14, 2018, Madrid

ARIEL CORPORATION

B Modularized Reciprocating Compressor Systems and the Factors That Influence Their Design
by: Benjamin F. Williams — Ariel Corporation 8

[eN

BAKER HUGHES, A GE COMPANY

H Influences on Torsional Vibration Analysis of Electromagnetic Effects of an Induction Motor driving a rigidly
flanged Reciprocating Compressor

by: Alessandro Baldussu — Baker Hughes GE; César Luis Ferndndez Valdés — REPSOL 12
I Pulsation optimization by dynamic variable orifice & Recips starting phase selection

by: M. Passeri, L. Guerrini — Baker Hughes GE; C. Rossi, M. Mazzoli — SAIPEM; G. Ferrari — NIDEC;

S. Melis — Florence University 208

BASF

B Compressor Lubricants based on Polyglycol
by: Henrik Heinemann — BASF 242

BURCKHARDT COMPRESSION

B A Novel Poppet Valve Design — The Arrowpoppet

by: Reiner Schulz — Burckhardt Compression 32
B Measuring dynamic pressure of a mechanical seal of a LDPE reciprocating compressor
by: Felix Ragg, Ricardo Cruz — Burckhardt Compression 160

C.S.T. COMPRESSION SERVICE TECHNOLOGY

B New concept lubrication system application on a HP reciprocating compressor
by: Marco Sacco, Pamela Tani — CST; Massimo Maffeis — SIAD; Alessio Scialpi — ENI Refinery 262

CONTENTS BY CONTRIBUTOR




11" EFRC CONFERENCE
September 13-14, 2018, Madrid

COZZANI

1" The challenge of Industry 4.0 applied to a stepless capacity regulation system
by: M. Schiavone, A. Raggi, A. Giampa — COZZANI 6

N

ENI REFINERY

B New concept lubrication system application on a HP reciprocating compressor
by: Marco Sacco, Pamela Tani — CST; Massimo Maffeis — SIAD; Alessio Scialpi — ENI Refinery 26

N

i Application of a Constrained Layer Damping to reduce Pipe Vibrations of a Reciprocating Compressor System
by: André Eijk, Hajo Pereboom — TNO; Jorg Frébel — ESK 17

o

FLORENCE UNIVERSITY

I Pulsation optimization by dynamic variable orifice & Recips starting phase selection
by: M. Passeri, L. Guerrini — Baker Hughes GE; C. Rossi, M. Mazzoli — SAIPEM; G. Ferrari — NIDEC;
S. Melis - Florence University 20

[¢§)

FLUOR

M Engineering approach for world’s largest hydrogen compression system
by: Niek Albers - HOWDEN; Leonard van Lier — TNO; Maarten van der Biezen — FLUOR 10

o

HAUG SAUER KOMPRESSOREN

B New Design of a completely oil-free high-pressure compressor series with a power up to 110 kW and a maximum
pressure of 450 barg
by: Thomas Heumesser — J.P. Saver & Sohn Maschinenbau; Bernd Schmidt - HAUG Saver Kompressoren 9

[eN

CONTENTS BY CONTRIBUTOR




11" EFRC CONFERENCE
September 13-14, 2018, Madrid

HOERBIGER

B Non-Lube operation: Do it right if necessary — a practical guideline and examples

by: Ralf Krich - HOERBIGER 44
B New insight into the wear of packing rings: model, calculation, experiment
by: Andreas Kaufmann, Dr. Tino Lindner-Silwester — HOERBIGER 250

HOWDEN THOMASSEN COMPRESSORS

M Engineering approach for world’s largest hydrogen compression system
by: Niek Albers - HOWDEN; Leonard van Lier — TNO; Maarten van der Biezen — FLUOR 10

[eN

IBERIAN LUBE BASE OILS COMPANY - ILBOC

M Diagnosis of a capacity control problem that appeared randomly
by: Luis Sancho Gémez, Juan José Garcia Pérez — ILBOC 15

N

J.P. SAUER & SOHN MASCHINENBAU

B New Design of a completely oil-free high-pressure compressor series with a power up to 110 kW and a maximum
pressure of 450 barg
by: Thomas Heumesser — J.P. Sauver & Sohn Maschinenbau; Bernd Schmidt — HAUG Sauer Kompressoren %

[eN

KOTTER CONSULTING ENGINEERS

M New adjustable vibration absorber - First application on site
by: Dr. Patrick Tetenborg, Dr. Johann Lenz — KOTTER 18

o

LEOBERSDORFER MASCHINENFABRIK

B Troubleshooting of recurrent cylinder head stud bolt failures on Natural Gas compressors
by: Guillaume Gien, Jean-Christophe Courcol — TOTAL; Wolfgang Voiticek — LMF

N

CONTENTS BY CONTRIBUTOR




11" EFRC CONFERENCE
September 13-14, 2018, Madrid

NEUMAN & ESSER

i Effect of cylinder nozzle location on orifice performance
by: Tim Norden, Gerhard Knop — Neuman & Esser 18

[e¢)

NIDEC

I Pulsation optimization by dynamic variable orifice & Recips starting phase selection
by: M. Passeri, L. Guerrini — Baker Hughes GE; C. Rossi, M. Mazzoli — SAIPEM; G. Ferrari — NIDEC;
S. Melis — Florence University 20

[¢9)

PITPOINT

I Root-Cause Analysis with Digital Twins - Discussion and Application
by: A. van't Wel — PITPOINT; C. Timer, P. Egberts — TNO 7

N

M Influences on Torsional Vibration Analysis of Electromagnetic Effects of an Induction Motor driving a rigidly
flanged Reciprocating Compressor
by: Alessandro Baldussu — Baker Hughes GE,; César Luis Ferndndez Valdés — REPSOL I

N

SAIPEM

I Pulsation optimization by dynamic variable orifice & Recips starting phase selection
by: M. Passeri, L. Guerrini — Baker Hughes GE; C. Rossi, M. Mazzoli — SAIPEM; G. Ferrari — NIDEC;
S. Melis - Florence University 20

[¢3)

B New concept lubrication system application on a HP reciprocating compressor
by: Marco Sacco, Pamela Tani — CST; Massimo Maffeis — SIAD; Alessio Scialpi — ENI Refinery 26

N

CONTENTS BY CONTRIBUTOR




11" EFRC CONFERENCE
September 13-14, 2018, Madrid

STASSKOL

H Calculation of Transient Flow in Sealing Elements

by: Dr. Georg Flade — STASSKOL 24
" Smart Packing
by: Dr. Marc Langela — STASSKOL 58

TECHNISCHE UNIVERSITAT DRESDEN

M Reversible Usage of a Reciprocating Compressor as Expansion Machine by the Application
of new Force Actuated Valves

by: Christian Stéckel, Christiane Thomas, Ullrich Hesse — TU Dresden 120
B Experimental and numerical study on the thermodynamic behavior of a reciprocating compressor

by: Konrad Klotsche, Gotthard Will, Ullrich Hesse — TU Dresden 142

TNO
" Root-Cause Analysis with Digital Twins — Discussion and Application

by: A. van't Wel - PITPOINT; C. Timer, P. Egberts — TNO 72
M Engineering approach for world’s largest hydrogen compression system

by: Niek Albers - HOWDEN; Leonard van Lier — TNO; Maarten van der Biezen — FLUOR 106
M Identification and mitigation of Cylinder Gas Passage Pulsations

by: Lleonard van Lier, Jan Smeulers — TNO 128
i Application of a Constrained Layer Damping to reduce Pipe Vibrations of a Reciprocating Compressor System

by: André Eijk, Hajo Pereboom — TNO; Jorg Frébel — ESK 170
I Mitigation and resolution of piping vibrations of a critical hydrogen make-up reciprocating compressor

by: Smail Haddadi, Jozef Van De Peer — TOTAL; André Eijk — TNO 222

TOTAL REFINING & CHEMICALS

M Troubleshooting of recurrent cylinder head stud bolt failures on Natural Gas compressors
by: Guillaume Gien, Jean-Christophe Courcol - TOTAL; Wolfgang Voiticek — LMF

N

CONTENTS BY CONTRIBUTOR




11" EFRC CONFERENCE
September 13-14, 2018, Madrid

I Mitigation and resolution of piping vibrations of a critical hydrogen make-up reciprocating compressor
by: Smail Haddadi, Jozef Van De Peer — TOTAL; André Eijk - TNO 222

WOOD

i Effects of pipe strain on vibration in reciprocating compressor systems
by: Ramin Rahnama, Kelly Eberle, Steven Crocker - WOOD 230

WROCLAW UNIVERSITY

i Modelling of transmission loss characteristics of reactive pulsation dampers
by: Urszula Warzyfska, Wactaw Kollek — Wroctaw University 198

CONTENTS BY CONTRIBUTOR




HYDROGEN
COMP "““L))\J r’JJf
MULTIPLENEEDS

HYDROCRACKERS

Authorized OEM supplier for reciprocating compressor lines:
BOYSIg PENN

s Be @“’m i RSB BX /o, HALBERG Demag FHo@r [ositt o, W Frocess |



e DR —— )

HOFER manufactures diaphragm and hydrau-
lically driven piston compressors, and offers
high-pressure piping systems with threaded
connections. Perfectly tight even under vibra-
tions from hydrocrackers.

STASSKOL supplies sealing elements such

as intermediate packings as well as guide

and piston rings based on in-house materials
for lubricated and non-lube hydrogen piston
compressors. PEEK materials are ideally suited
for high gas pressures and thus high mechanical
loads during the hydrocracking process.

NEA X connects engineering and digital
technology. Its solution provides Condition
Management with OEM expertise, transferring
intelligent service and diagnostics to tangible
values: optimized assets availability, more
time to plan right actions, and improving
profitability.

NEUMAN & ESSER GROUP

WwWww.neuman-esser.com



AVAILABILITY AND RELIABILITY 4 I

Q ToTAL @LMF

Troubleshooting of recurrent cylinder
head stud bolt failures on Natural Gas
COMpressors

by:
Guillaume GIEN Jean-Christophe COURCOL
Rotating Machinery Engineer Expert & Head of Rotating Dpt
TOTAL Refining & Chemicals TOTAL Refining & Chemicals
Harfleur, France Harfleur, France
guillaume.gien@total.com jean-christophe.courcol@total.com
Wolfgang VOITICEK

Director Bare Block
Leobersdorfer Maschinenfabrik GmbH
Leobersdorf, Austria
Wolfgang. Voiticek@lmf.at

11" EFRC CONFERENCE
September 13-14, 2018, Madrid

Abstract:

This paper is presenting the historical record of two Natural Gas reciprocating compressors (1-stage,
2-throw), feeding a Steam Methane reformer Unit, since start-up in 2006. These compressors have
suffered numerous stud fractures on all four heads, went through various stud upgrades implemented
without success. Finally, an FEA analysis revealed the root cause of the failure, the failure mechanism,
and the final design upgrade to solve the problem will be presented.

The compressors have been running without further stud fracture since June ’16.
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1 Introduction

Those 2 API 618 reciprocating compressors (1-
stage, 2-throw) have been commissioned and
started-up in 2006. They feed natural gas to a Steam
Methane Reformer unit producing pure hydrogen for
a Hydrocracker Unit. Both compressors are running
parallel from 28barg to 44barg. Soon after start-up,
the first cylinder head stud bold started to fail.

Numerous fractures have followed:

. July 2008: 1 Bolt fracture on
cylinder west of compressor B

. February 2009: 2 Bolt fractures on
cylinder west compressor B

. April 2010: 1 Bolt fracture on
cylinder west of compressor A

. April 2010: 2" Bolt fracture on
cylinder west of compressor A

. August 2015: 1 Bolt fracture on
cylinder east of compressor B

. February 2016: 2 Bolt fractures on

cylinder west of compressor B

At first, a trial and error approach has been taken
including preventive replacement of complete bolt
sets during opportunity stops (catalyst change). A
number of combinations of stud materials and thread
executions (machined or rolled) at various torques
have been tested without success.

There was a real safety issue on top of the
availability issue. Up to 2 studs out of 12 had already
been simultaneously found broken.

The risk of cylinder head projection was real.

Picture 1: front view of cylinder head with the
location of broken studs

The studs were always breaking on the last thread
screwed in the cylinder, at the contact surface
between cylinder and head.

[

h.k :
3 5]

Picture 2: broken studs

Fracture face analysis revealed fatigue failure of the
studs with crack initiation in the root of the thread.

When the problem was raised to the attention of the
central troubleshooting team of the USER, after the
February 2016 fracture, the decision was made to
involve the OEM in a proper root cause analysis in
order to solve this reoccurring problem.

2 Root cause analysis process
2.1 Problem Statement

Under normal assembly behaviour, the bolts only
withstand the axial preload applied during the initial
tightening. This preload must be higher than the
forces applied to the assembly in service. The faced
fatigue failure means that additional alternating
stresses were applied to the bolts in service. The
following study explains were they came from.

2.2 Finite Element Analysis

Cylinder head has been newly drafted in 3D since
the original drawing was 2D. A Finite Element
Analysis of the cylinder head assembly has been
performed to better understand the behaviour of the
assembly in service.

Figure 1: 3D model
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2.3 Results

This analysis, based on a simplified model, has
revealed that the cylinder head was too flexible and
its flange was bending through the pressure efforts.
As aresult of this bending, the nut was pivoting with
the head surface and introducing bending moment on
the studs on top of the tensile stresses. This bending
was alternating at the same frequency as the pressure
variation in the cylinder.

Head flange ,-'
flexion
«—> .
Head Piston
—e
<«
S | S| i ol [ (SR

Figure 2: Sketch of cylinder head flange bending

Figure 3: Cylinder head deformation

Figure 4: Bolt bending

As a result, the stress level in the stud section was
not evenly distributed and variation up to 25% was
noticed across the section.

Figure 5: Uneven stress distribution in bolt sections

These alternative bending stresses on the stud
initiated fatigue cracks on the thread root that were
propagating and eventually leading to studs fracture.

The head flexibility had been underestimated and the
additional bending stresses in the studs had not been
considered.

Fatigue endurance had not been checked and only
the static safety factor of 2.4 of the studs was
calculated based on maximum gas load.

800

640 -
480

320_.

Stress, MPa

160

1E+0 1E+1 1E+2 1E+3 1E+4 1E+5 1E+6 1E+7
N, eycles

Figure 6: Wéhler S/N curve for class 8.8 stud
showing finite life cycles

After more in-depth calculation, the existing design
was meant to break.

3 Design modification

3.1 Stud modification

Considering the problem, the decision was taken to
increase the stud length to increase pre-stretch and
improve tolerance to bending. A design with reduced
shank according to DIN 2510 with rolled threads
was considered.
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Figure 7: DIN 2510 stud with reduced shank

The material grade was changed from 8.8 to 12.9 and
the torque has been increased from 180Nm to
210Nm

This was providing an increase in safety factor
considering gas load from 2.4 to 3.5.

A set of cylindrical spacers was added under the nut
of the assembly.

The head deflexion was checked with this new
assembly, but although some improvement was
there, we could still note up to 0.025mm deflexion
of the head flange at the nut location and 13% in
stress difference across stud section.

Figure 8: Cylinder head deflexion with extension
sleeves

Modification of the cylinder head was also required
to limit the deflection.

3.2 Cylinder head modification

Since the root cause was the head flange flexibility,
the modification of the head appeared necessary.

Two options were possible:

—_—

Manufacture new heads with thicker flanges

2 Stiffen the existing heads by introducing
reinforcement ring in place of the cylindrical
spacers

Option 2 was selected since it was quicker and
cheaper to implement.

Figure 9: Cylinder head deflexion with the
reinforcement ring

With the reinforcement ring in place, the deflexion
of the head flange at the nut location was limited to
0.009mm and the difference in stress across the stud
section limited to 2N/mm?.

Figure 10: Even stress distribution on bolt sections

The below fatigue calculation using Modified
Goodman Curves are showing the improvement
provided by the new design.
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e Reduction in alternating stress provided by
reinforcement ring and higher stud preload
(torque).

o Increased Modified Endurance Limit
provided by higher material grade.

Curves BeforefAfter Medification

£ g

-

Alternating Stress {MFPa)
55 bBH

e & 88

o 0 A0 (3t B0 1000 1200 1400
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Figure 11: Fatigue calculation comparison
before/after modification

3.3 Final design modification

Based on above simulation and calculations the
design was modified as per below table.

Old design New design
Studs DIN 939 DIN 2510
Length M16 x 60 M16 x 100
Grade 8.8 12.9
Torque 180 Nm 210 Nm
Bolt thread machined rolled
Yield Stress 640 MPa 1080 MPa

Table 1: design comparison

Figure 12: Final head assembly design with
reinforcement ring, extended studs of higher
material grade

Figure 13: Cylinder head deformation after
modification

3.4 Implementation of modification at
site

Parts have been manufactured in due time by the
OEM in order to install them on all 4 cylinders
during an opportunity stop in May 2016. For easier
assembly at site considering cooling water piping
connected to the head, the reinforcement ring was
cut in 2 identical sectors.

Picture 3: New reinforcement ring and studs

8 1
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Picture 4: Front view of new reinforcement ring and
studs after installation on the head

S|

Picture 5: Side view of new reinforcement ring and
studs after installation on the head

Since the modification was implemented in May
2016, the compressors have been put back into
service and no further stud fracture has been faced.
Daily operator visual inspections of the heads and
studs are carried out and preventive non-destructive
examination of all sets of studs is scheduled for the
next major overhaul.

4 Conclusion

Design issues can sometimes be encountered in the
early stage of a newly commissioned compressor.
Operators shall always make aware the OEM of
those problems and a joined effort often leads to a
successful design modification. A reliable machine
is mandatory for safety and availability point of
view.

Stud fractures on reciprocating compressors are not
uncommon due to the alternating forces applied to

them. Great care should be taken to apply the right
lubricant and torque during the assembly in order to
get the correct pre-stretch of the stud and avoid the
alternating stress.

As a consequence of these findings, OEM have
improved the design process of the cylinder unit. An
additional calculation step has been added to the
calculation process, on top of the common pressure
calculation of the cylinder head (and valve covers).

It is now mandatory to calculate the bending
deflexion of each cylinder head and valve cover. The
acceptance criteria is defined as 0,01mm maximum
deflexion for the cylinder head and valve cover.

Following above design process improvement, all
tailor made compressors delivered between 2005
and 2015 have been scanned and recalculated to
check compliance with new acceptance criteria. In
two cases, the cylinder head had to be modified due
to non-compliance.

Since the implementation of this additional
calculation step, no further failure of the cylinder
head stud bolts was reported.
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Abstract:

In literature, the Electromagnetic Spring (EM) effect on induction motors driving Reciprocating
Compressors is well known. This influence has been studied on trains with torsionally-soft couplings
that led to the shift of the 1% Torsional Natural Frequency (TNF) and the growth of a new rigid mode, i.e.
TNF-0, with a very low frequency value. Usually, in rigidly coupled trains, the latter effect is considered
negligible.

This paper is aimed at presenting a practical example where the rigid mode growth, due to EM effects,
generates electro-mechanical resonance that implied unacceptable current pulsation fluctuations.

The train had been originally designed according to API 618 criteria using a purely mechanical lumped
masses model. To understand the impact of the rigid mode, i.e. TNF-0, a new model, which includes the
Electromagnetic Spring effect influence, has been developed. To validate the study two sets of Torsional
Natural Frequencies measurements have been recorded, i.e. before and after the corrective actions had
been implemented.

On rigidly flanged single bearing induction motors the EM effects can be neglected if the driver and
driven Inertia ratio (Ir) is high. The field data collected on a refinery application driving a Reciprocating
Compressor (RC) have shown that the influence of EM effects is affected by the accuracy of driver’s
mechanical parameters. To properly design a new unit or develop adequate corrective actions, the mode
shapes and their variations, according to Inertia ratio, must be considered fitly. Moreover, the position
of the 1st TNF node influences the dynamic response of the train if in correspondence of the driver’s
spider shaft section.

The aim of this paper is to provide guidelines for additional checks, required during Torsional Vibration
Analysis (TVA) when dealing with the above-mentioned configurations particularly when the driven
equipment inertia is much lower than the driver inertia.
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1 Introduction

In Murray, Howes & Zacharias' one of the first
system approaches to torsional analysis has been
presented. In this archetypal work, the primary focus
was to consider the total effect of the interaction of
the train components, from a purely mechanical
standpoint, in order to avoid the delays caused by the
temptation of designing a compressor based on rules
of thumbs. Late after, Knop? have analysed the
importance of motor dynamics in reciprocating
compressor. This study concludes that the analysis
of motor air gap torque should be included into the
purely mechanical model. The EM effect has been
modelled using a stiffness parameter and a viscous
damping parameter connected between the driver
rotor core and the ground. The former parameters
imply that the shift of the 1 TNF, and the latter
connection introduces a TNF-0 or so-called rigid
mode that has typically a very low frequency.
Holopainen et Al> have completed the study
considering the modelling, the analysis and the
design of electric drives as a part of torsional
systems. The subject has been reviewed from a broad
perspective aimed at helping rotor-dynamic
professionals without a background on electric
drives. Finally, analysis and design guidelines were
proposed throughout the paper.

Unfortunately, even nowadays the above-mentioned
holistic approach that integrates electric drivers,
frequency converters -if present-, and electric
network -including transformers- it is extremely
time consuming. Moreover, the required cross-
functional design is not yet ready to be addressed by
actual organizations. These are the reasons why
simplified electro-mechanical approaches are still
used in the industry.

Hauptmann, Eckert & Howes* - Brunelli et AL3
widely presented the theoretical background of the
influence of torsional vibrations of EM effects across
induction motors air gap. These fluctuating electro-
magnetic torques at the rotor turn into current
pulsations in the stator winding. Hauptmann, Eckert
& Howes® proposed an approximated method for
calculating this dangerous phenomenon. Feese &
Kokot” used the above-mentioned simplified
approach  driving  their attention to the
recommendations for reciprocating trains using
flexible couplings.

Upon the completion of the analysis of the existing
literature on this topic, it was found out that no
specific studies had been developed to address the
impact of the EM effect for rigidly coupled RC
trains.

This paper focuses the attention on the growth of the
rigid mode, and the consequences of electro-
mechanical resonances for rigidly flanged
reciprocating compressor trains driven by induction
motors.

2 Torsional Design

According to API 618, TNFs of the complete driver-
compressor system shall not coincide or be too close
to any frequency of a periodic forcing phenomenon
(excitation) applied to the rotor system. The
intersection of a TNF with a periodic excitation may
hinder the operation of the complete unit creating
excessive vibrations. In the next paragraphs the
process used to perform the torsional design of the
train will be presented.

2.1 Mass Elastic Modelling

Due to the high complexity of the reciprocating
compressor train, an equivalent model is composed
by a series of flywheels representing both the
crankshaft and the connected parts. A crankshaft
mass-elastic model is typically created by lumping
the inertia at each throw and calculating the
equivalent torsional stiffness between throws. The
flywheel, always present from a torsional point of
view, can be represented by a single concentrated
mass with mass polar moment of inertia.

Double-bearing electric motor drivers are always
connected to the RC via a flexible coupling, whereas
single-bearing motors are rigidly coupled to the
compressor. If a flexible coupling is present the most
appropriately way of modelling is by means of a
single torsional spring. The coupling vendor
provides the torsional stiffness and the
correspondent inertias of the relevant coupling
halves at each end. In case of double row rubber
coupling, the model is composed of 3 masses and 2
torsional springs. It is important to note that the
stiffness of elastomeric couplings is 1 to 2 orders of
magnitude smaller than that of the other shaft
intervals.

The drivers are usually modelled with a single
lumped mass and with an equivalent torsional
stiffness of the shaft interval i.e. from the rotor
windings centre to the drive end flange. Internal
motor fans —if present- are modelled as single
lumped masses

CYLINDERS INTERNAL EXTERNAL
/ A \ FAN FAN

R N N (D I A
A S S U O O

FLYWHEEL ROTOR CORE

Figure 1: Lumped mass Reciprocating Compressor
Train Model

Figure 1 represents the lumped mass model of the
BHGE Nuovo Pignone Reciprocating Compressor
system installed in a REPSOL refinery.

The compression train under study is composed of a
4-cylinder compressor, a flywheel (i.e. mass No. 5)
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which is directly flanged on drive end side, and a
single bearing electric motor driver (i.e. masses 6 to
8).

The single bearing driver, manufactured by ABB,
has two fans respectively internal and external which
are shrunk to the shaft. The drive end side is rigidly
flanged with the RC flange and the flywheel with
calibrated tie rods. In this case, a dedicated lumped
masses and relative torsional interval stiffness have
been developed to properly determine the torsional
response of the train.

After the determination of the lumped masses model
a Torsional Vibration Analysis of a fixed speed
reciprocating system can be generally described as a
seven-step procedure (Murray, Howes & Zacharias')

i determine the system’s Torsional Natural

Frequencies (TNFs)

ii. determine the compressor torque effort

iii. predict the amount of interference between
torque effort and TNFs

iv. evaluate the torsional forced response,
including damping

V. modify the system until stress is acceptable

Vi. evaluate electrical current pulsations, and

remodify the model if necessary

vii. confirm results over the range of operating
conditions.

In the process described above there is a single
parameter that can be largely modified in order to
define the final torsional design i.e. the flywheel
inertia.

In the next section the flywheel selection, and the
consequences on the train dynamic response of its
modification, will be presented.

2.2 Flywheel Selection — Torsional Design

Once the reciprocating compressor has been
configured, i.e. cylinder diameters, ballasts masses,
phase delay, cylinder disposition, etc. the inertia of
the first section of the compression train is defined
and no further modifications are possible.

After the evaluation of the necessary power to
execute the compression work and according to the
electrical net characteristics, the driver frame is
selected and the correspondent rotor core inertia
value and torsional stiffness are mostly defined.

In accordance with the point v. from the process
described in the previous section a Flywheel (FW)
mass is usually inserted between the compressor
drive end side and the driver. In fact, the FW allows
to adjust the whole train inertia. A proper selection
is necessary to prevent running in a state of
resonance. In addition, the flywheel inertia is
selected to limit the train irregularity degree to

acceptable values, preventing excessive current
variations in the electric motor windings, and thus in
the electrical network which may affect other
equipment connected to the same electrical system.

Finally, in a directly flanged reciprocating
compressor train, which uses a single bearing driver
configuration, the flywheel results the simplest
single component to be replaced if a problem of
resonance occurs in the field.

The next sub-sections will present the design steps
followed during the torsional design of the
compression train developed by BHGE for
REPSOL.

2.2.1 SMALL Flywheel Design

During the first torsional design it was selected a
flywheel with a small inertia value compared to the
driver inertia. Equation No. 1 defines the inertia ratio
between the driver and the driven components:

Driver Inertia

= RC + FW Inertia Formula (1)

Ir

For the SMALL-FW configuration, the Ir = 9.35,
which implies a big prevalence of the driver inertia
respect to the driven one.

ROTATION SPEED CAMPBELL DIAGRAM
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Figure 2: Campbell Diagram — SMALL Flywheel

In this case the TNFs are positioned outside the API
range (i.e. up to and including the 10" harmonics).
The selection allowed to reduce the torques on the
driver’s shaft due to a reduced harmonic contribution
of the higher frequencies.

The Campbell diagram is represented in Figure 2
with the API bands highlighted in red. The 1% TNF
is indicated with a blue dotted line.

14 |
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In accordance with the mass numbers presented in
Figure 1, the following graph shows the first three
mode shapes of the SMALL-FW train design.

Maode Shapes - SMALL Flywheel
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Figure 3: Mode Shapes — SMALL Flywheel

2.3 Current Pulsation Phenomena

In the presented design, i.e. SMALL FW, all the API
requirements and BHGE internal criteria and design
standards had been applied, including:

1. TNFs separation margins
2. Torques limitations for fatigue life
3. TIrregularity degree

In spite of having achieved acceptable values for all
the above-mentioned design parameters, the when
the compressor train was commissioned in the
refinery it suffered extremely high current
variations. In fact, the pulsations reached values
higher than 80% versus the 40% allowed for this
type of motor design, and the absorbed current
pulsation stopped the commissioning activity until
the identification of the necessary corrective actions.

In order to exclude a wrong estimation of the
torsional natural frequencies of the train, a set of
field measurements have been performed. The 1%
TNF presented a A = 0.3 [Hz] i.e. 0.5% accuracy
between the predicted value and the measured one.
This finding allowed to conclude that none
uncertainty in the mass-elastic system, concerning
the real train properties, have been introduced.

Feese & Kokot” deeply analysed the electromagnetic
effects on TNFs for induction motors driving
reciprocating compressors with a soft coupling.

Description Variable
Number of stator poles N;
Breakdown motor torque Tp
Rated full load torque Tk
Freq. of superimposed torsional vibration ®
Electrical supply frequency Q
Slip at rated speed S:

Table 1: Data from Electric Motor Manufacturer

It is important to note that in the relevant literature
this effect was not considered relevant for direct
flanged connections.

Due to the elevated level of current pulsation
reached by the SMALL-FW configuration on field it
has been decided to apply the simplified formulation
presented by Feese & Kokot’ reported in Table 1 and
formulas 2, 3 and 4 in order to verify the influence
of EM effect.

The electrical time constant is:

=) ()G

The EM Stiffness is defined as:

Formula (2)

(o TL)Z

Ko = Ny Ty o
S (N N D)

Formula (3)

The EM Damping is calculated per:

T

Cem =Kem'm
L

Formula (4)

Applying this simplified formula on the SMALL-
FW configuration, there is the growth of a TNF-0
with an extremely low value i.e. 4.39 [Hz] that has a
separation of c.a. 11% with respect to the RC rated
speed.

Figure 4 shows the Campbell Diagram, including the
Rigid Mode i.e. TNF-0.

ROTATION SPEED CAMPBELL DIAGRAM
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Figure 4: Campbell Diagram — SMALL-FW
Considering Rigid Mode i.e. TNF-0

On the other hand, the shift of 1%t TNF, on direct
coupling connections, is extremely limited (<2%)
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which can be considered acceptable respect to the
actual calculation tools tolerances.

In order to draw a correct conclusion, a key aspect
have to be taken into account, the formulation used
to calculate the EM effects is an approach derived by
an approximate electro-mechanical approach. This is
the reason why the API separation margin for 1%
TNF i.e. +/-10% is not sufficient to guarantee the
absence of electromechanical resonances.

Based on the field experience, in order to avoid any
possible resonances, in absence of other design
practice or indications, for TNF-0 it has been
decided to consider for the new designs a separation
margin of +/-30% respect RC rated speed.

3 Design Optimization

Starting from the assumption about the correctness
of the mass-elastic model used to predict the TNFs it
has been developed an optimization that considers
only the mechanical parameters. This calculation
model has been used to reach the correct separation
margins and respect the minimum inertia required by
the driver to limit the current pulsation.

3.1 FW Selection — Corrective Action

The next sub-sections will present the design steps
followed during the corrective actions development
for the compression train installed by BHGE for
REPSOL after the current pulsation issues.

3.1.1 BIG FW Design

To solve the current pulsation issue, it has been
selected a second flywheel i.e. BIG-FW, with an
inertia value similar respect the driver inertia. The
Inertia ratio for this configuration is Ir = 1.198
which implies an equilibrated ratio between the
driver inertia and the driven one.

ROTATION SPEED CAMPBELL DIAGRAM
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Figure 5: Campbell Diagram — BIG Flywheel

The TNFs of BIG-FW design are positioned inside
the API range i.e. between the 7™ and 8" harmonic

with an adequate separation margin as per API
recommendation in order to properly avoid
uncertainties in the system mass-elastic properties.

The Campbell diagram is represented in Figure 5
with the API bands highlighted in red. The 1% TNF
is indicated with a blue dotted line.
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Figure 6: Mode Shapes — BIG Flywheel

In accordance with the mass numbers presented in
Figure 1, Figure 6 represents the first three mode
shapes of the BIG-FW train design.

Finally, the FW selection allowed to remain within
the allowable alternating torques limits on driver
shaft as per driver manufacturer indications.

3.2 Mechanical Resonance Phenomena

For the BIG-FW design configuration all the
requirements according to API criteria and internal
design standards have been applied:

1. TNFs separation margins
2. Torques limitations for fatigue life
3. Irregularity degree

Moreover, two new requirements have been
implemented:

a. Minimum driven inertia i.e. RC plus FW
b. Maximum allowable FW weight

The requirement (a). has been introduced to reach
the minimum value of inertia required to limit the
current pulsation according to driver manufacturer
calculations i.e. <40%

On the other hand, requirement (b). allowed to use
the available driver without modification on bearing
supports.

As per the previous design, none of the above-
mentioned design checks had unacceptable values,
but the train, after the corrective action i.e. the
installation of the BIG-FW, suffered by extremely
high alternating torque fluctuation problems.

So much so, that the torque pulsation on driver shaft
reached values higher than the fatigue life values
allowed for this driver’s design and to guarantee the
shaft line life it had to be defined a non-fly zone for
partial loads.

16 1
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In order to understand the reasons behind this
unexpected behaviour of the compression train a
second field measurements campaign was
performed.

The 1 TNF presented a A = 1.9 [Hz] i.e. 4.8% this
allowed to deduce that important uncertainties in the
system mass-elastic train properties have been
introduced.

3.3 Sensitivity of mass-elastic parameters

According to Murray et Al.3 the shaft torque and the
corresponding stresses in a drive direct coupled
reciprocating compressor system are significantly
influenced by the system’s mass-elastic properties.
In this case the fully match during the first field data
versus the predicted TNF led to exclude the
uncertainties.

In order to study the reasons why the second field
data surprisingly presented a big error in the TNF
prediction a Design Of Experiment (DOE) with the
variation of all the parameters of the train has been
conducted. A set of three torsional models have been
tested:

A. FW variation (SMALL/BIG FW)
B. Driver’s parameters variation
C. RC’s parameters variation

Model A, FW variation, has been primary used to
define the corrective action but due to the
discrepancy encountered in the second field data set
respect to the predicted TNFs values no predictivity
can be assigned to this set of values. The DOE results
are reported in Table 2.

Variations

CALCULATED MEASURED

HZ HZ | AHZ | ATNF1
159 g0.87 80.57 | -0.3 0.50%
73 3T12 3900 19 | -4.82%

DRIVER | RUNS

MODEL
A =

Table 2: Model A — SMALL/BIG Flywheel DOE

In Murray et Al® a set of uncertainties bands have
been identified and specifically with the Rotor
Spiders/Bars/Lamination design a stiffening effect
and an underestimation of the inertia have been
recognized. In order to validate this assumption, a set
of values combinations i.e. driver shaft stiffness and
rotor core inertia have been studied. In Table 3 the
results of the best set of values considered in the
plausible values space have been presented.

Variations

CALCULATED | MEASURED
MODEL HZ HZ AHZ ATHF1
B 6130 | 6050| 07 | 1.17%
38.85 39.00 0.1 -0.368%

Table 3: Model B — Driver’s parameters DOE

Finally, to verify the parameters used for the
compressor modelling a set of values combinations
have been studied. In Table 4 the DOE results show
that none of the combinations of values considered
has been able to properly predict the TNF measured
at site.

'MEASU_RED
Hz | aHZ | aTWF1
RBINO0 | 6057 |-0.¥8. A
__WO0TS | 3900 | 24115 |-6.10%-3.85%

Table 4: Model C — RC’s parameters DOE

3.4 Mode Shapes Analysis

The DOE of Model B allowed to identify, in the
mechanical driver’s parameters, the presence of
uncertainty in the values used during the calculations
carried out to define the corrective action as per the
BIG FW design.

Wang, Feese and Pettinato’ defined a comprehensive
list of uncertainties in modelling that can be divided
into errors and variations.

In their list some errors have been identified in the
mechanical’s driver parameters but none of them
allowed to understand why using the same torsional
model A, a set of field data has been in accordance
with the predicted values i.e. SMALL-FW Design
and the other is not i.e. BIG-FW Design.

A deep analysis of the mode shape variations,
allowed to understand that the position of the 1 TNF
node is a function of the Inertia ratio presented in
formula 1. In fact, the 1% TNF node moves along the
shaft line depending on the value assumed for Ir. The
relative position influences the dynamic response of
the train especially if the node is in the proximity of
the flexible elements such as the driver’s shaft
spiders. Therefore, especially in the case of direct
coupled induction motor, this ratio can have
different weights in the uncertainty influence of the
driver’s mechanical parameters.

Figure 7: 3D Model of driver shaft
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In Figure 7 a 3D driver’s shaft model is presented
with a schematic representation of the internal fan
i.e. the thin disc on the left side between the drive
end flange and the rotor spiders.

The rotor spider design has a stiffness between the
flange and the rotor core, i.e. section 6-7 according
the mass numbers used in the model represented in
Figure 1, that is c.a. 200% respect to the stiffness of
the section between the flange and the internal fan
i.e. section 5-6. The latter is comparable with the
compressor shaft section that led the rotor core to
have a stiffness predominant respect to the other
sections.

Moreover, in the SMALL-FW design the rotor core
has an inertia that is c.a. 10 times respect to the load
inertia i.e. RC + FW.

Analysing the mode shape presented in Figure 3 it is
possible to identify that the rotor core features are
predominant in the deformation. In fact, the rotor
core reacts “like a wall” that is absorbing all the
deformation accumulated by the compressor during
its operation. In the SMALL-FW configuration, the
flywheel inertia is not able to absorb the energy
given by the inherent irregularity of the reciprocating
machine. The result is an absence of rotor core
deformations that oscillates with the same
irregularity of the RC flange leading high current
pulsation levels.

Figure 8: FEM Analysis of driver shaft

On the other hand, analysing the mode shape
presented in Figure 6 i.e. BIG-FW design it is
possible to identify a complete different behaviour.
In this case the driver has an inertia that is
comparable to the to the load inertia i.e. Ir = 1.

The deformation of the 1% TNF is mostly
concentrated in the section between the FW and the
drive end side of the motor shaft. In fact, the higher
FW inertia is able to absorb the energy given by the
inherent irregularity of the reciprocating machine
limiting the level of oscillation on the rotor core.

It can be noted that, on the 1% mode shape the RC
side deformations are practically constant. In fact,
only the deformation of the rotor spiders section

introduces a significant contribution in the dynamic
behaviour of the train.

The BIG-FW design, compared to the SMALL-FW
one, shows that the rotor core stiffness influences the
dynamic behaviour of the entire train. In fact, due to
the comparable inertia of the driven and the driver
loads, this results in a higher deformation of the rotor
core section, and the latter aspect results
fundamental in the dynamic behaviour of the train.

According to the fact that the rotor core section with
the spiders has a stiffness, which is roughly. double
in respect to the other sections, a small uncertainty
causes big impacts on the predictivity of the model.

AN R

\\\\‘

\

Figure 9: Rotor Core 3D model fully featured

To take into account properly this aspect and avoid
mistakes in the prediction a detailed FEM analysis
of the spider shaft section has been developed (Fig.
8). The results showed a discrepancy on the rotor
stiffness approximatively of 13.5% compared to the
values used during the design phase.

Finally, a 3D rotor core model, fully featured, has
been developed (Fig. 9) and a discrepancy on the
relative inertia of -9%, has been identified.

4 Field Data — Model D Validation

In order to validate the hypotheses, the calculations
and all the considerations done during the
development of this project a new set of field data
measures has been carried out.

A new Model D, which uses the revised driver
mechanical parameters has been developed. These
values have been obtained using a FEM analysis to
calculate the stiffness and, a fully featured 3D model
to evaluate the rotor inertia.

The model D differs from model A only for the
updated driver mechanical parameters. In fact, none
variations have been introduced on the RC
parameters, which have been originally obtained by
means of FEM analysis and 3D CAD modelling.

With this new set of values, the 1% TNF is exactly
positioned in between 7" and 8" harmonic in
compliance with API margins.

18 |
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In Table 5 the comparison between the expected 1%
TNF value and the measured one is presented.

1st TNF [Hz] — TVA ANALYSIS 1st TNF [Hz] - MEASURED
38.91 36.90

Table 5: Model D — expected vs measured 1*' TNF

Furthermore, in Figure 10 the results of the strain
gage field data with the indication of the 1% and 2"
TNF during the shutdown are reported.

Theoretical torsional Model D provides a full match
of the measured 1% TNF with an accuracy of 0.03 %
(difference = 0.01Hz).

Torque - Strain gage

Figure 10: Torque — Strain gage measurements

5 Conclusions and Recommendation

In case of reciprocating compressors trains driven by
directly flanged induction motors, the uncertainties
on the mechanical driver parameters is a function of
the Inertia Ratio defined in Formula (1).

This error is characterized by a different influence as
a function of the selected configuration. In fact, with
the /r variations — driven vs driver inertias — and the
relative position of the 1 TNF node, the dynamic
response of the train varies.

When Ir is close to 1, the uncertainties on stiffness
and inertia of the driver can lead to wrong
estimations of the Torsional Natural Frequencies.

On the other hand, if the driver inertia is much higher
than the RC + Flywheel inertia, the uncertainties on
driver shaft stiffness do not introduce errors higher
than the acceptable calculation tolerances in the
estimation of the Torsional Natural Frequencies.

In the former case (i.e. Ir close to 1) it is necessary
to perform an evaluation of the motor dynamics
effect due to the Electro-Magnetic Field Effect. This
analysis, for synchronous motors, can be also
performed according to the simplified formulations.
For example, in Feese & Kokot is present the most
suitable one to foresee and avoid any possible
electrical resonance in respect to the rotating
compressor speed.

5.1 TVA Design Procedure

In order to properly execute a torsional design of a
fixed speed reciprocating system, after the
determination of the Iumped masses model,
preferably using FEM analyses and the 3D
modelling of all the components, the Torsional
Vibration Analysis generally described as a seven-
step procedure by Murray, Howes & Zacharias' can
be improved adding the following verifications
steps:

i. determine the system TNFs

il. determine the compressor torque effort

iii.  predict the amount of interference between
torque effort and TNFs

iv. evaluate the torsional forced response,

including damping
v. verify the Ir = driver/RC+FW ratio

a. Driver Inertia c.a. equal to
RC+FW  inertia: verify the
uncertainties on the mechanical
properties of the driver shaft

b. Driver Inertia >> RC+FW Inertia:
apply the simplified formulation
of electromagnetic effects to
verify:

i. Electrical resonances
ii. Angular oscillation level

vi. verify the mode shapes variations and the
position of 13 TNF node according to the Ir
= driver/RC+FW inertia ratio variation

vii. confirm results over the range of operating
conditions

In case of trains configured as follows:

- direct flanged
- rigidly coupled
- induction motors

the separation margin between the TNF-0 i.e. rigid
mode, calculated by means of electromagnetic effect
simplified formulas, must be bigger than +/-30%
respect the rotating compressor speed.

The above-mentioned separation margin has been
decided after the analysis, with the simplified
formulation of the EM effect, of more than 30 BH-
GE Nuovo Pignone Reciprocating Compressor
Trains installed on the fleet, rigidly coupled and
driven by induction motors provided by different
manufacturers.

In fact, the only train which encountered the
pulsation current problem phenomena has been the
one with the value of separation margin lower than
30% of the TNF-0 respect to RC the rated speed.
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5.2 Recommendations

During the torsional design phase, it should be
considered the electromagnetic effects on TNFs also
for motors driving reciprocating compressors with
direct flanged.

Special attention must be paid to the correct
calculation of the torsional stiffness since the spider
shaft core stiffening contribution is difficult to
predict.

The motor manufacturer must provide the shaft
detailed drawing including the inertia and stiffness
parameters calculated considering a tolerance lower
than £5% in order not to affect the predictability of
the torsional model.
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Abstract:
The consideration of transient flow behavior in reciprocating compressors is getting more and more
important. This applies to piston rod packings and piston rings as well as to other design elements
of the compressor system. The numerical calculation of dynamic pressure effects at the compressor
sealing elements was already presented in numerous papers. The main focus had been on unsteady flow
behavior in labyrinth packings or on leakage rates over labyrinth pistons. By using measurement results
of the compressor testbed, the theoretical model can be adjusted to calculate the non-steady behavior of
standard contacting packing rings as well as to calculate the flow through contacting piston rings. The
calculation results are used to define design criteria for rings and packings such as:

B Use of pressure breaker rings depending on application parameters

B Pressure breaker ring design depending on application parameters

B Number and design of pressure relief grooves for rider rings

In addition to the utilization during the design phase, the calculation method can be used for failure
diagnostics of sealing elements in reciprocating compressors.
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1 Introduction

Sealing elements in reciprocating compressors are
exposed to transient boundary conditions.
Obviously, the cylinder pressure varies between
suction pressure and discharge pressure. But, beside
this, there are other influences like external pressure
pulsations or valve fluttering, which lead to high
pressure dynamics inside the compressor cylinder.

Due to fluctuating pressures inside the cylinder, the
forces acting on some of the sealing elements
permanently change their direction. There are
several ways to design the sealing elements that can

resist the fluctuating forces. Other sealing element
de51gns. are able to minimize the pressure Touta J T |_| T T I_
fluctuations. Nevertheless, dynamic forces play an i il g 5 ey
important role as potential root cause for failures of T —l D, |—| P r] P |— Pest
sealing elements. H | .
m;yL ms; myy || Mgy
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T:  (ias temperature
m:  Mass of gas
P:  (ias pressure

Q:  Removal of heat (cooling)

Figure 3: Calculation model for the flow through a

Figure 1: Damaged Figure 2: Damaged piston rod packing
sealing ring caused by spring eye leading to
broken spring spring failure l l l I

Figurel above shows a damaged sealing ring. The
damage was caused by a broken spring. A typical
failure mode of sealing ring springs is shown in
figure 2. The spring wire in the eye is worn off by
the dynamical movement of the spring. In order to
diminish the fluctuation of the pressure leading to
those dynamical movements, pressure breaker rings
that have different design styles are installed in one
or more packing cups at the cylinder end of the
packing. The main purpose of the investigation is to
get a better understanding of the flow dynamics
inside packing chambers. This is to evaluate the
sealing efficiency of different pressure breaker ring
styles and to develop design criteria for piston rod
packings depending on different pressures and
different gases. Apart from the transient flow in
piston rod packings, other questions can be
investigated by using the same method, e.g. the
leakage flow through a passage of piston and guide
rings allowing to define design criteria for rider
bands.

=B

Pewin

V(e

r

Qs

2. Calculation Model

The two figures below show the calculation models
for the flow through a piston rod packing and the

flow over a cascade of piston rings and rider bands. Figure 4: Calculation model for the flow through a
piston ring passage
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The mass balance and the energy balance are
calculated for every chamber of the system including
the cylinders.

The following equations (1) and (2) describe the
thermodynamic condition in each element in the
model above. The heat flux e.g. due to cooling
systems and the gas mass flows between the
different chambers are considered.

dpc _ (1 dTc 1 dve

at  PCl\rcar

1 . .
+—(my —m
Tc dt Ve dt mc( in out)

(M
The term % is the pressure transient in the chamber.

. . dr
The temperature transient of each chamber is d—tc,

av . L
and d—tc stands for the volume transient, which is

zero for all chambers having a constant volume. For
cylinder rooms, this value is to be determined
considering the piston dynamics. All mass flows
coming into the chamber are described by m;,, the
mass flow coming out is 11,,;.

dTc k—=1 1 dpc 1 dVc 1 .
e g (g twe, 1
dt K pc dt Ve at mc
nT, o Tmiy T 2
i=1 "igas,in me me cp Qwall ( )

Min,i

The isentropic coefficient is k. The term T; . .
Gas,in me

stands for every mass flow with the index i, coming
into the chamber multiplied by its temperature
Tiypsim - The heat flux over the wall is considered by

the term Q4. It is a negative value in most cases,
since packing chambers and compressor cylinders
are cooled in most cases. This means that heat then
is removed from the chambers of the model. The
term m, represents the mass of the gas inside the
chamber.

The calculation of the mass flow between two
chambers depends of the type of the sealing element.
Some elements, such as solid pressure breakers,
solid labyrinth elements or sealing elements with
relief grooves do not significantly change their
cross-sectional area when the pressure difference
over the sealing element is changing. For those items
the mass flow between two chambers with index 1
and 2 is calculated using the following equation that
describes the isentropic orifice mass flow.

1 K1
o= AaZe(E) |2 (1- OF )
G

The factor A represents the cross-sectional area of a
connecting element between two chambers. The gas
behaviour is considered by the gas constant R. The
real mass flow can be lower than theoretically
expected due to viscous friction. In case of a
supercritical pressure ratio:
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K

n< (@) @

the pressure p> in equation (3) is replaced by the
critical pressure perit:

Pcrit = P1 (L)& (5)

K+1

On the other hand, the gas mass flow can be higher
as well due to gap-bridging, when pressure is built
up using the speed of the gas after passing the critical
section. Both can be considered by the flow
coefficient a.

Other sealing elements such as contacting packing
rings cannot be handled as orifices. Due to very
small gaps, the Reynolds number is low and the flow
is dominated by the viscosity.

(P12 — D2 ) (6)

A h?

., = g2
1.2 [32417RT1L

The dynamic viscosity is 7, the gap length is
represented by L and h stands for the gap width. As
the contact rings are pressed onto the sealing
surfaces by the differential pressure of the gas, the
gap width depends on the differential pressure of the
sealing element. The principle is discussed in [3]
were diagrams for certain ring configurations are
displayed. According to [3], here the following
correlation between pressure difference and gap
width is used:

(1] 20 40 6l 80 100 120 140

Pressure Difference over Sealing Element in bar®

Figure 5: Sealing gap depending on pressure
difference over sealing element

The mass flow calculated using the gap width taken
from the correlation shown in figure 5 is scaled using
the factor (5 in (6) to meet the measured values for
the leakages. The Reynolds number

Re = 2::1 has to be checked to verify whether the

flow is laminar (Re < 2000)

The third group of sealing elements are represented
by a combination of an orifice having a constant
cross-sectional area and a pressure dependent
contact area. This refers e.g. to piston rings
especially in a partly worn condition, were the open
gap is simulated as an orifice and the contact areas
between liner and ring and between piston and piston
ring are considered using equation (6).
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3. Measurement Equipment and
Adjustment of the Model

STASSKOL has a unique testbed compressor which
allows the test of sealing elements under very
realistic conditions. [4]

Figure 6: Compressor testbed

The compressor testbed is designed to handle real
process gases like bone dry Hydrogen, Nitrogen or
customer specific gas compositions. The gas is
compressed in two cylinder sides per axis and every
compressor axis is equipped with two packings for
material and design tests. As there are no discharge
valves, only the gas leakage over the packings has to
be refilled via the inlet valves.

C ranJ.n: End Cylinder chd. End
Packing cooling Packing
Pressure
Transmitters "{ L il it "
in Each € | !
in Each Cup - | -
-
-
d
Z Piston with
Crank Side rider bend Check valve
and rings i3
i for test gas

inlet

Flanges with purge
gas, vent line and
cooling water
connections
mcluding flow
meters and
lt‘IIllJL‘l'EllLll'E Sensors

Figure 7: Scheme of testbed cylinder
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Every packing is equipped with measurement
equipment such as flow meters for leakage gas and
buffer gas and temperature sensors. The figure
below shows the scheme of a testbed cylinder. The
pressure and the temperature can be measured in
every packing cup.

In the first step, a testbed packing is modelled using
the calculation tool. The direct comparison of
measurement results and calculated values allows
the reverse determination of several influencing
factors which are not accessible easily otherwise.
This refers to cylinder heat transfer coefficients,
which can be estimated considering the total heat
removal. This also applies to effective flow areas
A a and the factor 5 in equation (6) for modelling
packing ring pairs when the measured leakage rate
over the packing is set as an input value to the
program.

4. Comparison between Measure-
ment Results and Calculated
Results

The pressure drop over the different contacting
packing rings is not constant over whole service life
of the packing internals. See e.g. [6]. It depends on
wear condition of every single sealing ring. Thus,
any correlation factors determined for equation (3)
or (6) represent a ‘“snapshot” of the packing
condition. However, those snapshots are very usefull
to answer several questions.

In order to find out the damping efficiency of
different pressure breaker ring styles, measurements
of several designs were made on the compressor
testbed described above. As the compressor testbed
does not have discharge valves, the p-t chart of the
testbed cylinder looks different from the p-t chart of
a typical reciprocating compressor. Instead of having
a suction phase and a discharge phase, we see a curve
looking like a modified sinus-curve. However, by
considering the special testbed conditions in the
calculation model, the measured cylinder pressure
curve can be simulated with the program. As a result
the above mentioned correlation factors can be
determined. .

a0

Measured cylinder
80 pressure

Calculated cylinder
pressure

Measured pressure
afier pressure
breaker

Pressure in bar

Calculated pressure
after pressure
breaker

0 45 90 135 180 225 270 315 360
Crank Angle in *

Figure 8: Measured values of cylinder pressure and
pressure of I’ cup vs. calculated values (example)
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5. “Virtual” Testbed

The measurement results of the test compressor have
to be transferred to the specific operational
conditions of rings and packings. Considering the
parameters, which are proven by measurements, the
sealing elements can be put on a “virtual testbed”.

Using the software, the real compressor operation
including the valves and their throttling, the real
compressor speed and the real compressor
dimension can be considered easily.

It is also possible to set gas pulsations on suction side
and discharge side as boundary conditions.

120 i
Cylinder Pressure
(Boundary Condition)
100

Pressure Cup | (After
Pressure Breaker)

=

Pressure of
Followmng Cups

Pressure in bar
&

&

.‘ . a—

b
=

Atmospheric Pressure

0 45 an 135 180 225 270 38 360
Crank Angle in ®

Figure 9: Cylinder pressure (boundary condition)
and calculated pressures in the packing cups

Using the calculation results, the acting forces on the
packing rings and pressure breaker can be analysed.
This is used to define selection criteria for pressure
breaker ring styles and sealing ring styles. The
software can also be used for root cause
investigations in case of packing failures.

6. Calculation of Flow over Piston
Rings

In addition to the analysis of pressure distribution
inside piston rod packings, it is also possible to do
calculations of pressures and mass flows over a
cascade of piston rings and rider bands. A typical
question is the necessary relief groove area to keep
the pressure difference of rider bands as low as
possible. Amongst other factors like oil distribution,
this is one of the design criteria that determines the
number and shape of pressure relief grooves.

560 mm

— — - —

615 mm

2 Quter Rider Rings 7 Piston Rings

Figure 10: Piston with ring arrangement

The calculation was made for the piston shown in
figure 10. The compressor data are the following:

Piston Diameter: 615 mm
Stroke: 360 mm
Gas: Nitrogen
Speed: 700 rpm

The calculation results show the pressure in every
piston chamber. The pressure difference over the
rider rings is plotted separately on the 2™ y axis on
the right side. The diagram shows that the pressure
difference over both rider rings is showing values up
to 4 bars. This is not resulting in immediate failure
of the rider ring, but the rider ring is designed for
supporting and guiding the piston. As the API 618
[7] requires not to exceed a bearing load of 0,035
N/mm? for non-lube service and 0,07 N/mm? for lube
service, one can see, that the calculated pressure
differences are not negligible. Any additional load to
the above mentioned values should be kept to a
minimum, as the wear reserve of rider rings is lower
than the wear reserve of piston rings that are
designed to withstand pressure differences.

HE Cylinder Pressure CE Cylinder Pressure

— § - 4

(CR

Pressure in bar

Ap over Rider Rings in bar

Pressure Differences over Rider Ring (v-Axis on the Right)

0 43 o0 133 180 225 270 315 260
Crank Angle in ®

Fig. 11: Pressure distribution over the piston shown
in picture 9. 1: HE cylinder pressure, 2: pressure
after HE rider ring, 3...8: pressures between piston
rings, 9: pressure before CE rider ring, 10: CE
cylinder pressure
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The calculation was also done considering a doubled
number of relief grooves.

70

HE Cylinder Pressure CE Cylinder Pressure
P —

\ 4
60

Pressure in bar

20

Ap over Rider Rings in bar

1
Pressure Differences over Rider Ring (v-Axis on the Right)

0 45 90 135 180 225 270 315 360
Crank Angle in

Fig. 12: Pressure distribiution over the piston shown
in picture 9. Number of relief grooves was doubled.
Numbers are described in figure 11.

When the number of relief grooves is doubled, the
pressure differences over the rider rings are reduced
roughly by factor of 4. This corresponds to the
Bernoulli equation in which is saying, that the
pressure difference depend on the second power of
the speed.

7.  Summary and Outlook

A calculation model was developed to calculate the
transient behaviour of pressures and temperatures
inside piston rod packings and inside cascades of
piston and rider rings. Results of testbed
measurements allow to find out necessary input
parameters as well as an evaluation of the calculation
results. Pulsations in the gas passage and valve
behaviour can be considered within the calculation.
The results are used to define design criteria for rings
and packings and also to analyse potential root
causes in case of ring or packing failures.
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Abstract:

This paper presents a novel poppet valve design for reciprocating compressors. In comparison to other
valve types, poppet valves offer advantages due to their easy reconditioning. In order to extend the area
of application of poppet valves, a new poppet valve type, the Arrowpoppet, will be introduced. After
illustrating the main conceptual design considerations and providing a comparison with the existing
design, this paper traces the project development from the conceptual design stage through preliminary
assessment procedures to the selection of a prototype design. CFD has been used to provide a detailed
insights into the flow and forces acting on the poppets. Details of the design, initial operating experiences
with the prototype under laboratory conditions as well as results from field tests are cited. The paper
concludes with a comparison of the potential performance differences by comparing the equivalent flow
area of different valve types.
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1 Introduction

In many installations, a reciprocating compressor
can be regarded as the heart of an installation. The
reliability of the compressor affects overall system
availability as well as an entire plant's financial
performance. The performance and reliability of the
compressor itself are highly dependent on the
valves.

Valve failures are responsible for a high percentage
of unscheduled shutdowns. The most common
causes of valve failures are wear and fatigue, often
caused by high impact velocities as well as
application conditions with dirt or debris, resulting
in accelerated wear, restricted opening and closing
or even blocked valves. It is obvious that effects
such as rebound or stiction — which are themselves
affected by e.g. pulsations — are important for valve
dynamics and thus the performance and reliability
of a compressor.

The most widely-used valve types in API 618
compressors are plate, ring and poppet valves in
their various embodiments [1]. Poppet valves offer
customer benefits as they offer the easiest and most
economical reconditioning. Furthermore, their
modular design results in a limited spare part
variety. The production of these valve components
is economical due to the large number of identical
components.

The ratio of equivalent area — i.e. area of an ideal
orifice causing the same pressure loss as the valve —
to the valve pocket area at maximum lift (valve
efficiency) is an important performance indicator.
Needless to say, the better the valve efficiency, the
lower the pressure losses; however, due to the
unsteady flow in a compressor, not only the
effective flow area of the valve is a relevant
parameter, but also pulsations and proper valve
timing are important for compressor efficiency.
Valve designs with low inertia improve valve
dynamics and result in a greater time averaged
effective flow area of the valve. The effective valve
flow area is not strictly proportional to lift since the
jet in the valve gap fills less of the reference curtain
area as it transforms from an attached wall jet to a
separated free jet. Within this paper, we limit
ourselves to steady state flow under idealised
conditions.

The valve design also affects the volumetric
efficiency of a compression cylinder through the
clearance volume. However, the contribution of the
valve to overall clearance volume is usually small
and for common compression ratios, the effect may
be insignificant. Regardless, new designs aim at
reduced clearance volume because the higher the
clearance, the poorer the volumetric efficiency.
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Why a new design? Because considerations as
described below suggest that the concept of the
poppet valve — with its undisputable customer
benefits — can be further improved both in terms of
performance and reliability.

2 Design concept

2.1 General design considerations

The basic concept of the Arrowpoppet is similar to
that of standard poppet valves: several individually-
sprung plastic valve bodies are combined with a
metallic valve seat, which may comprise
replaceable parts for easy overhaul by the customer,
and a metallic valve guard. However, in contrast to
poppet valves of conventional design [2-7] — which
use bores in the valve guard to form a linear guide —
the Arrowpoppet uses an axle and has the linear
guide inside.

This design change is motivated by the following
limitations of the conventional design:

Due to the location of the centre of
attack of the lateral forces outside the linear guide,
the poppet tilts, resulting in edge pressures (figure
2.1). The edge pressure leads to increased wear and
after a longer period of operation, the outer surface
of the poppet forming the linear guide usually
becomes barrel-shaped. In any case, this is a
limiting factor of poppet life.

Figure 2.1: Sketch illustrating forces acting

on partially-opened poppet
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If the gas carries impurities as
particulate matter, this debris very easily enters into
the linear guide. In some designs, particles flow
directly into the guide, while in others the
mushroom-shaped head of the poppet offers some
protection. Nonetheless, in any case, there is a flow
through the linear guide, because at the end of the
bore a vent hole is provided to allow the gas to
communicate with the chamber behind the poppet
and to prevent dirt from accumulating and limiting
the stroke. In the fully open position of the poppet,
the flow is restricted but generally not completely
shut off due to the tilted position of the poppet
(figure 2.2).

Figure 2.2: Sketch illustrating potential path
of impurities into linear guide,

different types of poppets

The space for the spring is rather limited
and if not designed carefully, buckling and wall
contact of the spring may occur. This may not be a
problem as long as the valves are new; however, if
the poppet is worn, the increased tilting angle
allowed by a barrel-shaped shaft gives rise to
additional stress in the spring. Contact and hence
wear between the spring wire and poppet may
occur, and if the spring wire is worn sufficiently the
spring breaks due to the locally-reduced cross-
sectional area (figure 2.3).

In order to keep stress levels in the
spring within limits, a sufficient number of

windings are required, and for a given spring rate
the wire diameter increases also with the number of
turns. The space between the windings is limited,
whereby they may hit on each other due to natural
vibrations of the spring, which are caused by the
impacts of the poppet, resulting in additional wear.

Sketch explaining spring wire —
poppet  wall  contact  (worn
poppet)

Figure 2.3:

The forces acting in radial direction as
well as all moments acting on the poppets during
opening and closing should be minimised. The fluid
enters through the valve seat, flows through the
annular gap between poppet and seat, enters the
volume between valve seat and (in the conventional
design) leaves through holes in the valve guard.
Even under ideal conditions — i.e. steady flow,
evenly distributed as in wind tunnel tests — there is
an asymmetrical pressure distribution around the
poppets (except the potential one located centrally),

causing lateral forces.
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Figure 2.4: Sketch showing the effect of
pressure gradients continuing into

the guide
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In a compressor, this effect is much more
pronounced due to the uneven flow distribution
caused by the valve pocket and unsteady flow
phenomena. The gradients of the pressures acting
on the poppets continue into the linear guide, and
the large diameter of the linear guide of the
conventional poppets results in higher lateral forces,
i.e. an enlargement of the guide diameter does not
reduce the specific bearing load (figure 2.4).

The clearance volume of the suction valve
is determined by the height of the poppets, whereby
the longer the poppets, the higher the clearance
volume (figure 2.5). A shorter poppet design results
in reduced clearance volume.

Figure 2.5: Clearance volume of conventional

suction poppet valve

2.2  Arrowpoppet design

2.2.1 Poppet

In contrast to the conventional design, the
Arrowpoppet uses a central pin as a linear guide.
The end of this pin can be placed further in the
direction of the valve seat, whereby the linear guide
is significantly improved because of a lateral force
almost always attacking between the ends of the
linear guide, resulting in a cylinder — cylinder line
contact instead of edge pressure (figure 2.6). Hence,
wear is significantly reduced.

Figure 2.6: Sketch of a lateral force attacking
Arrowpoppet  and  resulting

distributed load
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The location of the pin top results in the sombrero-
like contour of the poppet on the side facing the
inflow. The effect of this shape on flow is
negligible, because otherwise the stagnant zone
would be larger.

There are no significant pressure gradients in the
linear guide itself and therefore no significant
lateral forces from the linear guide.

There is also no significant flow through the linear
guide, because due to the open design of the valve
guard, the pressure difference between the end of
the vent hole in the pin and the bore in the poppet is
small. Therefore, even small dust particles
following the flow are hardly carried into the guide,
while larger dust particles pass by anyway.

The spring is located outside (figure 2.7) and has a
much larger diameter than the one in conventional
poppets. This results in a much lower stress level
(less than 40%) for the same spring rate when
compared based on the same number of windings.
However, aiming at stress levels much lower than
the fatigue limit determined under consideration of
all safety factors, dynamics, and local stress spikes,
is pointless. Therefore the number of turns is
reduced, resulting in much larger distances between
the windings, whereby contact and associated wear
is avoided.

Figure 2.7:

Typical Arrowpoppets with open
spring, different plastic materials

A comparison of poppets of the same nominal size
(20 mm) shows the much smaller height of the
Arrowpoppet (figure 2.8), resulting in reduced
clearance volume of the suction valve. The
clearance volume of the discharge valve is not
dependent on the height of the poppet. The higher
poppet material stress due to the higher impact
speeds of the discharge valve may be mitigated by a
longer and more compressible shaft, i.e. two
different types of poppets may be used for the
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suction and discharge valve, without negative
effects on the clearance volume.

Figure 2.8: Comparison of a standard to an
Arrowpoppet of nominal size (i.e.
the diameter of the bore in valve

seat) = 20 mm
2.2.2 Valve guard

Two different designs of valve guards are used. For
smaller valves, the valve guard is milled from billet
material, whereas for larger valves it is cut from
sheet metal and bolted to the seat (figure 2.9). In
both cases, the pins are individual parts mounted by
either pressing in or riveting (orbital riveting). The
individual pins are manufactured from suitable
material and different designs may be used.

Figure 2.9: The two different types of Arrow-

poppet valve guards in use thus

far
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2.2.3 Valve seat

The valve seat uses the replaceable seat plate that is
well known from standard poppets [8], whereby
reconditioning is simplified.

Versions with hardened valve seats are being tested.
A third version uses replaceable seat inserts. The

spare part inventory is simplified, as the same
inserts are used for several valve sizes.

Figure 2.10: Different types of Arrowpoppet
valve seats (replaceable seat
plate, replaceable inserts,
hardened valve seats, from top to

bottom)

2.3 Future developments

Closed Design Variant

The Arrowpoppet can be realized with an open or
enclosed spring. Although the Arrowpoppet design
reduces stress in the spring wire and increases the
distance between wall and wire significantly,
making spring failures very unlikely, a closed
design may be preferred in some applications.
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Bumpers

In order to reduce stresses on the poppets caused by
the opening impact, several designs aiming at
cushioning are possible. In the simplest
embodiment, a cushioning insert in the axle body is
used. Other simple possibilities are a flexible
poppet shaft and plastic parts. The working
principle of a damping plate (impact is divided into
smaller impacts) as used in plate valves may also be
applied.

Figure 2.11: Bumper concepts for

Arrowpoppets

Unloader

Arrowpoppets may use a central bolt for mounting a
conventional finger unloader. An example of a
finger unloader mounted to the valve without a
central bolt is shown in figure 2.12. The fingers are
individually sprung, which ensures that even if the
unloader is worn out, no unduly large forces are
acting on the poppets.

Figure 2.12: Finger unloader for Arrowpoppet

valves without central bolt

Valve Cartridge with Unloader

A finger unloader for a valve without central bolt is
preferably mounted to the valve cage, which may be
bolted to the valve, thus resulting in minimum flow
restriction and maximum strength and durability.
An anti-rotation device may be integrated via a leaf
spring.

Figure 2.13: Finger unloader for Arrowpoppet

valves mounted to valve cage

Valve Cartridge with Support

Deflections of the valve seat may give rise to wear,
this may be a problem for large valves. A valve seat
of high stiffness requires high thickness, leading to
increased clearance volume of the discharge valve.
By bolting the valve seat to the valve cage, a much
thinner discharge valve seat resulting in lower
clearance volume is possible (figure 2.14).

Figure 2.14: Valve seat bolted to valve cage
resulting in higher stiffness of

discharge valve seat
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3 Dimensioning and CFD The Arrowpoppet reaches 80% of the maximum
flow at a stroke of 2/3 of the maximum lift.

In a first step, the proportions of a single poppet
element were investigated under ideal conditions.
The question is what basic arrangement of poppets
should be used in a valve of (in comparison to the
poppets) large dimensions. From a certain size
upwards, the identical arrangement of poppets is
used to achieve a simple scalable and modular
construction.

In principle, the poppets can be placed at the
corners of any polygon, although only equilateral
triangles or squares are meaningful.

Figure. 3.1: Basic arrangement of poppets

Figure. 3.2: Models  for steady-state CFD
investigations: sector model of
Arrowpoppet  element  (velocity
plot, top left), sector and complete
models of valves (pressure plots,
top right and bottom)

In conventional poppet valves — i.e. guided on the
outside — drillings are used in both the valve seat
and the valve guard, and it is obvious to use holes
of about the same diameter in both of them for good
spatial utilization. For the square arrangement the
same averaged velocity results from the continuity

equation (figure 3.1). Maximum lift is defined as 25% of the nominal

poppet diameter (note that the slope of the curve is
In the Arrowpoppet design, the obstruction from the still increasing, i.e. with higher lift higher flow
valve guard is negligible and the openings in the could be reached, especially for the spacing of the
valve guard are not necessarily cylindrical or poppets resulting in high flow).

drilled. For this reason, a triangular form is more
appropriate, as the differences of the meridional

sections and therefore flow cross sections are Arrowpoppet - segment madel
significantly smaller, as can be seen from the ratio
of lengths a / b in Figure 3.1 (1.15 instead of 1.42). Re 10c2 ﬁgm? W'Eﬁ m'? ]
The more even distribution over the circumference = Rel0E6-10E8: ® W ¢ l i
results in optimised flow. % F " ]
. .
The pressure loss depending on flow conditions and E . ! : ] ]
the forces acting on a single valve element have E . 8 ! i (]
been investigated for different designs by CFD, _§ : !
depending on lift and pitch, i.e. the distance of the 2 '
poppets among each other.
0 a
Sector models of Arrowpoppet elements, sector

models of valves as well as complete models of 0 o !
valves have been investigated (figure 3.2).

As an example of CFD analysis of stationary flow Figure. 3.3: Example of eff. flow coefficient
through sector models, the effective flow area of an chart (dependent on lift, pitch,
Arrowpoppet segment dependent on lift is shown in Mach number and Reynolds
Figure 3.3 for four different spacings of the number range)

poppets. Mach and Reynolds number were varied.
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Figure. 3.4:

Snapshot of pressure distribution
[Pa], suction valve, moving mesh
(fluid-stucture interaction) CFD
simulation of compressor stage
equipped with Arrowpoppets

As already mentioned, it would go beyond the
scope of this paper to address the effects caused by
the valve pocket, valve movement, and pulsations,
nevertheless simulations of transient flow with fluid
structure interaction have been performed. Figure
3.4 shows a snapshot of the transient flow in an
Arrowpoppet suction valve.

3.2 Comparison with other valve types

An illustrative comparison of the flow efficiency of
different valve types has been published in [3] and
[4]. According to these publications, poppet valves
appear at the right and lower end of the graph.

However, with any valve type, there are valve sizes
that are favourable for the dimensions of given
internal parts like springs and poppets etc. and
valve sizes that result in unfavourable conditions.
For this reason, scatter bands were supplemented
for the Burckhard Poppets (diagram 3.3, bottom).

In contrast to the diagrams taken from [3] and [4],
lift is normalised with maximum stroke. As a more
objective and relevant parameter, total travel
resulting in maximum tolerable wear for the
respective valve type should be wused for

normalising, which is currently not possible due to a
lack of data.

A reduction in valve pressure losses cannot result in
a one-to-one improvement of compressor efficiency
due to the effects of the valve pocket on flow and
pressure losses as well as the effect of pulsations
and valve dynamics; nevertheless, a valve with low
pressure loss is essential for efficient compressor
operation.
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Diagram 3.3:  Comparison of efficiency of valve

types, taken from [3](top) and [4]
(middle), comparison of different
poppet valve types including
Arrowpoppet (bottom)

The efficiency of the Arrowpoppet is in the range of
optimised plate valves with rounded edges (large
poppets reach even higher efficiencies) and
therefore the field of application of poppet valves is
extended in direction of high efficiency valves.
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4 Examples and test results
4.1 Compressor tests

Different sizes of Arrowpoppet valves have been
built and tested for up to several hundred hours, in
different in-house test compressors as well as a
compressor operated by the FHNW (University of
Applied Sciences, Brugg-Windisch, Switzerland).

Figure 4.1:

Valves used for testing

The four different sizes (from approximately 95 to
180 mm) use a valve guard machined from billet
material. Two different poppet sizes suitable for
different pressure levels have been investigated
(figure 4.1). The tests confirmed slightly reduced
specific power consumption of the Arrowpoppet in
comparison to plate valves under identical operating
conditions. Due to the high pressure losses of the
valve pocket the optimisation potential is rather
limited in this specific compressor.

4.2 Field tests

Tests are being conducted in an industrial air
separation plant in bonedry nitrogen. The valves are
in the 250 mm diameter size range, and the design
uses valve guards cut from sheet metal (figure 4.2).
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Figure 4.2: One of the valves as used in a

field test after 7000 h operation

The photos were taken after 7000 h, the test is still
ongoing. Experience thus far shows that the time
between overhaul is increased by a factor of 3.5 in
comparison to the standard poppet for the discharge
valve. The suction valve is still installed and has
exceeded 8000 h while the test remains in progress;
therefore, no final assessment is possible. However,
the life expectancy in comparison to the standard
design for this specific application will certainly be
increased by a factor of 5 or even more. It is clear
from the test how small design modifications can
extend the life of the discharge valve beyond the
7000 h reached in the first attempt. The application
in bonedry nitrogen is known to be demanding for
poppet valve wear. Further improvements are
possible by using e.g. other materials.
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5 Conclusion

In this paper, a new poppet valve design —the
Arrowpoppet— characterised by improved effective
flow area and longer life has been described. Like
standard poppets, which are offered in more or less
similar form by different manufacturers, the concept
is based on poppets made of plastic, which are
mounted on a linear guide. As with conventional
poppet valves, the poppets are easily replaceable by
the customer, whereby maintenance is considerably
simplified.

In contrast to conventional poppet valves, the linear
guide makes use of a centrally-located axle. Due to
the associated more favourable position of the ends
of the linear guide relative to the lateral forces and
torques acting on a poppet, line contact is
predominant during motion. Accordingly, edge
pressures and thus wear are minimised. In addition,
the linear guides are better protected against the
ingress of particulate matter, and therefore greater
insensitivity to dusty fluids is expected. The lateral
forces acting on the poppets are lower because
pressure differentials in the space between the valve
seat and guard do not affect the pressure
distribution in the guide. A much longer life
(several times longer in comparison to standard
poppets) has been confirmed in a bonedry nitrogen
application.

The valve efficiency is significantly improved, not
only in comparison to standard poppets, because the
pressure losses caused by the valve guard are
eliminated. The losses of the Arrowpoppet are in
the same range as radiused disc valves.

Concepts for matching accessories (e.g. unloaders)
are currently under development or in a testing
phase. Field tests have confirmed the concept being
sufficiently mature for launch.
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Abstract:

Most reciprocating compressors in the process industry are horizontal units and have drop lubrication
into the cylinder. Some processes require oil-free compression. Since this is challenging with respect
to tribology, sometimes this is done with limited success only.. In contrast to vertical units, horizontal
cylinders require rider bands and sealing rings in various arrangements to perform, while still maintaining
low friction and a long service life. In addition to different piston, ring, and running surface designs,
factors that have an effect are the material pairings, geometry, fixed speed, stroke and liner contact length,
as well as temperature and pressure levels. Non-lube operation requires not only wear elements, but also
counter-faces to withstand operation, while operators are still seeking to achieve similar lifetimes in
continuous operation.

What does a design have to look like, not only to save short term costs, but also to ensure long lasting
operation? This should be possible with the right combination of all parameters and following a few
basic rules. If that is not already adequately considered in the design of the compressor, it is often
possible to achieve significant improvement by making modifications.

Still, operators should know that there is no simple solution, if oil lubrication is to be entirely eliminated.
Short strokes, high speed, high pressures and wrong friction partners lead to dissatisfied operators.
After installation, a significant improvement can often not be achieved by material changes only. The
piston design may have a big influence, not only on the lifetime but also on temperatures, as the examples
in this presentation will show. This paper shall give hands-on best practices and examples on potential
modification to achieve better non-lube operation.
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1 Introduction

This paper shows experiences of projects of the last
years with relation to non-lube operation of
reciprocating compressors. This kind of operation is
also known as “dry running”. Examples describe
modifications and upgrades to demonstrate what is
necessary to achieve satisfying results with non-lube
operation.

Most reciprocating compressors in the process
industry and compressed natural gas are horizontal
units and have drop lubrication in the areas of the
piston rings and packings. Under some
circumstances the process requires to eliminate this
lubrication oil. This has showed varying levels of
success.

In contrast to vertical units, cylinders with
horizontal pistons require relatively large rider
bands or segments to carry not only the sealing
rings performing the compression work, but also the
relatively heavy metal piston, while still maintaining
low friction and a long service life.

In addition to a different piston, ring, and running
surface designs, parameters that have an effect are
the material pairings, geometry, speed, stroke, and
running length. Temperature and pressure levels are
also of importance. Non-lube operation requires
not only wear elements, but also counter surfaces to
be able to withstand operation without lubrication,
while operators are still seeking to achieve similar
lifetimes in continuous operation compared to lube
oneration.

i oYl COMPRESSOR AND COMPONENT DESIGN

2 Basic theory and parameters of non-
lube operation

What are reasons to support non-lube operation,
and what are the reasons against it? What does
design have to look like to not only save costs on
the short run, but to ensure long lasting operation as
well?

Successful operation should be possible with the
right combination of all parameters and following a
few basic rules. If that is not already adequately
considered in the design of the compressor, it is
often possible to achieve significant improvement
by making a few modifications.

Still, operators should be aware, in terms of their
expectations, that there is no simple solution if oil
lubrication is to be entirely eliminated. Short
strokes, high speeds, high pressures and
incompatible friction surfaces lead to poor
operating results.

The entire problem usually starts with rated speed
available from the compressor motor. An electric
motor generally provides the direct driving force
with fixed speeds depending on available power
grid (Table 1).

synchronous speed

no of no of nsync | nsynch
poles |pole pairs| 50 Hz 60 Hz
RPM RPM

2 1 3000,0 [ 3800,0

4 2 1500,0 | 1800,0

6 3 10000 | 12000
8 4 750,0 900,0
10 5 600,0 720,0
12 6 500,0 600,0
14 7 428,06 514,3
16 8 375,0 450,0
18 9 333,3 400,0
20 10 300,0 360,0
22 11 272,7 3273
24 12 250,0 300,0
20 13 230,8 276,9

(Table 1) Synchronous speed based on
poles and frequency



by: Ralf Krich - HOERBIGER

Since primarily asynchronous motors with speeds
between approximately 296 and 725 rpm (Table 2)
are used in Europe, in non-lube applications,
pairing options of stroke and compressor speed
(table 3) are limited, depending on manufacturer.

Speed
nsync 50 [nasynch 50

no of poles Hz Hz
RPM RPM
1500,0 1450,0
6 1000,0 970,0
8 750,0 725,0
10 600,0 580,0
12 500,0 485,0
14 428,6 418,0
16 375,0 367,0
18 333,3 3270
20 300,0 296,0
22 2727 270,0

(Table 2) Common speeds for
reciprocating compressors in Europe

There are no clear rules with respect to speed when
it comes to reciprocating compressors, which are
often designed based on API 618 (Section 6.4). As
a result, neither manufacturers nor operators are
required to follow rules for stroke and ring
arrangement, and design and production are done
according to their own standards. Often agreement
only exists with respect to the piston speed, but no
provisions are in place as to how — primarily, in
what combination — this is achieved.

APl 618 (Figure 1) provides no indications
whatsoever as to how a dry-running cylinder or
compressor should be designed in detail.
Consequently, a wide range of units exist that have
piston speeds ranging from below 3 m/s to more
than 4 m/s.

{+ AP STsCARD B18

ing speed and prston speed of compresors in nonelubricated services should be kess than Sose in equaivalnt ldbncated

(Fig.1) Section about allowable speeds in API 618

The assumption that low piston speed automatically
results in a long service life is unfortunately not
correct. While a unit with a high speed and short
stroke may have a lower piston speed than a unit
with a long stroke and a low speed, experiences
have shown that compressors with larger strokes
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will generally achieve better operating results based
on the running length or ring length. A few speeds
and strokes combinations in Table 3 demonstrate
how almost identical piston speeds can be achieved.

Speed Stroke Stroke | Pistonspeed
RPM mm inch m/s
270 350,0 13,78 3,15
296 320,0 12,60 3,16
327 304,8 12,00 3,32
370 270,0 10,63 3,33
420 254,0 10,00 3,56
430 220,0 8,60 3,59
270 450,0 17,72 4,05
580 203,2 8,00 3,93

(Table 3) Combinations stroke and speed
to realize similar piston speed

While API 618 does not provide any indications as
to the piston speed and number of piston rings
necessary for compression, Section 6.10.3.2 (Figure
2) precisely limits the permissible specific load of
the rider rings or segments to 0.035 N/mm2. Once
again, it is left up to operators and manufacturers
how to design the piston and which material is used.
While vertical compressors are generally equipped
with a narrow guide ring, and V-type compressors
due to their practically horizontal orientation of
their weight require one wide guide ring, horizontal
units often require at least two wide rings/segments.
The combination of piston and rider rings then
results in significant total ring length, which is often
smaller than the stroke of the compressor.

6103 Pistons
4.10.3.1 Hollow pi

vahy wide wear b, mrshipls weas bends are prefemmed

(Fig.2) Section piston & ring design in API 618

Manufacturers and operators frequently select
greatly varying numbers of piston rings based on
the gas pressure and other parameters. Table 4
below shows different company standards, and
additionally the width of the particular ring grooves
and lands may vary as well.
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[ Spec 1
double acting-lubricated |single acting single acting - dry running
Differential deubls acting dry running
pressure (par) |[MW< 10 |MW=>=10 [MW<10  [MW==10 [MW<10  |MW==10
0 |- B i ? 3 ? 4 3
7 |-116 4 k] 5 4 6 5
17 30 4 3 ] 5 [ ]
31 - 50 5 1 ] ] 10 8
51 |-| Th (] 5 5 7 13 10
76 - 100 ] 6 10 8 14 1
100 - 150 9 7 13 10 not not
150 200 10 8 14 11 uscd usecd
Spec 2
double acling-lbricaled |duuble acling-dry running
Dilferential MW=15  [MW=—15
Preggure (bar)
0 |- B 3 5 3
7 1-116 4 6 4
7 - 30 5 T 5
31 |- 50 i} 6+ 2 0+ &
5 -] 75 ] G+4 0+8
o 100 10 10+ 4 0+ 13
Spec 3
pressuie  |double acting-kibricated |doushie acting-dry running
(bar} MW<10 [MW>=10
0 |- 21 3 2 3
21 - H 4 3 4
41 69 5 4 5
69 - 110 B 5 B
110 -1 207 7 6 7
|Spec 4
double acting-lubricated |double acting-dry running
pressure MW<10 and [Mys=10
(bar) bone dry  |and wet
0o - 2 3 2
5 i-110 2 4 )
10 - 15 3 5 4
15 - 25 1 B 5
25 - 30 5 1: ]
0 - 50 G 1] 7
50 - 100 7 9 g
w00 - 200 ] A A
200 - 320 £ hA MA
320 - 400 10 NA NA

(Table 4) 4 Specifications about number of
piston rings in relation to pressure

In general, smaller piston rings are used with high
pressure and/or small diameters.

Depending on piston weight, a minimum width may
be required for rider rings or segments, which must
then be distributed among multiple rings. Rings
wider than ~90 mm are problematic to manufacture.
Because of thermal expansion these require high
axial clearances. Starting at low temperatures can
cause the rings "hammering" in the grooves.

As explained above, the piston speed, selected for
dry running, is not very meaningful. A random
sample of 185 horizontal, dry running reciprocating
compressors installed between 1980 and 2000
showed the majority running with a piston speed
below 3.4 m/s (Figure 3)

Dry running Compressors

»= 3.6 m/s
7%

»= 35 m/s
19%

< 34mfs
51%
»= 3.4 mfs
= 23w

(Fig. 3) Proportional distribution in a random sample
of dry running compressors installed before the
millennium change

The following examples include not only the piston
speeds, but the rotational speed, stroke and ring
lengths as well. The running length is the sum
derived from the stroke and ring length. In addition,
however, the ring length from the first to the last
piston ring is mentioned, which is referred to as the
critical ring length. In my, and a number of experts’,
opinion, it is extremely important to review that in
comparison to the stroke. While guide rings
between the piston rings are shielded against dirt,
those outside the piston rings run on fresh gas
cooled surfaces. All other rings must dissipate their
frictional heat to the running surface, and
consequently to the cylinder.

The example (Figure 4) is showing that rider rings
within the piston rings could heat transfer if the
stroke is relatively short.

250 pryem bl pton lengsh
125 mm

Example piston with riderrings inside

BO et g bgthe

10 10 10 40 4 10 10
eritical Ainglangth [ divtance from first ta [ast pitton ring
[ wtroks
total running length from first to last ring phus stroke

_ critical rurnning bangth from first to last peeton g plus stroke

riderrings are not running on cold contact surface

(Fig. 4) Length relation for a piston with rider rings
inside piston rings. The difference between critical
ring length and stroke is negative; therefore we have
bad cooling effects.

The other example (Figure 5) is showing the
example with riderrings outside, with the positive
effect of these rings running on cold surface outside
the masking piston rings.
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Example piston with riderrings outside

250 e totsl piben kgt
125 mem =t

GO M st cod ogthe
60 mm lends.
(] 290 mm pos

|__total ringlength / distance from first to tase filled groove |

t
w W w e
10 10 10 10 10

| eritieal ringlangth |
—_—
100 mm

90 a‘"‘ ]

total masked ength
190 mm s pton g

stroke |
total nunning bength from first to last ring plus stroke

—
ermical running kengeh from first to lase pissen ring plus stroke

b rderiogs ] "
it ring length minus stroke| | cold costact surtece 3

(Fig. 5) Example about lengths relation for a piston
with rider rings outside piston rings. The difference
between critical ring length and stroke is positive;
therefore we have good cooling effects.

Often slip fit liner are installed, as a popular non-
lube choice, made for ease of replacement, or if
cylinder cooling is non-existent or inadequate, than
temperatures far exceeding the gas discharge
temperature may develop on the running surface,
and thus on the rings.

More often, the rider rings undergo greater axial
expansion than calculated, resulting in bulging in
the middle. Rod drop analyses even reveal
increasing gap values. Depending on the radial
clearance, the rider ring exhibits disproportionate
wear in the middle and, in some cases, may even
make contact across the entire circumference, which
again increases wear. Figure 6 shows such a piston
with rings.

(Fig. 6) Piston with extensive wear one middle sections
of the rider rings

3 Conversion of two fresh and recycle
gas compressors from non-lube to
lube operation to ensure 2 years
continuous operation service

The operator, a German refinery, had been
experiencing problems with the compressors since
they were commissioned. A high number of
unforeseen failures after start-up and various
running time problems with the components used
motivated the operator to discuss the options of an
upgrade. The high risk of additional failures and the
related loss of production, as well as enormous
costs for spare parts and service formed the
foundation for the analysis. These compressors are
designed with 4 different cylinders. The
observations below are limited to the most critical
instance of the highest pressure stage with the
largest ring length. Figure 7 shows a cross sectional
image of the cylinder prior to the revamp.

(Fig. 7) view on a cylinder with piston having one
rider-ring within the piston rings

The operating data included hydrogen compression
from 41 to 80 bara, and temperatures from
approximately 45°C to 125°C.

The unit is equipped with an electro-hydraulic
stepless valve unloading system, which potentially
increases the discharge temperatures. The design
temperature was therefore established at 180°C.
This unit, which had a rod load of 300 kN, was built
for this purpose with an extremely short stroke of
only 190 mm. Combined with a motor speed of 595
rpm, the piston speed was close to 3.8 my/s.

The impressive 90 mm piston rod and the two-piece
cast piston necessitated 3 guide rings at 80 mm each
for non-lube operation, and the design engineer
selected 9 piston rings for the delta pressure of
about 40 bar. The stack ring length of 450 mm
includes the two guide rings on the head end. The
liner running length is 640 mm. With a guide ring
interposed between the piston rings, the critical ring
length as masked length is 270 mm, or 80 mm
larger than the stroke, which is the length between
the outer piston rings (Figure 8).
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Even after the ring materials had been modified,
unsatisfactory running times of less than 2000 hours
were obtained.

tal
1 B WR W W bewem
L] wow B W M

Original Piston

Piston after modification ——

sy
ke mins ot -;rg-m-\— o

(Fig. 8) Layout of piston before and after modification

In connection with the described operating
parameters, it was apparent that only an upgrade to
lubricated cylinders would allow successful
operating time. The priorities before the
modification were a reduction of the high wear,
conversion to lubricated operation (Figures 9, 10
and 11), and modification of necessary components.
The structural layout would be maintained,
requiring no additional space.

(Fig. 9) drilling of lube
connections

(Fig. 10) new lubricator

Existing dampers are equipped with simple
separators. The operator converted the hand
exfiltration to automatic. The bottom of Figure 8
and Figure 12 show piston after the modifications,
featuring only 2 guide rinf and 5 piston rings.

RS g
(Fig. 11) new lube
connections

The new stack ring length is a total of 270 mm. The
critical masked ring length between the piston rings
is only 90 mm, which is now 100 mm shorter than
the stroke; however, this is less relevant in what is
now a lubricated design. As independent service
provider the implementation of the entire project,
including on-site activities, the modifications to the
cylinders and components, delivery of new parts,
installation and start-up was handled in a turn-key
project. The customer has a more reliable solution
at significantly lower costs for spare parts and
service operating more than 16.000 hours with one
set of rings.

(Fig. 12) modified piston
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4 Capacity increase as a result of
changed bore diameters and
clearance volumes in dry running
boxer compressors

Because of rising production requirements, the
operator was seeking an increase in capacity of
approximately 10% from the reciprocating
compressors that were upgraded in this example
(Figure 13), which was anticipated to be possible
utilizing the power of the electric motor and

(Fig. 13) 1 of 3 compressors to be modified

The reciprocating compressors upgraded (Figure
13) were 3 nearly identical units with a stroke of
305 mm at a speed of 371 rpm, resulting in a piston
speed of almost 3.8 m/s. The H2 mixed gas is
compressed from 23 to 48 bara. The main task was
to increase capacity by about 8%. For this purpose,
the diameters of the cylinders were bored from 300
mm to 315 mm. Additionally, the -clearance
volumes were significantly reduced.

(Fig. 14) original cylinder) (Fig.15) piston FEA
As independent service provider 2-piece pistons
(Figures 15 and 16) using the multi stud nut
assembly method were designed, and at 279 mm,
the entire ring length is already approximately 26
mm larger than the stroke. The running length is
approximately 584 mm. The critical ring length
between the outer piston rings is only 81 mm. The
specific load on the guide rings is considerably less
than 0.035 N/mm2. The team of technicians
removed the cylinders and took them into the
Service Center for the upgrade (Figure 17), where
the liners were removed and the cylinders were
bored. New liners and piston (Figure 16) were
installed, and new clearance volume dummies were
prepared.
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The desired increase in capacity was achieved. Due
to dynamic electro-hydraulic stepless flow control,
the electric motor is never overloaded.

The leak tests were successfully concluded, and
assembly in the plant and at the refinery was carried
out on schedule. All three units have since been
upgraded, and the higher capacity has been verified.

fl

(Fig. 16) new piston

(Fig. 17) cylinder honing
The compressor was additionally equipped with
new valve designs and pulsation calculations were
performed for verification. The unit was put into
operation including complete documentation and
CE marking. The service life of the piston rings
exceeds 14,000 hours.

S Longer service life of guide rings
due to modified piston and moved
oscillating masses from cylinder into
motion work

The operator of a 2-stage refinery compressor in
Germany was no longer satisfied with the short
lifetimes of the piston rings. Engineering analyzed
the root cause and developed suggestions for
modifications. It was found that the 245 mm piston
(Figure 18), with 8 piston- and 4 rider rings had a
weight of 163 kg, generated extensive friction. At a
speed of 420 rpm it had a stroke of 250 mm.

(Fig. 18) original piston design with distributed rings

At 3.5 m/s, the piston speed is moderate. The entire
stack ring length is almost 320 mm, and the liner
contact length is about 570 mm. What was
particularly striking was that the critical ring length
was also 320 mm, since all 4 guide rings were
installed between the piston rings. The logical
objective was to bring the critical ring length down
being smaller than the stroke. The target dimension
was 240 mm.
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The developed solution provides for a modification
of the single-acting piston (Figure 19). To begin
with, measurements were conducted, the weight was
recorded, and the original design was closely
examined and recalculated. FEA was employed to
determine the loads the new piston would have to
withstand. The goal was to reduce the ring length
and significantly lower the weight of the piston. In
addition to the gas forces, pre-stressing forces and
tightening torque were determined for the
calculation.

e

e ma e

(Fig. 19) new piston with piston rings on one end

A variety of designs were investigated, such as cast
and welded designs and machining from solid
material, as were different materials. The newly
designed piston has a critical ring length of only
160 mm and weights 112 kg. Ultimately, it was
possible to create the contour for the cavity (Figures

20 and 21) out of solid material.

(Fig. 20) drawing of welded  (Fig. 21) piston from
piston version solid bar machined

This eliminated both the need for an expensive
casting pattern and a critical welded design.

To realize exact identical inertia forces the weight
of the crosshead (Figure 22) was increased.

(Fig. 22) crosshead with special flange



by: Ralf Krich - HOERBIGER

None of the modifications requires more than three
rider rings, yielding a shorter ring length. The
strength is sufficient for all modifications.

The piston rod remained unchanged.

The operator has since confirmed lower ring wear
as well as lower discharge temperatures, obviously
because of lower frictional heat, along with slightly
higher capacity.

Consequently this implemented successful upgrade
was duplicated on the second compressor.

6 Reduced temperatures and
increased capacity by conversion
of cylinder/piston with labyrinth
seal to conventional bore and
piston with contact rings

Operators of certain labyrinth compressors (Figures
23+31) are increasingly recognizing the
shortcomings of these units. The design is based on
a lubricated piston rod guide between the crosshead
and piston rod packing on the one hand, and a
delicate labyrinth in the cylinder bore as well as the
piston skirt on the other (Figure 24). The system,
nominally a non-contact design, nonetheless
exhibits wear over longer operating periods, and
operators are forced to replace piston skirts, or even
cylinders from time to time. Operators who do not
want to replace these expensive components
experience an increasing loss of capacity, combined
with rising gas temperatures, which often surpass
permissible alarm and shutoff wvalues that
manufacturers have set at relatively low levels
because otherwise the piston rod sealing systems,
cylinder bore and piston would wear even more
quickly.

7

(Figure 23)

(Figure 24)
Assembly drawing of Design of non-
vertical 2 stage labyrinth contact labyrinth
compressor seal

This system offers major advantages when dealing
with gases that have a high percentage of particles
since these solids would result in greater wear of the
rings and the running surface if conventional
contact rings were used. Still, these compressors
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can be found in a fair number of applications that
use clean gases such as CO,, and the benefit of
using them is questionable. In addition, it is safe to
assume that leakage is considerably higher, even in
a new compressor, than if the piston were regularly
equipped with contact rings. If a lubricated piston
was to be calculated at 100% leak tightness, it is
typically customary to expect only 97% for non-
lube operation. For labyrinth units, this base value
could be estimated from our examples in a range
from approximately 90% to 95%.

This has prompted us to upgrade a number of these
labyrinth compressors in recent years to equip them
with contact rings. Two examples in breweries are
shown below.

In a Dutch brewery, the cylinders of both stages
were bored, leaving the wall thickness in keeping
with the groove base of the cylinder labyrinth. The
bores were then honed for the use of rings for non-
lube operation. The old labyrinth pistons (Figures
25-26) were replaced.

T« -
= # e

(Fig. 25) original 2" stage  (Fig. 26) original 1* stage
piston piston

A set of new 2-piece pistons (Figures 27 to 30) was
designed in 3D using FEA and produced. Guide
rings were not used, because rod guide bushings on
top of crossheads are installed anyhow.

Only 2 and 3 piston rings were selected,
respectively, for the operating parameters.

This made the ring length considerably shorter than
the stroke, and as a result, lower wear is to be
expected.

(Fig. 29+ 30) new 2" stage piston
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Table 6 is showing an extract of the operating data
before and after the modification. Whereas the unit
couldn’t be operated for longer periods before the
modification, the brewery can now use the unit
continuously.

Operating data with labyrinth piston

Stage 1 discharze temperature %145 L's
Shut-off temperature according to OCM 130 o
Stage 2 discharge temperature 150 ic
Shut-off temperature according to UEM 135 L'
Capacity 1800 | kg/h

No continuous operation is possible (compressor was shut off|
due to high temperature)
Operating data with contact ring piston

stage 1 discharge temperature > 115¥C =115 °C

Stage 2 discharge temperature > 120%C >120 b2

{shut-nff temperatures as ahove |

Lapacity 2100 | kg/h
Capacity 2100 Kg/h €05 (117%) Continunus operation is possihle

(Table 6) new 2" stage piston

The electric motor temperature and load were
within the allowable design limits.

A stroke of 100 mm and a speed of 506 rpm yield a
very low piston speed of only 1.7 m/s. At 36 mm
and 50 mm, respectively, the ring lengths are
considerably shorter than the stroke in both
instances.

A | =t |
(Fig. 31) The CO2 compressor operating
after the modification of both pistons

A CO2 labyrinth compressor was also revamped in
an Australian brewery. Problems were discovered
on-site. Piston skirts (Figure 32) were being
replaced at 1 to 3 month intervals. Nonetheless,
elevated leakage was a constant.

The cylinder was modified by removing the
labyrinth and installing new pistons (Figure 33)
with piston rings and a respective guide ring made
of special PTFE grade material.
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(Fig. 33) contact
ring piston

(Fig. 32) original
piston with labyrinth

The advantages for the customer are that the
compressor is running more smoothly and more
quietly.

Large cost savings are achieved by replacing less
expensive wear parts annually instead of having to
replace expensive components approximately 4 to 6
times a year.

The capacity is considerably increased and
reliability is greater since the piston no longer has
metal contact with the cylinder and the discharge
temperature were lowered from 160°C to about
106°C.

7 Conclusion

The above projects are all showing the challenges
of compressors when they are designed for dry
running, none-lubricated, operation. Sometimes this
is done to save operating costs for the lube oil units
and separation of liquids. Anyhow there is a
tendency to install short stroke with higher speed
motors (lower number of poles) which also reduces
costs at installation due to reduced foot-print.

The lifetime of the wear parts is often not
considered in the required effort to reduce long-
term operational costs. Wear part life of less than
8000 hours, is often accepted without need.

Often it is a discussion about ring material, but not
as much, about piston design. This paper should
open the eyes to make aware about issues to be
obeyed when buying non lube compressors or
eventually to upgrade piston and cylinders when
possible and feasible.
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Abstract:

In compressor applications, the sealing elements of piston rod packings are mostly manufactured
out of optimized PTFE and PEEK compounds with additives for reinforcement and self-lubrication.
The lifetime of the sealing elements is sometimes the bottleneck towards a sufficient service time
between two routine maintenances and choosing the right material is a crucial task for the reliability
of compressor systems. In industrial process applications the wear behavior of sealing materials can be
strongly influenced by the characteristics of the application.

Even the most suitable sealing materials are sometimes failing due to variations at the process parameters
as well as due to impurities in the gas that might suddenly occur. In some field cases the compressor fails
within short times while material & design of the sealing elements are the same that did run sufficiently
for several years. Additionally, sometimes A and B machines that are compressing the same gas at the
same conditions with the same material and design are showing a significantly different performance.
In summary, even the best combination of sealing material and sealing ring design can only reduce the
risk of failure to a minimum but it never can ensure 100 % of reliability.

Very often, the packing condition is monitored by measuring either the leakage rate or the temperature
of the leakage gas at the vent-line. A temperature increase or a leakage gas flow increase above a critical
value gives an indication about the wear status of the internals of the piston rod packing. However,
modern sealing ring designs are very tight and the leakage rate stays at a low level until the end of the
lifetime of the sealing elements is reached. At this point the leakage rate dramatically increases and the
compressor has to be immediately serviced which sometimes causes unexpected downtimes and high
costs especially at non-redundant critical compressor applications.

STASSKOL has developed a “Smart Packing solution” that is able to online monitor the wear status
of the sealing elements within a piston rod packing. The wear of each sealing ring can be visualized
and so the wear behavior of the whole piston rod packing can be characterized. Most important, the
maintenance of the compressor system can be scheduled according to the predicted remaining lifetime
of the sealing elements.
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1 Introduction

Reciprocating compressors are widely used to
compress gaseous media for industrial applications,
for example at chemical plants for hydrogenation
reactions, polymerizations or Polysilicon produc-
tions. These are fully-integrated and automated
industrial processes, which are running continuous-
ly and therefore a failure in compressor operation
can cause unexpected and expensive down-time.

In consequence, the reliability is one of the most
important properties of reciprocating compressor

Background of all these methods is the assumption
that the amount of leakage gas strongly corresponds
to the wear status of the piston rod packing.

Compressor tests were performed to investigate this
link. A fast wearing material (full wear after approx.
800 hours) was used in order to measure the
leakage rate of the piston rod packing throughout
the full operational duration of the internals. It was
found that the leakage rate shows high fluctuations
during the whole test duration (see Figure 2). The
flow rate exceeded 30 m’/h shortly after 800 hrs
(not shown at Figure 2) and the test was finished.

systems. The crucial items in respect to reliability
are often the spare parts of the bare compressor.

Leakage rate measurement
at STASSKOL Test compressor

*  [Fast wearing material

According to a study performed by Dresser-Rand,
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Figure 1: Reasons for compressor failure'

The materials of the sealing elements are tuned for
maximum lifetime but also this optimization has its
limits. Furthermore, negative influences like gas
impurities, process variations, etc. can lead to
increased wear and reduced reliability. Therefore,
even the best material and design cannot guarantee
sufficient operation to a level of 100 %.

In consequence, an online wear status of the sealing
elements of a piston rod packing is needed to
achieve the best reliability of the system and to
utilize the maximum running hours of the sealing
elements.

2 Up to date solutions

Already today, the industry tries to estimate the
wear status of the piston rod packing internals by:

a) measuring the temperature at the vent line

b) measuring the leakage gas flow or

¢) measuring the temperature within the pressure
packing.

Test duration [hours]
Figure 2: Leakage rate during compressor  operation

(measured by In-House compressor)

Therefore, the wear status of piston rod packing
internals cannot be estimated by measuring the
leakage rate at the vent line and a direct
measurement of the packing internals is needed.

3 Direct wear measurement

The concept starts with the question about the
dimensional changes of the sealing elements during
wear. The wear takes place at the inner diameter of
the sealing ring and the elements are moving
towards the piston rod (see Figure 3).

l\'\:fl"rn \pl\h:‘mn 1\|-=Jm.—:

New Condition 50 % wear 100 % wear
3xdmm=12mm 3x2mm=E6mm 3x0mm=0mm

Figure 3: Wear behavior of the single sealing ring design

Thus, the outer diameter of the sealing ring
decreases and this can be measured by using an
adequate sensor arrangement. A symmetric sealing
ring design has to be used in order to ensure an
even wear throughout the whole circumference. The
single sealing ring with its 120° segments is such a
ring design. At a gap of 4 mm between every
sealing element, the outer diameter will be reduced
by 2 mm at full ring wear.
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4 Sensor selection

The sensor for measuring the outer diameter of the
sealing ring should be able to handle the following
process conditions:

- Pressure up to 100 bar

- Temperature up to 150 °C

- Insensitive to impurities (debris, oil, etc.)

- Compact dimensions (low amount of space)

- Measurement range of minimum 2 mm

A direct comparison of different sensors shows, that
an eddy current sensor might be the best choice for
this application (see Figure 4).

Capacitive Eddy Ultrasanic Laser/IR Mechanical Confocal
Sensor Sensor Sensor Sensor Sensor Sensor

[ & i 2y
& @ o 5 T

N,
Y

Temperature? ¥ || + ||
Dirt resistance? |I + II
Required space? i /

Range?

Figure 4: Pro and cons of different sensor systems

Capacitive sensors are not resistant against
impurities, ultrasonic sensors are not pressure
resistant, and IR and mechanical sensors require too
much space. Another option might be a confocal
sensor system, but this is not resistant against the
pressure within the piston rod packing.

S  Measurement setup

Eddy current sensors are available in small sizes,
but even the smallest Eddy current sensors are
barely fitting into the walls of the packing cups in
radial direction. The installation in radial direction
would be perfect for direct observation of the outer
diameter of a sealing ring. The space within a
chamber wall is limited and there is no access from
the outer diameter of a piston rod packing as the
packing is located within a bore at the cylinder
block. Thus, the eddy current sensor has to be
installed in axial direction and an indicator pin has
to be used to transfer the positioning information of
the sealing segment to the sensor (see Figure 5).

Figure 5: Sensor (6) arrangement with indicator pin (4)

The idea behind it was to transfer the movement of
the sealing ring (2) towards the piston rod (1) by
using an indicator pin (4). If the sealing ring moves
toward the piston rod, the indicator pin will follow
this movement and the Eddy current sensor will
measure the movement of the indicator pin. This
concept was successful, but the changes of the
sensor signal were too small for a sufficient
accuracy of the measurement.

In order to increase the sensitivity of the system we
introduced a sloped surface at the indicator pin (see
Figure 6).

Figure 6: Sensor (6) arrangement by using an indicator rod (4)

with sloped surface

Now, with a sloped surface, the signal of the Eddy
current sensor changes constantly during the
movement of the indicator pin. The segment of the
sealing ring will move towards the piston rod if
wear takes place. The indicator pin follows and due
to the slope of the pin, the metallic surface moves
away from the sensor, leading to an increase of the
signal. The sensitivity of the sensor (dependence of
the signal on the movement of the indicator pin) can
be tuned by adjusting the slope (see Figure 7).

Eddy Signal [mm]

0.4

T T T T T T T T T T T T T 1
00 05 10 15 20 25 30 35 40 45 50 55 60 65 70

Position indicator movement [mm]
Figure 7: Measurement range depending on the slope at the

indicator pin

Different rod sizes are requiring different gaps
between the elements of a sealing ring and therefore
the movement towards the rod during wear changes.
This can be adjusted by changing the measurement
range using different slopes. Additionally, we have
to consider the rod drop, which also leads to a
movement of the sealing rings.

The rod drop can add to the movement during wear
or in other installation arrangements, it can work
against this movement.
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If we calculate with a sealing element movement of
2 mm due to wear (like illustrated at Figure 3) and
we add an allowable maximum rod drop of 2 mm,
then this will end up in a total movement of the
sealing element of 4 mm. If the rod drop works in
the opposite direction of the sealing ring wear, then
the total movement of the sealing ring segment can
be zero, even at full wear.

Thus, we have to adjust the measurement range and
we have to measure the rod drop within the smart
packing system for taking the movement of the rod
into account when calculating the wear status of the
sealing ring.

6 Compressor test

With this measurement setup, a series of 1% tests
were performed at the compressor test bed (see
Figure 8).

Figure 8: Compressor test bed

The following parameters were used during the
compressor tests:

- Suction pressure: 30 bar(g)

- Discharge pressure: 80 bar(g)

- Piston rod diameter: 70 mm

- Piston rod velocity: 2.7 m/sec

- Temperature at sealing ring: 100 °C

- Gas: Nitrogen with low dew point (<-80 °C)

- Sealing material: PTFE + glass fiber (fast wear)

As listed above, a sealing material with fast wear at
the given conditions was used to test the system
within relatively short period of time. After
installation of the sealing ring (only one ring at the
piston rod packing), the test was started and the
signal of the Eddy current sensor was recorded.

The single sealing ring design was chosen at a rod
diameter of 70 mm and the gap between each of the
three sealing segments was 2 mm. This gives a total
gap of 6 mm throughout the whole circumference.
At full wear, all three segments will be moved 2
mm towards the piston rod for wear compensation.
Figure 9 shows the development of the signal of the
Eddy current sensor during the compressor test.

At this test, the sensor was mounted within a
horizontal packing on the top side, so the rod drop
was substracted from the raw Eddy Signal by using
the theorem of intersecting lines. However, the test
duration was only about 95 hours and within this
time the rod drop signal did not change
significantly. The curve shows the corrected Eddy
signal averaged over a period of 60 seconds. If the
signal is recorded over the crank angle without
averaging, then there would be more vibrations of
the signal due to pressure pulsations and rod run-
out.

100 % Wear
(worn out condition)
10 5 4 o Stop
A
a3 Pl
3 P
8 5V e
o .
|- f‘
CE
_E., 5—‘-‘_--—--W\m_..-"/ 1 Start
b 0% Wear

(original condition)
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o 10 20 30 40 50 B0 70 80 o0 100
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Figure 9: Eddy Signal during compressor test

The signal starts at 5 V (0% of wear) and after a run
in phase of approximately 35 hours the wear starts
and the signal constantly increases. After 95 hours,
a value of 10 V was reached, which was the value
for a ring wear of 100 %. The compressor was
stopped after getting the 10 V signal and the piston
rod packing was disassembled. A measurement did
show that all gaps of the packing ring were used up,
so, the sealing ring was fully worn out. This shows
that the sensor arrangement works sufficiently.

7 Summary and Outlook

We emphasized the importance of online wear
measurement of the sealing elements within a
pressure packing for improving the compressor
reliability and for a 100 % utilization of the
performance of the sealing ring material.

A sensor was chosen and a measurement concept
was developed for measuring the movement of a
sealing ring segment towards the piston rod surface
during wear. The measurement concept was
optimized by introducing an indicator pin with a
sloped surface. The sensitivity of the sensor concept
can be varied by changing the slope at the indicator
pin.

For verification of the system, first compressor tests
were carried out and the signal was recorded from
new condition to 100 % wear of the one sealing ring
that was installed within the pressure packing.
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In the near future additional tests will be carried out
by using a piston rod packing with one sensor at
each sealing ring (see Figure 10).

Pressure
" breaker

Piston rod

Data Iin< ! ‘_-. “‘_“L i

~Sealing ring

Sensor equipment

Figure 10: Piston rod packing with one sensor at each sealing
ring (4 sealing rings in total)

The smart packing system will be very beneficial
for critical applications where unscheduled
downtime of the compressor system is very
expensive. It is able to monitor the status of the
internal parts within a piston rod packing and
therefore to calculate the wear status of the packing
system.

Therefore, it is possible to calculate residual
running times and to produce new sealing elements
just in time. The maintenance can be scheduled
optimally to reduce downtime to a minimum.
Additionally, the performance of the sealing
material can be utilized to a 100% for achieving
maximum service times between two maintenance
stops.

! Forman, S. (2002): Compressor Valves and

Unloaders for  Reciprocating  Compressors”,
technical report, Dresser-Rand, Painted Post, 19
pages, 2002
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Abstract:

The digitalisation within the Industry 4.0 brings a new vision of the systems management and life cycle.
In System Engineering applications such change is based on Internet of Things (IoT) and real time
communication. Nowadays the continuous development of the communication technologies enables a
disruptive improvement of the life cycle processes and its management. In particular, the technological
development allows the outsourcing of processes and brings great advantages to the plant managers
and suppliers, working in an integrated way. The article shows some cases of remote management
applied to the electric capacity regulation systems for reciprocating compressors. This article describes
the advantages of the major [oT applications for customers and end-users, throughout the entire product
life cycle: from commissioning and start-up, management of warnings and deviations, predictive and
planned maintenance; in addition to that, the article shows the benefits that users experience from these
advanced technologies, energy saving at first.
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1 Introduction

Nowadays Internet of Things (IoT) is changing the
way companies create products, services as well as
the customer experience. This is why IoT is the
core area of investments and innovation.

In the recent years, the continuous improvements
and extension of internet connections and the
availability of specific hardware enable a constant
growth of IoT.

The possibility of connecting and interacting with
systems remotely offers at first the possibility to
create new and innovative services and also allows
improvements in performances, lifetime, and
security.

In particular IT and data security is one of the main
aspects of IoT to be managed: every connected
system is potentially a system exposed to threats.
This is why the development of IoT systems
requires the implementation of more secure
systems.

This paper describes how IoT can be applied to a
stepless capacity control system and it shows the
corresponding benefits throughout the product life-
cycle, based on real applications.

2 Challenges of IoT applied to stepless
capacity control systems

The increasing need of reducing the energy
consumption of reciprocating compressors leads to
new technologies that allow advanced capacity
control systems.

The stepless capacity control can be managed by
different methods such as: compressor variable
speed, variable frequency, reverse-flow with valve
opening time control [1]. These methods have been
implemented also for heavy-duty applications.

2.1 The electromagnetic stepless
capacity control system

This paper focuses on the first in the world
electromagnetic capacity control system. The
system manages the reverse flow, hence the
capacity, by acting the suction valve closure at
every compression cycle.

This system has been applied worldwide on a
variety of reciprocating compressor types and
applications.

The compressor capacity can be reduced allowing a
reverse flow towards the suction plenum. In this
circumstance the valve plunger is forced to
maintain the valve sealing elements in the open
position from the very first timestep of the suction
cycle until a specific timestep defined by the
control system. The force and the motion on the
valve sealing elements are delivered by
electromagnetic force acting on the valve plunger
through the actuator rod (the actuators are shown in
Figure 1).

Figure 1. Two actuators of an electromagnetic capacity
control system.

One of the main advantages of this system is the
suppression of any possible fluttering motion of the
sealing element. This is achieved by imposing the
sealing element displacement and its steady
position. This allows a reduction of wear of springs
and sealing elements (either plates or rings),
ensuring higher reliability, longer valve life, and
reduction of Mean Time Between Maintenance
(MTBM).

The precision and the repeatability required to
control the sealing element motion throughout the
compressor cycle are ensured and managed by an
advanced control system, which is interfaced with
the compressor control room.

The required set point can be set in the control
room by specifying the parameter to be maintained
constant. The parameter can be the suction
pressure, the discharge pressure, the inter-stage
pressure or other parameters according to the
control room requirements. This signal can either
be generated automatically by a close-loop digital
regulator implemented within the DCS, or it can be
set manually in the DCS or in a local cabinet next
to the compressor (in this way the capacity control
is managed with an open loop). In the first case as
the suction pressure drifts from a reference value,
the controller (usually located in the control room)
modifies the suction valve closure delay: this will
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maintain the set point value constant and will
control the compressor capacity.

Throughout the operations, the control system
performs diagnosis routines on each actuator. In the
unlikely event of actuator failure, the control
system cuts-off the actuator and the system
continues to operate. In addition to that, the control
system adopts specific strategies based on the
compressor configuration to keep delivering the
capacity requested. This is achieved by shifting the
load between the available actuators until the failed
actuator will be replaced.

2.2 The remote connection system

The remote connection system links the capacity
control system to the Data Centre with a VPN
connection (a scheme of the network is shown in
Figure 2).

This allows the Service Team to connect to
customer cabinet and the Data Centre to receive
data and emails from the control boards.

MANUFACTURER

DataCenter

Cloud &i\—)

I 1
Figure 2. Architecture of a remote control module for
stepless capacity control systems

The implementation of a remote connection system
within a stepless capacity control system brings
several advantages for the End-User. For instance,
maintenance activities are targeted to the real needs
and maximise efficiency and minimise the time and
resources required for the maintenance operations.
This capability is also the basis to deliver predictive
maintenance on the operating systems.

In the event of an adjustment or modification of the
compressor operating conditions, the control
system also allows parameter changes. This allows
having a system always tuned and highly efficient.

One of the key challenges with remote connections
of the industrial control systems is the need to
ensure network security, integrity and reliability.

These requirements lead to the implementation of
several features that must be considered to design
the system. These are security protocols based on
VPN connection, protected data storage, password
with two-factor authentication for each operator,
and so on. In addition to that, the selection of
partners with internationally recognized security
standard ensures the security management,
continuous improvement on the long-term, and
fully redundant network of distributed access and
VPN servers. All these aspects help to keep pace
with changes, identify vulnerabilities, predict
security threats and, finally, limit business impacts
in case of a security breach.

2.3 Functionalities of the remote
connection system

The remote connected system is focused on data
security, and allows the following activities:

2.3.1 Teleservice

Remote access allows either continuous or single
monitoring and diagnosis. This possibility allows
parameter adjustments, and also to support on field
technicians during operations.

2.3.2 Remote data

Data from stepless capacity control systems can be
collected and addressed to the Data Centre from
any application or site. This set of data is accessible
to the Service Team, via web service, to monitor
the capacity control system health and usage. Such
data is typically used to detect eventual deviations
and to plan and support proactively maintenance
operations.

The remote connection module records
continuously data for each tag. Each tag is
registered at fixed intervals, and data is recorded
with timestamp in a database. This database can be
examined for statistical analysis, history log, and
trend analysis also in real time. Data files are
transferred via secured protocols to the Data
Centre.

2.3.3 Server web HMI

The remote connection module includes an
integrated web server for monitoring usage. The
remote connection module offers an effective HMI
which can be easily accessed from any web
browser.
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2.3.4 Alarms management

The remote connection system includes several
functionalities related to the alarm management. In
particular it can track the full alarm cycle as alarm
trigger (ALM), alarm acknowledgment (ACK),
return to normal operating conditions (RTN), alarm
end (END). Alarms can be notified via email or text
messages.

The functionalities described can be extended to
compressor variables, by integrating input/output
signals (either analogic or digital), or by PLC
connection through drivers for most common PLC.

2.4 Types of networking

The type of networking selected allow the
separation between control system network and the
End-User network. The network types are listed
below. The selection of the network type varies and
it is usually defined depending the End-User
preferences and available network.

24.1 WAN

In this case the connection is established with a
LAN cable. It can be used if the EU has an Ethernet
cable network available by the compressor site.

242 PSTN

In this case the connection is established with a
cable derived from a PSTN line. It can be used to
connect directly the Capacity Control System
without any relation with the EU network.

243 WIFI

In this case the connection is established on the
End-User Wireless network. It can be used if the
EU has a Wi-Fi network by the compressor site.

244 UMTS

In this case the connection is established on mobile
network with a SIM card installed into the system.
It can be used to connect directly the Capacity
Control System without any relation with the EU
network and without any EU installation job.

3 The manufacturer support for
Customer needs

The growing complexity of capacity control
systems requires the support of specialists —as the
Producer- for the correct management of the typical
operations.

These operations usually are: commissioning (in
which parameters setup occur), compressor and
system start-up (in which parameters are checked
against the effective operating conditions), normal
functioning (in which deviations with respect to the
ideal trends are monitored), full system planned
maintenance (during which on-field technicians
together with in-office technicians, are able to
ensure and check the system performs correctly).

The remote connection allows the capacity control
systems to be constantly monitored and checked by
the Service Team. This ensures the system
performs correctly throughout the operations of its
life cycle, with clear reliability and cost reductions
experienced by the End-Users.

The integrated alarm functions inform the Service
Team via email and/or text messages of deviations
with respect to the nominal behaviour in real time.
The in-office Service team can check and detect the
causes of the anomaly with very limited costs, if
compared with the traditional on-site service team
operation.

Any operation that can be managed via software is
available to the in-office Service Team, as if they
were on-site.

In addition to that, the in-office team has access to
the system history log. This allows the analysis of
trends and deviations of key variables, such as
board temperatures (as shown in Figure 3),
velocities, 4-20 mA signals etc.

Cabinet temperatures

Temperature ['€]

Time [days]

Figure 3. Temperature trend within the electric board of
a stepless capacity control system.

4 Examples of service cases with
remote connectivity

This section reports few examples of operations in

which the remote connection system enabled fast

responses and case resolutions, minimising the
costs on-site ([2], [3]).

4.1 Functionality test (commissioning,
normal operation, maintenance)
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Compressor power: 355 kW
Number of stages: 1
Working gas: H2+CH4+H2S

Country of installation: ~ Germany

Table 1. Compressor information.

During an operation carried out by the End-User on
a compressor equipped with a capacity control
system (see Table 1), it has been required to
disassemble some components of it. As the
operation was completed, and system was re-
assembled, the End-User requested the Service
Team to supervise remotely the capacity control
system re-start.

The Service Team analysed remotely the operations
carried out on the system by the End-User, and
identified the tasks required to verify the setup was
correct.

The activities that were carried out were standard
procedures, which are usually performed during the
system commissioning, or full system maintenance.

Service Team remotely coordinated the End-User
team and all scheduled tests were completed with
success. At this point both the compressor and the
capacity control system were re-started correctly.

4.2 Start-up

those initially recorded and stored in the Data
Centre.

4.3 Root causes and resolution:
incorrect flywheel sensor target

installation
Compressor power: 350 kW
Number of stages: 3
Working gas: C2H4+C6H14+O0thers

Country of installation:  Italy

Compressor power: 1400 kW
Number of stages: 2
Working gas: CO2+CO+H2S

Country of installation: ~ China

Table 2. Compressor information.

Four capacity control systems have been installed
on four new reciprocating compressor units (see
Table 2), which would have worked under the same
operating conditions. At the end of the systems
installation the End-User asked the Service Team to
supervise the start-up of one of the four
compressors. During that supervision the capacity
control has been monitored on-site and verified
ensuring the correct behaviour under different
degrees of capacity control. During the same
occasion trends of compressor parameters have
been recorded and analysed.

The start-up of the other three compressors were
planned later: for each of these three start-ups the
supervision has been carried out remotely, as
scheduled by the End-User.

The capability of setting up a connection with the
capacity control systems allowed a reliable
verification of the correct functioning of the
capacity controls for each of the remaining three
compressors. The verification activity has been
completed by comparing the data acquired during
the first setup with the data recorded during the
next three start-ups. In particular, data stored in the
compressor control room have been compared with

Table 3. Compressor information.

During a non-scheduled maintenance operation on
a compressor (see Table 3), an End-User had to
dismount and reassemble the flywheel. In such
occasion, the End-User has not notified the Service
Team about the maintenance action in progress, by
requesting any check on the correct functioning of
the capacity control system. As the compressor and
capacity control were restarted some anomalies
have been noticed.

In particular, by setting the capacity control system
to zero capacity, the compressor was effectively
delivering what requested. However, if any other
degree of regulation was imposed, the compressor
delivered full capacity. In addition to that, the
actuators were performing some non-synchronized
actuation cycles.

In order to identify the root cause of the problem, a
time slot has been selected with the End-User in
which the compressor could be operated as
requested (full capacity); next, data was analysed
live (via the remote connectivity system). The
operating condition selected was full capacity in
order to mitigate any actuation cycles that may be
harmful for the compressor.

During the observation of the system at full
capacity, it was observed that the compressor was
working constantly at 333RPM, while the capacity
control system was recording random speeds
(different to the effective speed).

Compressor rotational speed and piston position is
determined by using a sensor, which reads the
passing frequency of a target located on the
flywheel (Top Dead Centre Sensor, shown in
Figure 4). The Service Team observed -remotely-
an anomaly on the speed measure and suggested to
the End-User to verify that the positioning of both
the sensors and target complied with the technical
documentation of the stepless capacity control
system.

The End-User verified the positioning was not
correct, and fixed the positioning as specified. The
system started again to perform correctly.
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Figure 4. Flywheel Top Dead Centre Sensor TDC used in
the capacity control system.

4.4 Alarm notifications during
compressor functioning

4.5 Parameters modification on a
working compressor

Compressor power: 355 kW
Number of stages: 1
Working gas: H2+CH4+H2S

Country of installation: ~ Germany

Compressor power: 1730 kW
Number of stages: 4

Working gas: N2+H2
Country of installation:  Switzerland

Table 4. Compressor information.

The plant by which the capacity control system was
installed was down in order to carry out some
planned maintenance activities. The capacity
control system installed on the compressor (see
Table 4) would have been subject to the planned
maintenance, which was scheduled on the
following days. The system, however, was still
connected to the power supply, and it was still
turned on in stand-by for the compressor start-up.

In that circumstance the control board detected an
anomaly in the system and transmitted the warning
to the Service Team via the remote connectivity
system. As the warning was notified, the Service
Team started to analyse the capacity control system
status and proceeded to investigate the root cause.
The root cause turned up to be a disconnection of
the feedback cables that connect the actuators to the
control board. The Service Team could promptly
contact the End-User, giving the warning that some
actuators and connection wires have been
disconnected without turning off the power supply
first —as indicated in the user procedures-.

The prompt communication of this warning —
detected by the Service Team and notified to the
End-User- led to the interruption of the
maintenance operations until the electronic board
power supply was turned off, avoiding any
potential damage or health and safety implications.

Table 5. Compressor information.

A compressor equipped with the capacity control
system was operating under nominal operating
conditions (see Table 5). Suddenly the temperature
in the suction plenum increased rapidly and
exceeded the maximum limit, hence the compressor
engaged an emergency stop. Before re-starting, the
End-User requested a check of the functionalities of
the capacity control system. The check showed that,
despite the flow regulation degree was maintained
constant, the mass flow was reduced drastically.

At this point the Service Team checked the history
trends of the signals, by consulting the history log
stored in the Data Centre. The analysis showed that
as the mass flow changed —as described by the End-
User-, no other signal coming from the control
room had changed. Next, a connection has been
setup with the control board and it was finally
observed that the digital input to idle the
compressor was not coherent with the value
received by the control system. The anomaly was
therefore addressed to a problem on the reading of a
signal that manages the idle condition of the
compressor, regardless the capacity degree
requested, in fact it has been found that a wire
terminal clip came loose. The Service Team was
allowed by the End-User to modify remotely some
parameters and bypass the status of that digital
input. This operation has been possible without
impacting on either the compressor or the capacity
control. From that moment on, the capacity could
have been regulated from the control room, from
0% to 100% flow, with no limitation to any of the
End-User operations.

As the End-User allowed the Service Team to
operate, the team could analyse, perform the root
cause, identify the solution, and deliver the fix and
a functioning system in very short period of time.

The signal terminal connection was restored at the
next planned maintenance, avoiding any
interruption of the production processes.

5 Customised maintenance

The capacity control system records several
variables about the effective functioning of the
devices and systems subject to planned
maintenance. This information allows the End-
User, OEM, and manufacturer Service teams to
identify optimised maintenance plans.
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Thanks to the remote connectivity, the capacity
control systems can share data with the Data
Centre, allowing continuous availability of data and
information that help the End-User throughout the
life-cycle. In particular more efficient maintenance
plans can be offered, and MTBM being extended
up to two years and more based on real condition of
the components, performance analysis during
service and the effective usage of the compressor.

6 Conclusions

The article shows real application of how [oT can
be applied to a stepless control system, hence the
generation of innovative benefits and services for
the End-User.

The system analysed in the article is the first
stepless capacity control system equipped with an
electromagnetic actuator in the world. The system
is patented and deployed on several reciprocating
compressors installed worldwide.

The article described the characteristics and
functionalities of the remote connectivity system:
five real cases of utility of this system have been
presented, and the advantages experienced by the
End-Users have been described. In particular, the
main advantages can be summarised as the
optimisation of on-site service activities in terms of
both minimisation of response time and
minimisation of operations on field, resulting in
cost savings.

The real cases presented in this article have been
selected from the main life-cycle phases, starting
from commissioning, to start-up, ordinary
operations, and maintenance.

As regard as the commissioning and start-up after
maintenance, several functional tests are possible
with the compressor in a stop status. As far as the
compressor start-up it is possible to monitor the
behaviour of the capacity control system, in order
to optimise the parameters and reach the maximum
efficiency of the capacity control system.
Regarding the ordinary use of the compressor, the
diagnosis and problem fixes can be delivered via
the remote connectivity. In particular, the
mechanical deviations can be resolved by remote
diagnosis and supply of instructions to the End-
User; the electrical deviations can be managed with
software-fix packages, and the generic anomalies
with warnings sent via email and SMS.

In conclusion, the availability of a remote
connectivity system integrated within the stepless
capacity control system allows the most efficient
supervision of the system behaviour, ensuring
extremely short response times with respect to the
traditional service action on-site. In addition to that,
the remote connectivity system ensures an
immediate diagnosis, therefore in the event that on-
site service is required, it is possible to prepare,

plan and deploy the service action in the most
efficient way.

Thanks to the remote connectivity system, it is also
possible to analyse the performances in service and
issue customised maintenance plans based on
compressor configuration, capacity regulation
degree required, Customer needs and finally
achieving the extension of the MTBM up to two
years and more.
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Abstract:

Several root-cause analyses (RCA) are executed every year that target fluid-structure interaction
problems in production and process installations. Within the workflow of these projects, field surveys
go hand in hand with computer simulations where, a simulation model is calibrated with measurement
results on which the effect of possible improvements can be explored digitally.

The success of RCA is dependent on every step of the workflow, with several open to discussion, e.g.
the optimal quantity and position of sensors (observability), the selection of to-be calibrated simulation
model parameters and their respective uncertainties. Current approaches are in general focused to an
individual step (observability, or model calibration) and fall short in providing a complete workflow.
Furthermore, the available methods are mostly deterministic and lack insight into the uncertain aspects
of these systems.

Over the years, TNO has developed a cost effective RCA approach, which diligently covers the process
from top to bottom and from both deterministic and uncertainty quantification perspectives. In this paper,
the theoretical foundations of this approach are explained on a case study. PitPoint B.V. operates several
compact, high-speed CNG compressor installations which supply grid gas to a variety of transportation
vehicles. Some installations required unplanned maintenance due to vibration problems, e.g. failures in
the piping and the supporting layout.
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1 Introduction

In order to gain deeper insight in physical systems,
using simulation models have become commonplace
in various disciplines of engineering. Numerical
modelling has already been established as the
standard during the design phase of systems, such as
bridges, process and production systems etc., and the
application areas of these numerical models (digital
twins) have been growing in many directions; root-
cause analysis', system health monitoring?, damage
identification® and many others.

This paper aims to highlight challenges in employing
digital twins within fluid-structure interaction
applications, presents and demonstrates subsequent
techniques to solve these challenges in a root-cause
analysis case study for a natural gas compression
station. The paper addresses the following three main
points;

e O1: Despite their wide acceptance and frequent
use, results of numerical models (digital twins)
do not necessarily match measured data on many
occasions. In case numerical models are
expected to be a part of root-cause analysis or
health monitoring workflows, they need to
satisfactorily represent the reality.

Systems tend to get more complex over time
which leads to increasing uncertainty of
numerical models. To reflect the real-life
behaviour of complicated systems, digital twins
need to be calibrated in light of measurement
data.

Conducting these calibration tasks manually is
either too cumbersome or simply impossible
without a significant loss of accuracy, especially
since  physical problems are usually
combinatorial and all uncertain parameters need
to be handled af once. In this respect, automatic
calibration (model updating) methods are
needed.

e 02: The quality of model calibration techniques
depend largely on the quality of measurements.
Model calibration cannot be accurate if
behaviours of interest are not observed in the
measurement data due to badly placed or
insufficient sensors. Furthermore, as operational
speeds of many production or process systems
increase, these behaviours of interest get more
complex, make it harder to maintain the high
quality or completeness of measurements.
Identifying measurement locations manually, in
most situations, may lead to either incomplete
measurements which do not capture behaviours
of interest or a very large quantity of sensors that
capture the system very well, at the expense of
the project budget. With the help of sensor
location optimization approaches, location
identification can be done optimally; extracting
maximum amount of information from the
system with minimal number of sensors.

e 03: Most model updating and sensor location
identification efforts are deterministic in nature
and do not cover uncertainty in model
parameters, measurements and the uncertain
nature of engineering systems; what happens
when things change in real-life over time? This
has significant effect on the robustness of model
updating and sensor location identification
procedures and their omission may lead to
inaccurate results in particularly if changes over
time are considerable.

To the authors’ best knowledge, the presented work is
the first compilation of the above mentioned items
(01 to 03) for fluid-structure interaction problems
within the oil and gas industry and the inclusion of
the uncertain nature, in the way described in Section
3.3, can be considered a novelty.

In the next section, a more detailed explanation is
given to the listed problems. In Section 3, background
information is presented on the currently available
model updating and sensor location identification
methods. These methods lay the theoretical basis for
the adequate usage of digital twins. In Section 4, a
relevant case study is presented, where the explained
model updating techniques (in Section 3) and the
results of a field survey are used to obtain a calibrated
physical model of a failure-prone compressor system.
The calibrated physical model is used to verify the
root cause of the failures. Finally, in Section 5, the
conclusions and recommendations are given.

2 Review of Technical Challenges

Approximating real life behaviour of systems and
components, such as bridges and jet engines, with
simulation models has been a focus of research for
decades. Two major challenges have been identified
in the process; updating simulation models to match
measurement results and, subsequently, ensuring that
the measurements (mainly the measurements
locations) adequately capture behaviours of
importance.

2.1 Model Updating

Real-life systems contain many details that are
wrongly estimated or ignored to keep computational
models as simple as possible. The exclusion or
unrealistic implementation of these important details
can adversely affect the accuracy of simulation results
(01). A few typical examples which result in
modelling uncertainty in structural dynamics are
mechanical damping, non-uniform material and
element properties, properties of element joints and
model constraints, e.g. welded, bolted, adhesive or
friction based connections and boundaries®.

In Figure 1, a simple example of modelling
uncertainty is shown for a fixed cantilever pipe,
clamped on both sides. In case (flexible) rubber is fit
in between the pipe and clamp, the first natural
frequency (f,,) of the structure may be significantly
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reduced (by factors of 2 to 5) as a function of rubber
properties and thickness®. Such uncertain details
present a challenge to simulation models and, usually,
require validation. There are several investigations in
the literature, for instance, on the effect of welded
joints, and bolt torques at model boundaries® and the
effect of non-uniform cross-sectional properties’.

& F N
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Figure 1: Effect of boundary stiffness on the first
natural frequency of a cantilever beam. Red colors
denote locations with larger movement (kinetic

energy).

In order to account for the aforementioned complex
or ambiguous details (viz. flexible model parameters),
simulation models usually have to be updated with
the help of either validation measurements or more
accurate simulation models and with preference on
the former.

Historically, there have been two main approaches in
model updating; representational or insight-based.
The former aims at directly arranging the physical
model, e.g. mass and stiffness matrices in structural
mechanics, such that they accurately match the
measurements. However, any underlying physical
modelling basis may be lost with this approach as the
tuning is done on the “matrix level”. Despite a good
match between updated simulation model and
measurements, any change to the mechanical layout
or the effect of alternate loading conditions on the
structure cannot be investigated with this approach.

The insight-based approach requires considerable
physical interpretation skills. This approach is built
on the identification of a set of flexible simulation
model parameters, which can be tuned to match
measurements. Compared to the previous approach,
the emphasis is put on correcting the physically
meaningful, although uncertain, modelling
parameters. Hence, the aim is not only to mimic
measurement results but to obtain accurate
representations of the system of interest such that the
updated model can also be used in the prediction of
possible future layout improvements or in the
identification of possible future problems. Insight-
based approach is considered the most suitable for
root-cause analysis purposes since the updated
simulation model is aimed to be used for the
evaluation of solution options.

Lastly, most of the reviewed work focuses on model
updating with respect to (free) modal analysis results
(natural frequencies and mode shapes) and not
mechanical response to force excitation (e.g.

frequency response functions). The primary
advantage of modal analysis based model updating is
the exclusion of damping modelling. However, it
should be noted that damping plays an important role
in the response of systems and its omission
complicates the accuracy of the main root-cause
analysis deliverable; pressure or vibration/stress
responses of the system. Furthermore, systems with
high modal densities impose considerable difficulty
during mode identification and usually preclude the
usage of modal analysis based model updating
methods®”’.

2.2 Sensor Location Optimization

As expected, the richness (completeness) of
information contained in measurements determines
the extent to which a numerical model can be
improved by updating. In this context, completeness
can be defined as the ability of the measurement setup
to produce data that are relevant for describing the
dynamic behaviour (observability) and for updating
of physical model parameters.

The best illustration of observability can be given in
the lack thereof. An extreme case of incompleteness
occurs when sensors (or inputs) are present at
vibration nodes but not at antinodes (02). In Figure
2, the first three mode shapes of a fixed cantilever
pipe can be seen. If the goal of the measurement is to
capture the first two modes, it is evident that a single
sensor at the middle of the pipe is not enough, as the
second mode will not be observed by this sensor.

15t Mode E} ?n’ %:
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Figure 2: The first three mode shapes of a
fixed-fixed beam.

It should also be noted that this reasoning, i.e. sensor
placement at each vibration antinode, may lead to a
significant amount of sensors (one for each
wavenumber) in cases where many mode shapes need
to be observed. Therefore, sensor location
optimization must aim to optimally (within error
margins) capture the dynamic behaviour of
importance with minimal amount of sensors.

3 Used Methodology

3.1 Sensor Location Optimization Approach

There are numerous techniques in the literature that
aim to find the optimum amount and location of
sensors for a given problem.

The most commonly used scheme is the modal
kinetic energy method'?. The method is essentially
built on the reasoning given in Section 2.2. In this
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method, the kinetic energy of a system is divided
between modes and, to satisfactorily measure any
mode, the kinetic energy at the sensor location must
be a significant proportion of the total for a given
range of modes. Even though the approach is intuitive
and easy to use, the method does not offer a set of
measurement locations by itself. However, the
method gives an estimate on the validity of chosen
locations, during the use of trial and error procedures.

Out of many reviewed methods, the Effective
Independence Distribution Vector (EIDV)':12 method
was found to be the most effective and practical. The
mathematical basis of the method lies in the eigen
vector solution itself. The finite element formulation
of a continuous structure can be given as;

M# + Cx + Kx = f(¢) (1)

where f represents forcing and M, C, and K are the
mass, damping and stiffness matrices respectively.
Assuming a  solution as x(t) = x(w) * e™t,
neglecting the damping, forcing and solving for the
eigenvalues leads to the eigenproblem;

Kd)] = AJMCDJ ) ]= 1)"'rn (2)

with @; as the eigenvectors (of M 1K) and A; as the
corresponding eigenvalues (sz). A modal matrix can
be constructed with eigenvectors in the columns (7)
and potential sensor locations (7) in the rows, giving
an rxn matrix;

<(D1(P1) (Dn(pl)> 3
¢)I‘XTL: N i . B

(Dl(pr) ch(pr)

where p; denote the jsensor location. The method is
customizable as well; one has the ability to dictate
where sensor placement is not desired (by removing
corresponding rows) or to specify which modes need
not be observed (by removing corresponding
columns). These mentioned changes result in a
reduced version of the model matrix, ®g. From here
on, the Fisher information matrix, Fs, can be
constructed as;

Fs = T by, 4)

where 7 stands for the transpose operation. In short,
the larger the determinant of the Fisher information
matrix (Fs), the more information the matrix contains.
Thus, one should aim to minimize the number of
sensor locations while maintaining a high value of the
determinant; the best locations are those that result in
most linearly independent modes and sensors are
placed such that multiple modes are observed at the
same time.

3.2 Parameter Estimation Approach

Several parameter estimation methods have been
proposed in the literature for model updating
purposes. They range from gradient based
approaches, to genetic and machine learning
algorithms'3,

Considering its simplicity and flexibility of usage, a
gradient based Gauss-Newton optimizer, is selected
as the optimization algorithm. The chosen optimizer
iterates on the values of flexible parameters (e.g. the
rubber stiffness of Section 2.1) such that an objective
function is minimized. The objective function
represents the difference (distance) Dbetween
simulation and measurement results. Thus, the
smaller objective function, the better the estimation of
the model parameters. The used objective functions in
this study are of Euclidean norms (straight distances
between two points).

3.3 Deterministic vs. Probabilistic Approaches

The sensor location and model updating techniques,
presented so far, are of deterministic nature. For
instance, the optimal sensor locations are only ideal
for a given set of model parameters. The robustness
of the optimal sensor locations is dependent on the
uncertainty of model parameters how much variation
is expected in model parameters over time. For
example, a support may get loose over time, resulting
in different mechanical modes and, thus, degrading
sensor location performance. The sensor location
identification approach described in Section 3.1 is
fast and allows for assessing robust sensor locations
(03), using e.g. a Monte-Carlo'> technique to sample
from assumed probability distributions of uncertain
model parameters.

Moreover, deterministic model updating approaches
result in a single set of optimal model parameters.
The robustness of this single realization is also
questionable as many problems are ill-posed and
multiple sets of parameter values (multiple
realizations) may converge to the measurement result.
Thus, the obtained set of model parameters run the
risk of being nonunique.

To deal with limitations in deterministic approaches,
a Bayesian model updating technique'* can be
adopted that allows for a probabilistic description of
measurements and prior knowledge of the flexible
model parameters. Using Bayes method, a posterior
parameter distribution can be derived. Then, the
posterior distribution of model parameters can be
sampled, e.g. with the randomized maximum
likelihood method'®, and multiple realizations model
parameters can be obtained, leading to increased
robustness of results (03).

To the authors’ knowledge, using probabilistic
sampling combined with deterministic optimization at
each sample presents a novelty for model updating
and sensor location identification approaches within
fluid structure interaction problems.

4  Case Study

4.1 System and Problem Description

Severe vibrations, accompanied by frequent fatigue
failures, were observed at a number of CNG
compressor stations in the Netherlands. These stations
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all have the same type and brand of compressor
package. The evaluated compression system is
composed of two 4-stage, 2 cylinder compressors
which supply pressurized gas to transportation
vehicles. The cylinders each have 2 different stages at
their head and crank ends, separately. The
compressors have a fixed speed of 1060 RPM and are
usually operated with one functioning and one
standby (2x100%). The system operates with variable
suction (1.2 bara to 6 bara) and discharge pressure
(147 bara to 247 bara) ranges.

Figure 3: The overall layout of the compressor skid.

The 3D model of the system is visible in Figure 3.
The system is designed to be relatively compact with
all necessary equipment present within the skid itself.

Severe vibrations were observed in the piping near
the compressor cylinder connections and,
accordingly, the cylinder connections (at the weld
locations) had damages, as seen in Figure 4. These
failures lead to unplanned maintenance on the system
and, thus, impose a burden on the operator.

Figure 4: The weld history at the 4th stage suction
cylinder connection.

A field survey was conducted in order to get as much
insight as possible to the problem, from both acoustic
and mechanical perspectives. The observations and
measurement results of the field survey are, then,
used to improve the simulation model (digital twin)
of the system, that forms the basis of reference of any
possible to-be investigated improvement step. The
following sections present the measurements, the

calibration of the simulation model and the
verification of the root cause of the failures. The
given acoustic and mechanical recommendations,
aimed to solve the experienced failures, are not within
the scope of this paper.

4.2 Observations from the System

During the field survey, an inspection took place to
identify locations that may result in modelling
uncertainty at the simulation model and the identified
locations are used as flexible model parameters in the
subsequent work.

From Figure 5 to Figure 8, several of these spots can
be seen. Firstly, the skid frame rests on several
springs, as seen in Figure 5, that are designed to limit
the mechanical transfer between the compressor and
the foundation of the compressor building. Although
the mechanical transfer to the environment is indeed
limited, the springs create a very flexible boundary
for the system.

Figure 5: A sample spring, at the bottom of the skid
frame.

Both cylinders were found to be unsupported, as seen
in Figure 6. Considering the large span between the
crosshead guide and the cylinder outer head, the lack
of cylinder supporting was expected (and later
measured) to have an adverse effect on the
mechanical response of the system. Therefore, the
cylinders were also included in the measurement
campaign and were later modelled with the available
3D model of the system to realistically include the
stiffness and mass of the compressor.

Figure 6: The first and third stdge éylinder.
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Additionally, the separators were mostly found to be
overhanging. Some have connections to the top of the
skid frame, as seen in Figure 7 and Figure 8. The
construction with U-bolts and the flexible rubber
imposes a significant amount of uncertainty, in terms
of provided stiffness, to the mechanical model and
were picked as flexible parameters for the model.

Figure 7: The supporting at the top of the 3™ stage
separator, side view.

Figure 8: The supporting at the top of the 3’ stage
separator, top view.

Furthermore, some separators are connected to the
cylinder connection flanges by small plates, shown in
Figure 9. These connections were reported to be
damaged several times during the operation of the
system, implying a high strain/stress problem near the
cylinder connections.

Figure 9: The 2 stage scrubber bottom connection
to 2" stage suction cylinder connection.

4.3 Measurements

The overall mechanical response of the system
depends on the dynamic forcing as well as the
mechanical properties of the system. The considered
forcing in the analysis comes from the dynamic
pressure field in the piping due to the pulsations
generated by the compressors and the gas stretch
forces in the cylinders. Accordingly, the conducted
field survey contains both pressure pulsation and
vibration measurements.

Pulsation measurements could only be done at 3™ and
4™ stage cylinder outlets since the piping does not
have any other connection available. However, due to
the simplicity of the piping, a high wavenumber (high
order mode shape) is not expected in the piping
system (see Section 2.2 and Figure 2). Hence, it is
possible to capture the acoustic response of this
system with a limited number of sensors.
Furthermore, the proximity of the pulsation
measurement locations to the cylinders enable a close
characterization of the pulsation source, i.e.
Compressor.

As opposed to the pulsation measurements, vibration
measurements were done on a variety of locations, as
seen in Figure 10. In summary, vibrations were
measured at cylinder heads (V1 and V2) , tops of
separators (V4, V5, V6) and the frame (V7, V8, V9).
These locations were chosen based on a preliminary
analysis of expected modes (see EIDV in Section 2.2)
relevant to the motion around the cylinder
connections (targeting the weld failures) and the
motion of the frame.

A separate measurement was also conducted to
quantify the mechanical transfer between the frame
bottom and the foundation. This measurement helped
to quantify the dynamic stiffness properties of the
mechanical springs, shown in Figure 5.

Figure 10: The fixed vibration measurement points.

The measured pressure pulsation levels can be found
in Figure 13 and vibration velocities are presented in
Figure 14 and Figure 15.

It should be noted that the measured pulsation levels
were above the limits specified by API 618. The
measured exceeding in pulsation levels, especially at
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these relatively high frequencies, is considered to be
harmful.

Although not directly applicable for spring mounted
compressors, EFRC Vibration Guidelines'® were used
as allowable levels for screening measured vibration
levels. The measured vibration levels were found to
be significantly exceeding the C/D zones of EFRC
Vibration Guidelines. Furthermore, the relative
motion between the 3™ stage separator (V5) and the
153 stage cylinder head (V1), shown in Figure 14,
is considered to be excessive and could be seen as a
direct root-cause of the fatigue failures at the suction
cylinder connection — this is verified in the desktop
analysis. Similar mechanical behaviour was also
observed at other separators, see Figure 15.

4.4 Initial Modelling

The acoustic/mechanic modelling of the system was
done based on the input received from the compressor
vendor, the compressor valve vendor, and the
operator.

The acoustic modelling was done with TNO software
Pulsim. Pulsim is a method of characteristics solver
for wave propagation problems in time domain.
Pulsations are generated by the compressor, in this
case, and are propagated within the system. In case
pressure pulsations encounter reflecting boundaries,
the system might experience acoustic resonances, so-
called standing waves. The damping of these acoustic
resonances, due to friction, is also captured with the
solver due to its time marching nature. One of the
largest uncertainties in acoustic modelling is the
speed of sound of the medium. A sensitivity analysis
is done by evaluating within a range of speeds of
sound around a nominal value. This sensitivity is
used in the model updating process later on while
comparing measured and simulated spectral contents.

Subsequently, a mechanical model was created in
ANSYS. The piping and the supporting layout were
modelled with beam elements. The compressor,
including the motor!’, was modelled with 3D
elements and, then, reduced to a linear combination
of mass and stiffness matrices, valid in the frequency
range of interest (0-100 Hz). This reduced order
modelling (ROM) approach allows fast and accurate
calculations.

The uncertain items, listed in Section 4.2, namely the
ground springs, the rubber based or U-bolt type
connections are modelled as fixed in the initial model
but are used as flexible parameters for model
updating purposes later on. The considered excitation
mechanisms are pulsation induced shaking forces in
the piping and the gas stretch forces in the cylinders,
that are computed in the acoustic analysis. Inertia
forces are not included in the analysis.

The received CAD file and the final Pulsim model
can be seen in Figure 11and Figure 12.

s
Figure 11: CAD model of the compressor skid.

Figure 12: Pulsim model of the system. Mechanical
beams, that represent the compressor, are for
illustration purposes only.

4.5 Model Updating and Results

With the aim of getting the forcing right for the
mechanical model updating, the initial model
updating effort was conducted on the acoustic model.

The simulation results need to mimic the measured
results both in terms of the relative contribution of
frequencies to response (spectral content) and the
absolute amplitudes at each frequency. From an
acoustic standpoint, the spectral content is largely
dependent on the acoustic resonance conditions and,
accordingly, the speed of sound in a system. Firstly,
an optimal speed of sound value was determined that
gave the most spectrally coherent simulation results
with respect to the measurements. The optimal speed
of sound value was found to be -6% of the nominal.
Afterwards, further optimization is done on the
absolute amplitudes by slightly changing the acoustic
damping within the system. The optimized simulation
results show an overestimation of a maximum of 10-
15% for the lower frequencies and larger for the
higher frequencies, compared to measurements. The
simulation results are displayed in Figure 13.
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Figure 13: Measured vs. simulated pulsations at 3rd
(top) and 4th stage (bottom) compressor outlets.

The next step in the analysis was to update the
identified uncertainties within the mechanical model
with the help of a Gauss-Newton optimizer. The
items listed in Section 4.2 (modelled as springs, with
6 degrees of freedom each), and the flexibility factors
of the (numerous) flanges within the pipe system
were used as flexible parameters.

In total, the optimizer ran for over 20 different
degrees of freedom at once, and optimal parameter
estimations could be obtained in only a few hours; a
feat not achievable manually (O1). The simulation
results with the updated model can be seen in Figure
14 and in Figure 15.

Looking at Figure 14 and Figure 15, one can
conclude that the measured spectral content of the
system was adequately captured by the updated
simulation model. However, it should be noted that
the updated model wusually overestimates the
mechanical response, with a maximum error of
around 15% compared to the measurements. Further
optimization could still be made over the used critical
damping ratio (of 2%).

The calculated stress levels, resulting from the
calculated vibrations (Figure 14 and Figure 15) range
between 45 to 70 MPa at the cylinder connections and
reach around 20 MPa in the main piping. The high
stresses in the cylinder connections are caused by
high local cyclic shear - large relative motion
(vibrations) between separators and cylinder heads.
The calculated values, especially at the cylinder
connections, exceed allowable levels with respect to
API 618 and, therefore, are concluded to be the
root-cause of the fatigue failures (displayed in Figure
4).
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Figure 15: Measured vs. simulated vibrations at
2nd/4th stage cylinder (V2), 2nd (V4) and 4th (V6)
separators.

During the analysis, it was found that the mechanical
behaviour near the cylinder connection was to a
larger extent influenced by stiffnesses of the rubber
connections, seen in Figure 7, and to a lesser extent
by the flange flexibilities in the high elevation piping.
The obtained optimal translation stiffness values for
the rubber connections are in the order of 1e5 kN/mm
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and the flexibility factors of flanges were found to be
in the order of 0.2.

In Figure 16, the distance between the initial and
updated mechanical simulation results can be found
for the vibrations at the 3" stage separator (V5). From
a spectral perspective, it is clear that the initial model
does not match the measured behaviour of the system.
The measurement results indicate that the vibration
levels are dominated by lower orders of the
compressor speed than what is predicted by the initial
model. The primary reason is that the higher
frequency mechanical modes, from the standpoint of
the initial model, are excited at much lower
frequencies due to the flexibilities of the supporting
layout, during the measurements. It can also be seen
that, vibration amplitudes are underestimated by
factors of 3 to 4 at the dominant frequencies. Thus, it
can be concluded that standard, simplistic,
mechanical modelling assumptions may lead to
severe inaccuracies.
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Figure 16: Initial model results vs the updated model
results for the 3rd stage separator (V35).
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Lastly, the good agreement between updated
simulations and measurements imply that the
measurements were complete and that the sensor
locations were close to optimal for the considered
frequency range and behaviours of interest.
Furthermore, considering the large difference
between the initial model (where the sensor locations
were derived from) and the updated model (with large
uncertainties accounted for), the chosen locations can
also be considered robust (03).

Although, the used set of sensors adequately observe
the motion at the cylinder connections, they would be
blind (02) to the motion at high elevation piping,
depicted in Figure 17, in case that motion also needed
to be covered.

ARFTS Feleass o
Build 197

Mode at 82 Hz (V5)

Figure 17: A high frequency mode near V3, around
4th harmonic of the compressor, that may not be
captured adequately due to insufficient sensors.

5  Conclusions and Future Possibilities
A brief summary of conclusions is as follows;

e  Automatic model calibration and sensor location
identification methods were explained and used
successfully in a root-cause analysis case study
for a compact CNG system. The results of the
calibrated model were used to confirm the root
cause of the fatigue failures in the system and to
shed light to improvement options. The latter
was not in the scope of this paper.

e An inspection of the CNG system revealed
irregularities within the piping system and the
relevant mechanical properties of these
irregularities were used as flexible parameters
during the model updating process. The used
Gauss-Newton optimizer handled over 20
flexible parameters at once and delivered an
updated simulation model in a few hours. This
process would have taken at least a few days, if
done manually (O1). However, it should be
noted that the issue of which parameters to
choose for the updating process still remains
subjective and case-based. The success of the
model updating largely depends on the
engineering judgment of the involved parties.

e Even though irregularities (with large

uncertainties) were identified within the system,
the chosen sensor locations were found complete
and robust enough for model updating purposes
(02), considering the good agreement between
measurement and updated model results.
The Bayesian approach, given in Section 3.3,isa
suitable way of including large uncertainties of
model parameters in sensor location
identification problems (O3).

e  The desktop analysis, presented with this work,

was done off-line. An alternative to this off-line
approach is real-time condition monitoring.

With an adequate initial model, continuous
model updating and connection to a monitoring
system can be sufficiently fast to track any
harmful changes in operation and warn the
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operators in advance. This workflow could lead
the way to defining predictive maintenance
solutions or pre-emptive shutdown strategies.
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Abstract:

Although popular in the U.S. natural gas market for over 60 years, the modularization, or
packaging, of reciprocating compressors is relatively new in other industries and elsewhere in
the world. Unlike the traditional block mounted compressor system which generally requires a
significant amount of field fabrication and assembly; a modularized compressor system results
in an almost “plug and play” scenario. This offers significant benefits in both overall project cost
and installation / commissioning time.

Identifying the application and selecting the appropriate compressor is just the beginning. The
design of the compressor package is determined by a number of factors, including customer
specifications, industry standards, the compressor manufacturer requirements, third party
engineering studies and the installation location.

This paper will briefly describe the history of the compressor package, what makes up a
compressor package, some of the factors that influence the design and will point out some of the
things the Purchaser should look for when purchasing a compressor package. It will also briefly
discuss the advantages and disadvantages of modularization.
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1 Introduction

Reciprocating compressors have been around for a
long time. They are in a wide variety of locations
including onshore, offshore, in the jungle, in the
desert, in the city, in the country, in gas plants, in
refineries and chemical plants, etc. In other words,
reciprocating compressors are located wherever gas
compression is needed.

Initially, reciprocating compressors were block-
mounted. In a block-mounted installation, the
compressor and its associated components and
auxiliary systems are shipped to site and assembled
on a concrete block. This type of installation is still
used today, primarily in refineries and chemical
plants or in cases where very large compressors are
utilized.

Another type of reciprocating compressor installation
is a modularized compressor system. A modular
compressor system, commonly referred to as a
compressor package, includes all the items required
for a complete compressor system, including the
compressor, driver, pulsation dampeners, process gas
coolers, moisture separation, auxiliary systems and
the associated instruments and controls; all installed
on a structural steel skid. This skid mounted
compressor system is transported to site and minimal
assembly is required; thereby reducing the
installation cost and time to commission the unit.

The use of modular (packaged) compressor systems
is becoming more popular in all phases of the oil and
gas industry; including gas gathering application, on-
shore and offshore facilities and increasingly, in
refineries and petrochemical plants. These highly
engineered systems have proven successful,
regardless of the application, installation location, gas
composition, and operating conditions.

This document will provide the history of the
modularized (packaged) compressors and will
describe the factors that go into their design. Please
note that it is impractical to cover all aspects of
package design in a single document but the intent is
to highlight some of the factors that go into the
design and to provide some guidance in what to
consider when purchasing or specifying a compressor
package.

Note, compressor module and compressor package
have been used interchangeably in this document.
The term “package” is used as either a noun (the
compressor package) or a verb (to package a
compressor means to assemble the complete
compressor system on one or more structural steel
skids).
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2 History

The use of packaged compressor systems began with
the development of the natural gas pipeline and
transmission system in the U.S. at the end of World
War II. Remote natural gas fields made it impractical
to use large integral engine compressors for on-site
installations.

Smaller, single throw, belt driven compressors, such
as the Worthington HBGG and the Ingersoll Rand ES
line were easier to install at remote locations. The
success of these smaller compressors led to the large
integral engine compressor manufacturers developing
smaller versions of their large integrals, which could
be skid mounted along with their piping, process gas
and oil coolers and local control panels. These were
the first compressor packages.

In the period from the late 1950’s through the 1960’s,
short  stroke, balanced-opposed, high speed
compressors were developed by a number of
companies, including Ingersoll Rand, Worthington,
Cooper Bessemer and Ariel. These compressors
were direct driven by existing industrial engines.
Because of their smaller size, these compressor
systems were very suitable for modularization. The
module included the compressor, engine, piping, gas
coolers, controls and auxiliary systems, installed on
structural steel skids and then transported to and from
locations with minimal disassembly. The packaged
compressor concept became very popular and
ultimately led to the decline of the integral engine
compressor in the early 1990’s.

For over a century, the refinery, petrochemical and
industrial gas industries have used long stroke, slow
speed compressors almost exclusively. Due to their
size and the size of their electric motor drivers, they
are normally block mounted. Today, short stroke
moderate speed compressors are becoming more
popular.  Because they are very suitable for
packaging, they offer significant cost savings vs. the
long stroke, slow speed block mounted units.
According to multiple End Users, packaged moderate
speed, short stroke compressors were typically 50-
60% of the installed cost of the block-mounted, long
stroke, slow speed compressors.

Although modularization began with smaller
compressors for remote locations, today reciprocating
compressors rated at 5 MW or more are routinely
packaged and shipped. In addition to remote natural
gas fields, compressor packages are now located
anywhere in the world that gas compression is
required.

Figure 1 shows multiple 6 MW compressor packages
used in natural gas transmission service.
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Figure 1: Multiple 6 MW compressor packages used
in natural gas transmission service.

3  Package Scope of Supply

The primary factor in the design of the compressor
package is the scope of supply. In simple terms, this
comes down to the following questions:

What is the gas?

How much do you need to compress?

What are the operating conditions?

What type of driver do you want?

What is the required run-time between
shutdowns?

What other specifications apply?

o  Where is the compressor to be installed?

o  Who is supplying what?

O 0 0 O O

O

Customer specifications and datasheets will answer
these questions. For this paper, we will assume the
compressor Packager will supply all of the package
related items.

3.1 Compressor Selection

It all starts with the compressor selection. The
Request for Quotation (RFQ) will include customer
specifications and requirements. It will also refer to
any applicable industry standards, such as API 618,
APl 11P ISO 13631 or ISO 13707.  These
specifications may include supplements to these
standards, specific to the project.

Upon review of the RFQ, the compressor
manufacturer (or their respective distributor) will use
proprietary software to make a compressor selection.
Besides the operating conditions, other items
considered when making the compressor selection
are the type of driver; whether the compressor is
lubricated or non-lubricated, capacity control
requirements and the expected runtime between
shutdowns.

3.1.1 Operating Conditions and Gas

Composition

The gas composition, operating conditions and
required capacity will determine the size of the
compressor. The compressor must be large enough
to deliver the required flow at the given pressures
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without exceeding limits imposed by the
manufacturer, customer or industry specifications.
These limits include discharge temperature, cylinder
MAWP (maximum allowable working pressure) and
rod load. Although rarely, if ever, used in the
upstream oil and gas market, it is also common in the
downstream compressor market to limit the
compressor rotating speed and the average piston
speed.

The gas composition is important because it effects
the properties of the gas, such as the isentropic
compression exponent (k-value) and the gas specific
gravity. Combined with the operating conditions,
these will determine how many stages are required
and how much power is required. A gas with a
higher k-value (or “n”) will typically require more
stages for a given set of operating conditions than a
gas with a lower value, because of discharge
temperature limits. In the case of hydrogen, which
has a k-value of about 1.4, API 618 and ISO 13707
limit discharge temperatures in hydrogen rich service
to 135°C (275°F). Unless specified, discharge
temperature limits for other gases depend on the non-
metallic wear part materials. It is quite common in
the upstream oil and natural gas market to have
discharge temperatures between 150 and 175°C (300
and 350 °F).

Gas composition will also determine the materials of
construction, for both the compressor and the
package. As an example, gases with hydrogen
sulphide (H,S) will require stainless steel. It is
common for these sour gas applications to have
stainless steel piston rods, valves and possible
stainless process gas piping and vessels. This may
also be the case with wet carbon dioxide (CO,)
applications, such as those in a fertilizer plant.

The specific gravity or molecular weight of the gas,
combined with the cylinder displacement and speed
of the compressor effects the differential pressure
across the valves; therefore the rod load and power
required. For a given cylinder displacement, a
heavier gas will have a higher differential pressure
across the compressor valves than a lighter gas,
resulting in increased power losses across the valves.
Similarly, for a given cylinder displacement, a higher
speed compressor will result in higher valve power
loss for the same gas.

Whether the gas is wet or dry determines the size
requirements for inlet and interstage separators.
Heavy hydrocarbon gases typically require
significant separation vessels and their associated
controls.

Low-pressure applications will require large
cylinders, large diameter piping, valves and large
diameter vessels.

3.1.2 Capacity Control

Capacity control of a reciprocating compressor can
be accomplished a number of ways. These include
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speed control, suction valve unloaders, adding
clearance to a cylinder (spacers, clearance rings or
clearance pockets) or by recirculation (bypass).
These may require additional components or controls
that affect the package design.

Clearance pockets and suction valve unloaders are
normally manual, pneumatic, electronic or
hydraulically operated. = All automated clearance
pockets will require additional controls, wiring,
junction boxes, tubing etc. In the case of
hydraulically operated devices, a closed loop
hydraulic system is required. Control of these
devices is either local, through a skid mounted
control panel or remotely with an off-skid distributed
control system (DCS).

Figure 2 shows a cylinder with a head end (HE)
variable volume clearance pocket (VVCP) and

Figure 2: Cylinder with head end variable volume
clearance pocket and suction valve unloaders.

Whatever the means of capacity control, the various
load steps need to be included in the engineering
studies performed on the package.in order to
determine the impact on pulsation, natural frequency
and torsional and mechanical vibration.

3.1.3 Purge and Vent Systems

The purposes of the distance piece purge and vent
systems (along with the packing and distance piece
arrangements) are to:

o Provide a means to prevent process gas
leakage into the compressor crankcase and
into the area surrounding the compressor.
This is especially important due to
environmental  concerns and  when
compressing hazardous or toxic gas.

o Provide a means to prevent the distance
pieces from filling with oil.

o Prevent contamination of the crankcase oil.

o Indicate the condition of the compressor
piston rod packing.

There are a number of ways that the purge and vent
systems can be designed. API 618, Annex I provides
detailed recommendations for the purge and vent
systems and includes schematic diagrams showing
typical arrangements for single and two compartment
distance pieces.

I LAl ENGINEERING OF COMPRESSOR PLANTS

Figure 3 shows a distance piece vent and drain
arrangement using individual vessels for collection.

Figure 3: Compressor package showing vent and
drain collection pots.

The compressor purge system may require a purge
panel, as shown in Figure 4. This includes individual
flow indicators and controls for each purge point.

Figure 4: Purge control panel.

3.1.4 Frame and Cylinder Lubrication

The design of the frame lubrication system will likely
be either the manufacturer’s standard or in
accordance with the applicable industry standard
(API 618, 1SO-13631, ISO-13707 or API 614). The
requirements for each will determine the number of
coolers, pumps and controls required.

The “simplest” arrangement is using the main
lubrication oil pump driven off the compressor
crankshaft, a single cooler and filter arrangement.
The more complicated systems, such as required by
API 614 require dual lube oil coolers, dual element
filters, two electric motor driven pumps and a
backpressure regulator. This system will require
significantly more space. Typically, API 614 lube oil
systems are separate consoles; however if space
permits, they can be part of the main compressor
skid.

In general, cylinder lubrication systems are either
divider block systems or pump to point systems.
They receive their oil supply from the compressor
crankcase or through a separate day tank. For the
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same compressor and operating conditions, a pump to
point lubrication system will be larger and take up
more skid space than the divider block system.

Another consideration is make-up oil. This can be
part of the package design or supplied during routine
maintenance.

3.1.5 Cylinder and Packing Cooling

Whether or not a cylinder jacket water system is
included in the compressor scope of supply will
affect the layout and size of the package. Cylinder
cooling systems will require additional piping,
instrumentation, controls, pumps and coolers. If a
closed loop cooling system is used, a stand tank will
also be required.

Pressure packing may also require cooling. This will
be determined by the operating conditions, whether
the compressor is lubricated or non-lubricated or by
manufacturer and/or customer requirements. In most
cases, packing cooling systems are standalone, closed
loop systems with a stand tank, pumps, cooler and
valves.

3.1.6 Process Gas Cooling

For most multi-stage compressor systems, interstage
gas coolers will be required. The cooler type will
have a significant effect on the overall size of the
package. Shell and tube type exchangers will require
less area than an air exchanger (fin-fan) type cooler.
With a gas engine driven compressor, it is normal to
drive the cooler fan with the auxiliary end of the gas
engine. Depending on the size of the compressor /
engine, this cooler can be in excess of 10 meters (33
feet) in length and 5 meters (16 feet) in height.

Typically, the water supplied to shell and tube
coolers is from cooling towers or rivers or in
shipboard applications, the ocean. There are also
cases where a closed loop, tempered water system is
used, which may increase the overall package
footprint. The type of cooler (ex. u-tube, single or
double pass etc.) will determine the routing of the
associated piping and therefore the package layout.

Other process gas coolers used (primarily on smaller
compressors) include the plate and frame type and
the spiral flow exchanger; both of which can
significantly reduce the overall package footprint.

Cooling of the process gas between stages can result
in liquid dropout. To prevent liquid carryover,
properly sized interstage moisture separators will be
required. = These can be standalone vessels or
incorporated in the suction pulsation dampeners or in
rare cases, the process gas coolers. There are a
number of process simulation programs available that
can estimate the amount and composition of the
liquid dropout at the suction and interstage of the
COMpressor.
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3.2 Driver

Although the operating conditions are crucial for the
compressor selection, the driver type dictates the
operating speed, which affects the compressor size
and any associated forces and couples. The higher
the driver speed the smaller the compressor. The
most common drivers for reciprocating compressors
are gas engines and electric motors. Compressors
used in the refinery and petrochemical industries are
almost exclusively electric motor driven, however
because steam is available, steam turbine drivers are
sometimes used.  Natural gas compressors are
primarily gas engine driven because the engine runs
on the same gas compressed. The exception is those
locations where electric power is readily available or
when environmental or municipal regulations do not
permit the use of engine drives.

Figure 5 shows a gas engine driven compressor
package. Figure 6 shows an electric motor driven
compressor package.

Figure 5: Natural gas engine driven compressor
package.

Figure 6: Electric motor driven compressor package
at a U.S. refinery.

32.1

Flywheel and Coupling

Regardless of the type of driver used, a torsional
vibration analysis (TVA) is required to ensure the
stresses caused by the rotation of the driver shaft and
the compressor shaft are manageable throughout the
entire speed range and operating conditions of the
compressor. The drive arrangement is modelled on a
mass-elastic basis (includes inertia and stiffness) to
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predict the stresses in each drive component. The
torsional vibration analysis will determine the need
for additional inertia and stiffness.

If the torsional vibration analysis determines
additional inertia is required, one option is an
external flywheel. Gas engine drivers normally
include a flywheel as part of their scope of supply; in
most cases, electric motors do not. The size of the
flywheel can affect the compressor centerline. As
explained later in this document, the goal is to keep
the height of the compressor package as low as
possible. If the flywheel diameter is an issue, it may
be possible to use a thicker external flywheel with a
smaller diameter to add the same amount of inertia.
Other options to add inertia include internal
flywheels or torsional detuners, if the compressor
crankshaft and crankcase design permit. In the case
of flanged crankshafts, the torsional vibration
analysis may require body-fit (minimal clearance)
bolts to attach the flywheel or coupling adapter to the
compressor crankshaft.

The torsional analysis also determines the need for a
special coupling between the driver and the
compressor. The most common coupling is a rigid,
stacked disc type. The torsional analysis may also
specify a “soft coupling”. There are a number of
these types available, each with different torsional
dampening elements. These include special springs,
rubber elements or viscous dampeners. Soft
couplings are common when a variable speed drive is
used. These couplings may reduce blocked speed
ranges common with variable speed units. Review
all operating cases in the torsional analysis, including
start-up conditions.

It is important to note that with variable speed
compressors, such as those using a variable
frequency drive (VFD), the torsional vibration
analysis may determine that certain rotating speeds
must be blocked out due to torsional resonance.
Although additional stiffness or inertia added to the
drive arrangement may reduce the number of
operating speeds blocked out, it may not be possible
to run throughout the entire speed range.

Gearboxes add to the complexity of the drive train
making the torsional vibration analysis more
complicated.

Torsional failures can occur with the compressor
crankshaft (and oil pumps driven off the auxiliary
end), the electric motor shaft and the coupling
arrangement.  Figure 7 shows the results of a
torsional failure on a compressor crankshaft.
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Torsional failure of a compressor

Figure 7:
crankshaft.

3.3 Pulsation and Vibration Control

Once the compressor selection and the preliminary
general arrangement is completed, the compressor
system must be reviewed to determine the best means
to reduce pulsations, vibrations and system
excitations due to gas flow and the compressor
rotation. The information gathered in the studies will
determine the size and design of the pulsation control
devices. It will also determine whether additional
mass or stiffness is required to eliminate vibration or
shaking, and provide detailed piping restraint
requirements. It is very important to make sure these
studies consider all operating conditions, especially
any cases where the cylinders are single acting.

3.3.1

A reciprocating compressor generates a number of
different forces, in a number of different directions.
These include wunbalanced forces and couples
generated by the compressor frame or crankcase.
Additional forces include those generated by the
crossheads. The skid design must account for these
horizontal and vertical forces and couples. The skid
must be rigid enough to transfer them to the
compressor foundation.

Mechanical Vibration Analysis

Mechanical studies will also determine the natural
frequencies of the compressor package. The natural
frequencies are determined to prevent compressor
components, piping, vessels and tubing from
becoming resonant. To prevent resonance, mass can
be added to the skid by using thicker I-beam, adding
concrete to the compressor pedestal or by skid
mounted supports.

3.3.2 Pulsation Studies

API 618, API RP 688 and ISO 13707 describe the
three design approaches for the pulsation studies and
provides recommendations for when each applies.

Design Approach 1 uses empirical data to size the
pulsation dampeners. Design Approach 2 includes an
acoustic simulation and a piping restraint analysis.
Design Approach 3 includes an acoustic simulation, a
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piping restraint analysis plus a mechanical analysis of
the system. (Design Approach 3 is required for most
refinery and petrochemical installations.) In addition
to pulsations caused by the gas, Design Approach 3
will review the natural frequency of the system to
reduce vibrations caused by resonance.

The pulsation study will determine the size of the
pulsation dampeners, as well as whether they require
internals, such as baffles and choke tubes. The goal
should be to keep the package height as low as
possible to minimize vibration. This is because
unless properly addressed, a small amount of
movement at a lower elevation becomes significant at
a higher elevation. In most cases, the diameter of the
discharge pulsation dampeners establishes the height
of the compressor centerline. = Whenever large
diameter, discharge pulsation dampeners are
specified, you may want to consider longer
dampeners with smaller diameters, if space allows.

In addition to suction and discharge pulsation
dampeners, orifice plates are another means to reduce
gas pulsations. Orifice plates will effect compressor
power and pressure drop; therefore it is important
that they be included in the compressor model..

3.3.3 Piping and Vessels

The pulsation and mechanical study will also review
the piping and vessels to determine support locations
and types. Some key points:

o In addition to the on-skid and
interconnecting piping, off-skid piping
details will be required for the analysis.
Typically, the study will include off-skid
piping up to the nearest pipe diameter
increase or the nearest off-skid vessel.

o Piping runs should be kept as short and as
low as possible. If long pipe runs are
unavoidable, proper pipe supports are
crucial.

o Smaller diameter connections or branches
from larger piping or vessels can be
problematic, if not properly gusseted or
supported.

o Sightglasses and instrumentation require
isolation valves. Note the weights of these
items can be substantial and proper support
is critical.

o Vertical vessels shall be as short as possible
and fully skirted. These vessels should be
welded or bolted to steel plate that is fully
supported by skid beams. Do not weld or
bolt vessels to the skid deck plate.

4 Controls and Instrumentation

Control and monitoring of the compressor package
will be by a local control panel, a distributed control
system (DCS) or a combination of both.
Programmable logic controllers have become the
standard for local control panels rather than the
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annunciator or switch gauge systems of the past. If
no local control panel is provided, it is common to
run all wiring to junction boxes located on the skid
edge.

Customer specifications and manufacturer
requirements will detail the required instrumentation.
These will be either transmitters or local switches.
The use of local gauges and temperature indicators is
not as common as in the past with the advent of
transmitters. However when they are, it may be better
to locate these on a skid mounted gauge board which
is easily viewed by the operator.

Instrumentation is subjected to vibration and
pulsation from the compressor and that needs to be
accounted for. The increased use of condition
monitoring systems means larger control panels and
more instrumentation on the compressor, piping and
vessels. As mentioned previously, tubing and wiring
associated with the devices must be properly
supported and care taken to ensure they are not
tripping hazards.

5 Installation Location

The location of the compressor installation can have
a major effect on the design of the package. A
compressor package going to the Middle East will
have different requirements than one installed in
Siberia. Similarly, an offshore compressor will have
differing requirements than one installed in a refinery
in Europe.

In addition to industry specifications, the package
scope of supply may include items based on ambient
conditions. Figure 8 shows a compressor package
designed for installation in Northern Canada. Known
as a “cold weather package”, it includes a building as
part of the skidded package. The building includes
catalytic heaters and gas detection. It is for the
comfort of those working on the compressor in
extremely cold weather. Provisions for makeup oil
storage and drain collection are also part of the skid
design.

Figure 8§:

Cold weather compressor package
showing the skid and the inside of the skid mounted
building.”

Tropical, arid (desert) and salt-water environments
also require special consideration when designing the
package. This may mean special paint and materials
of construction are needed.
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The Purchaser should identify potential space
limitations in the RFQ package. This is especially
important for installations in existing plants and those
located offshore.

Another consideration for the package design will be
any shipping limitations. Shipping limitations vary
depending on the location. The Packager must be
aware of shipping restrictions or limits when
designing the package. This may even include
designing the package to meet tunnel profiles when
traveling by rail. (This primarily applies to Russian
rail shipments.)

Standard (non-permit) shipping limits in Europe are
as follows:

o The package should be a maximum of 2.55
meters (8.4 ft.) wide, 3.7 meters (12 ft.) high
and 16-18 meters (52-59 ft.) long.

o The weight of the package should not
exceed 44,000 kg (97,000 1bs.) including the
weight of the truck.

Packages in excess of these dimensions will require
special permitting. This can add significant cost and
delivery time to the project. To meet shipping limits,
it may be necessary to design the package with
multiple skids or to disassemble the package prior to
shipment.

5 Package Design Review

Current design technology provides excellent tools to
review the package design, including 3-D models and
virtual reality. With these tools, an End User can
review the package layout and see where additional
space is required for access and where safety hazards
exist.

Having representatives of Operations and
Maintenance involved in drawing review sessions
can provide valuable insight and guidance into the
package design. This can possibly prevent future
disagreements between the procurement, operations
and maintenance departments over the life of the
equipment.
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Figure 9: 3-D model of a multi-skid compressor

package.’

Figure 9 shows a 3-D drawing of a multi-skid
package and includes a human likeness to preview
the package layout to look for accessibility and any
tripping hazards.

6 Advantages and Disadvantages

A brief summary of the advantages and
disadvantages of packaged compressors follows.

6.1 Advantages

o Lower cost of fabrication

o Eliminate the effects of weather on system
fabrication, leading to higher quality.

o Reduced shipping cost compared to shipping
individual components.

o Reduced time from installation to start-up.

All of these advantages result in overall reduced
cost.. As previously noted, according to multiple End
Users, packaged compressors were typically 50-60%
of the installed cost of block-mounted, long stroke
slow speed compressors for the same application.

Figure 10 shows a hydrogen compressor skid being
installed at a chemical plant in the USA. The time
from the compressor package arriving on site to
bringing the compressor on-line was only 28 days.
Prior to this, the facility only had block mounted
compressors; since then, they have only purchased
packaged compressors.

Figure 10: Compressor package installation at a U.S.
chemical plant

6.2 Disadvantages

One perceived disadvantage is the use of third party
companies for the design and manufacture of the
compressor package. Although in the past, there may
have been some small companies that did this, today
the majority of these compressor “Packagers” are
large privately owned or publicly traded companies.
These Packagers are highly skilled and utilize the
latest design tools. They are able to provide
complete service and technical support to the End
User. They are able to address all aspects of the
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package design and have complete unit
responsibility.

7 Conclusion

Modularization or packaging of reciprocating
compressors began with the development of the
natural gas pipeline system in the United States in the
late 1940’s.  Since then, packaged reciprocating
compressors have been installed at locations all over
the world, including natural gas wellhead sites, gas
processing plants, natural gas storage and
transmission facilities, LNG facilities, power plants,
refineries, chemical plants and other on-shore and
off-shore facilities all over the world.

Because reciprocating compressors present unique
design challenges due to the wide variety of forces,
vibrations and pulsations inherent to their operation,
there are a number of things to consider when
designing a compressor package. Over 60 years of
history has provided valuable insight into what makes
a modularized compressor system work successfully
and what to avoid. The compressor selection is only
the beginning.
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Abstract:

New design of a completely oil-free high-pressure compressor series with a power up to 110 kW and a
maximum pressure of 450 barg.

The compressor series is designed as an absolutely non-lubricated, dry running machine, without any
oil inside the crankcase and the cylinders. The gas industry has high demands for the gas quality, oil-
free compressors can reduce operating costs and significantly reduce risks, because gas treatment
and filtration downstream of the compressor is simple or, in some cases, not required at all. Oil-free
compressors are therefore ideal for processes and applications which have high demands on the absence
oil and on gas purity.

This special design includes gas tight crankcases up to a pressure of 20 barg. This crankcase eliminates
the risk of environmental contamination due to gas leaks. The new design increases the delivery rate and
discharge pressure of the existing series with 50 years of experience of completely oil-free and technical
gas-tight process gas compressors.

This paper will describe the design and the technical solutions for this compressor series and also explain
and show the running experience with the help of a new big data monitoring system.
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1 Introduction

Gas industry clients are requesting higher suction
and discharge pressures and larger flow rates for
their non-lube process applications; hence a
decision was made to develop a new completely
oil-free and technical gas tight compressor to
enlarge the product portfolio and to replace an
existing lubricated cross-head design compressor.
Although the new design is based on the existing
and proven compressor technology several new
developments had to be made.

2 Historical Investigations

Vitruvius was a Roman author, architect, civil
engineer, famous for asserting in his book De
architectura that a structure must exhibit the three
qualities of firmitas, utilitas, venustas — in other
words, to be solid, useful, beautiful. (Fig. 1) As
drawn later by Leonardo da Vinci: the human body
inscribed in the circle and the square (the
fundamental geometric patterns of the cosmic
order).

This statement remains over centuries and should
have an influence on a new compressor design too.
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Figure 1: Walther Hermann Ryff interpr;ziation of "The
proportions of the human body according to Vitruvius",
1548

3 The fundamentals of Reciprocating
Compressor Design

For numerous applications in the industry regarding
gases, flow, pressures, there are mainly two
different type of reciprocating compressor running
gear set-ups.

a) Trunk piston
b) Crosshead

Remark: other related reciprocating compressor
designs are hydraulic or pneumatic driven boosters
and diaphragm compressor designs that are not
considered in this paper.

Figure 2: reciprocating compressor running gears

What is a trunk piston compressor?

Trunk piston compressors have a similar design to
engines, simple and relatively low investment costs.

Suitable for smaller gas flows up to 2000 Nm®/h
and shaft powers up to 250 kW. Most of them, are
lubricated, but for special applications non-lube and
gastight is mandatory. Due to the relatively low
shaft power, the cylinders are often air-cooled with
an internal heat exchanger. Water cooled cylinders
are available for special applications and high-
pressure operation.

Reciprocating compressors with crossheads are
much more complex design, larger and heavier. If
applied for a non-lube process gas application there
are always stuffing boxes required, that divide the
lubricated driving part with the non-lube cylinders.
Double acting pistons normally do require a
crosshead execution.

Layout designs of trunk piston compressors:

For high-pressure applications, trunk piston
compressor uses several cylinders connected in a
multi-stage design.
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Figure 3: Typical compressor layout designs

Typical layouts of compressor frames, to be found
in the industry, examples showed with trunk piston:

a) Vertical-design

b) Boxer-design, horizontal balanced opposed
c) V-design

d) Star-design (Fig.3, d)

The layouts of compressor frames are often a
compromise between process & client requirements
and manufacturing costs. Trunk piston compressors
allow to set up a modular construction system of
standardized driving systems and cylinders. With
the modular system, the OEM is flexible to meet
individual process requirements and to pre-fabricate
compressor parts.

4 The market requirements for the
new compressor design

e High flexibility to meet various
applications (any gas) with a modular
compressor design, up to 6 stages

e Suction pressure up to 20 barg and
discharge pressure up to 450 barg

e Avoidance of product contamination
requires a totally non-lube design for
cylinder and compressor frame

e Technical gas tight compressor frame with
a magnetic coupling (Leakage rate < 10™
mbar*sec™). This crankcase eliminates the
risk of environmental contamination due
to gas leaks

e  Water cooled cylinder system to cope with
high differential pressures/temperatures

e Compact design in V- and Star-layout
(Fig.3,d) optimized compressor
dimensions

e Usage of proven design principles for
long-term, trouble-free operation

e Compressor shaft power up to 110 kW.
Rated rotational speed 450-900 min’,
suitable for a frequency converter drive

e Low vibration level to meet ERFC
vibration guidelines to allow foundation
free set up

e Maintenance intervals that allow yearly
inspection and/or exchange of wearing
parts for continuous duty

e Design according to the EUROPEAN
directives (Machinery, PED AD2000,
ATEX). ATEX classification according to
Ex II B T3, installation in Zone 1 and 2

5 The New Compressor Design
5.1 Compressor layout design selected

After an intensive evaluation process the star-
design was chosen for the new compressor for
several reasons:

e compact compressor design

e use of a proven crankshaft and magnetic
coupling design

e generating of a more regular torque curve
with four similar peaks with 90°offset,
which is particularly advantageous for the
use of a magnet coupling.

e low vibrations due to nearly 100 percent
mass balance and due to low moments
resulting in bearing supporting forces

(Fig.4)
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Figure 4: With the chosen star-design layout the
1+2.order mass forces are completely balanced; for the
star design the resulting sum curve (green line) is a sinus
curve that can be balanced completely  with
counterweights
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The compressor is suitable to accommodate two or
four cylinders in single or double acting executions.
Double acting can be done with different cylinder
diameters that allows up to max. 6 stages. (Fig.5)

Figure 5: modular and flexible star-design, the
exemplary configuration with two single acting cylinders
(I and 2), one double acting with different cylinders (4
and 5) and one double acting with identical cylinders (3
and 6)

5.2 Compressor frame design

In general compressor cylinders and frame
housings are manufactured machine parts according
to OEM engineering, manufacturing and quality
assurance standards. They are not considered as
pressure vessels as per PED and do not fall under
such standards.

Nevertheless, calculations were carried out
according to AD2000. The design calculation of the
compressor cylinders and frame was performed
using the finite element method. The program
SOLIDWORKS was used, Version 2014.

Due to the pressurized compressor frame, not only
the static and dynamic strength is of importance for
the components. Exemplary a stress and
deformation analysis of the compressor housing
cover is presented in this paper. (Fig.6&7)

Compressor housing cover material selection:

Material Data Table
Ambient Design
Units: MPa Temperature [*C] Temperature ["C]
N 100
Material Designation Rm K f | EMod| Rm K fd | Ehod
FN 10028-2 W-Nr
1.0425 410 265 | 1766 | 212000 | 480 241 | 160.6 | 207000

Table 1 Material data EN 10028-2 W-Nr. 1.0425

Allowable stress calculation:

Allowable stress according to AD2000:

fd =K100/s =241/1.5 = 160.6 MPa (1)
ftest = K20/s* = 265/1.05 = 252.3 MPa )

For this calculation, the pressure 30 barg is the
design load. The structure has to fulfil the stress
requirements of AD2000.

Test Load:

Test pressure according to PED 97/23/EG:

Ptest = (1.25%(176.6/160.5) * 30 = 41.236 barg (3)
or Ptest =1.43 * 30 =42.9 => max =42.9 barg (4)
Because the term

(Re20/s”)*(s/Re100) = (265/1.05)*(1.5/241) = 1.57
is greater than (Ptest/P) = (42.9/30) = 1.43 5)

The design conditions are the governing conditions.

It turned out that the stresses and deformations at
the compressor housing cover including the
deformation of the bearing housing meet the
requirements.

Figure 6: compressor housing cover with internal
pressure

Figure 7 : Maximum displacement URES = 0.1648 mm

5.3 Modular compressor concept

A complete range of standard single and double
acting set of pistons, cylinders, and cylinder heads
was developed and engineered (Fig. 8).

The geometric series of cylinders is based on the
required compression ratios of the focused process
gas applications. In general, the diameters are based
on the modular principle with same parts and
standard interfaces. The cylinders diameters and
compressor valves are standardized. The guiding
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cylinders (Fig.9), similar to a crosshead design, are o g
the same on all cylinders. '

In total 23 standard cylinder diameters are available
with diameter from 16 to 260 mm. By combining Stugleacting pistén
the standard cylinders in total 172 individual 58
compressor configurations can be selected meeting
clients process requirements. The advantages for
the customers are a shorter engineering and
manufacturing time and consequently a faster Guide.ghsion
delivery time. ~ B

.

The modular system on the reciprocating
compressors has been consistently adopted since
the 1960s at all trunk piston compressor series and
has been successfully implemented also in the new
compressor development.

Type 1: sinilc acting (SA)

| LOmpression

Figure 9: sectional view of type 1, single acting piston
arrangement
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5.4 High-pressure cylinder (450 barg)
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Medium pressure applications 50 up to 150 barg
piston are equipped with standard piston ring
designs. For the high-pressure applications 150 up
to 450 barg, a new series of single acting
piston/cylinder sets have been designed. The goal
compression was to find a design that can be integrated into the
shaber modular system of all non-lube piston compressor
series and that can be adapted to very small piston
diameters.
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Type 2: double acting (DA)
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For very small diameters and high differential
Type 3: tandem arangement pressure, the sealing with non-lube piston rings is
difficult to do and relatively expensive. To get
enough sealing many piston rings have to be
installed. Because of the small piston diameter, the
mechanical stiffness of non-lube piston ring is

(1]
T

P =

compression

balanced pressurd ﬂ'
| chamber |

1T

aiiiad

chamber

4

chamber

4

Fi51 i difficult to achieve. Experiences have shown also a
H negative impact on the operational behaviour with
piston ring wear that results in degradation of flow
rate and forces to exchange piston rings in short
Figure 8: single- and double-acting cylinders, the tandem time at applications with high discharge pressure.
cylinder arrangement is a double-acting cylinder with
two different cylinder diameters The design alternatives for non-lube piston sealing

are piston ring, labyrinth, and NanoLoc (Fig. 11).
The challenge for all versions is beside the design
engineering to apply the right material with the
execution of a very accurate manufacturing.

After many years of testing the NanoLoc design has
shown the best performance, stable flow rate and a
long lifetime of the components.

The requirement of the NanoLoc piston design has
to meet technical requirements as

a) the wide range of gas application,
including wet gases and gas mixtures

b) stable flow rate

c) high efficiency

d) modular design

e) air and water cooled
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f) discharge pressure up to 450 barg

To meet these requirements, the system design has
to fulfill technical specification regarding

e a precision of NanoLoc and tolerances of
machined parts (approx. 3 microns)

e optimized thermal independency of
NanoLoc (operation range up to 200°C)

e wear resistance of NanoLoc (lifetime of
3000 to 6000 operation hours of the
system depending on operation condition)

e low friction coefficient and chemical
stability of the tribological system with
various gases and gas mixtures

e extreme low lateral forces on the piston
from the driving side to have low friction
and wear

This is achieved through the combination of a
piston with a metallic body and a low friction
coating based on polymer compound. The cylinder
sleeve consists of steel with a surface coating and
finishing. The sleeve and piston is a matching pair
that is manufactured and tested together and is
exchanged always together. The selection of the
material, the machining, and testing of the parts are
the key technologies for this application.

The driving of the NanoLoc piston is done with
flexible connection rod that results in almost no
lateral forces on the piston. This flexible connection
rod can be applied also for small piston diameters
between 10 and 20 mm. The flexible connection
rod is a modular and easy to handle system. The
key technologies to realize it are in the
dimensioning of the flexible connection rod, the
selection of the material and the precise machining
of the parts.

The material combination is also suitable for
relatively high piston speeds, in particular
preventing a blocking of the piston even in the case
of a failure of the NanoLoc piston. A high
operational security of the compressor is ensured.

Accordingly, a non-lube high-pressure piston with
NanoLoc design can be achieved (Fig. 10 and Fig.
11) within a relatively large operating range and
with a modular compressor system.

flow sealing

contact sealing

| |‘
pistonring resp.
packings

labyrinth Nanoloc

A
g

NN
//«E/ 7

NN

Figure 10: design alternatives for non-lube piston sealing

> €

P

Figure 11: non-lube high-pressure piston with NanoLoc
design

6 Compressor magnetic coupling

An oil-free compressor with oil-free crankcase
consequently demands an oil-free shaft seal, which
further needs to be leak- and maintenance-free for
pressures up to 20 barg. These requirements can
only be met by a magnetic coupling in place of the
shaft seal. = The magnetic coupling has the
following features:

e oil-free, leak-free, maintenance-free

e o transmission or energy losses

e 1o sealing medium or energy required to
operate

e modularly built coupling in combination
with standard electric motors

e magnetic coupling acts as a safety clutch:
in case of an override of the coupling due
to a compressor overload or a blocked
drive, the electronic shut down the motor
using the signal from a sensor which
checks the rotation of the compressor.

The coupling consists of two rotors with permanent
magnets (see Fig. 13) and a non-metallic split pot
(for example made of ceramic) in between the two
rotors. The inner rotor is fixed directly onto the
compressor crankshaft and the outer rotor is fixed
to the motor shaft (see Fig. 14).

It ensures a technical gas-tight and permanent
separation of the electric motor drive from the
compressor lower part. For critical media like
aggressive, toxic gases it serves as a reliable seal
and prevents serious leakages occurring.

Another advantage of the design with magnetic
coupling is the built-in “overload” protection. If the
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compressor is running with too high load, then the
magnetic coupling “slips” and the compressor is
shut down safely and stops.

The dimensioning of the coupling depends on the
inertia of the compressor drive and on the torque
curve of the compressor shaft. The magnetic
coupling is designed for a rated torque:

M, = 9550 * P, /n, (©6)

where M; is the rated torque (Nm), P, the rated
power (kW) and n, is the rated motor speed (rpm).

M, =9550 * 110/ 743 = 1414 Nm

_EXTERNAL ROTOR
- /INTERNAL ROTOR

Figure 12: magnetic coupling, a schematic drawing with
an inner and outer rotor with permanent magnets

Figure 13: magnetic coupling, a schematic drawing of
setting up with a crankshaft, inner rotor, split pot, outer
rotor and electric motor

7 Running experience & Monitoring

The new compressor design has been tested with
two configurations over about 3 years at the
internal test field with around 10’000 operation
hours in total. Because of the wide range of
applications and operational data continuous testing
is required. Besides checking the reliability and

operation data of the new compressor design the
main goal of testing was to compare the theoretical
simulation with the real data and to understand root
cause effects and trends.

For the test period, the compressor was equipped
with an extensive monitoring system comparing
measured data at the real compressor with the
thermodynamic model of the virtual compressor
(Digital Twin) on the simulation program (see Fig.
14 and 15).

Figure 14: compressor during the field test

Virtual
compressor

Real

(interactive)

ML-Model

Compressor parameters

Figure 15: schematic concept of the monitoring, with
data collection, evaluation, and comparison with the
“Digital Twin”

In total 67 compressor operation parameters have
been monitored with a sampling rate of 1 Minute.
The measuring data includes gas and water volume
flow rates, temperatures, pressures, vibrations,
bearing performance, compressor speed and
absorbed power.

To collect many data as possible was important
from the beginning. The challenge was to
understand and to find the right conclusions of the
huge data collection. Very important was the
optimal dimensional reduction method like
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Principal Component Analysis (PCA) or
Independent Component Analysis (ICA).

Considering Industry 4.0 and IoT (Internet of
Things) a cloud solution with a connected database
and a machine training and learning module was
installed.

The “Digital Twin” is the virtual image of the real
compressor that accompanies its physical
counterpart simultaneously. This simulation model
is thus assigned to an individual compressor and is
fed with its real operation data resulting from the
compressor sensors. Thus, the simulation model
reflects the current, physical state of the equipment,
but can provide more information than only the
Sensors.

This more in-depth consideration of the simulation
model provides a wider view of the status of the
compressor that is relevant to its life expectancy
and wears profile of spare-parts.

In a first phase (training mode), process data
derived from normal operation is used to learn a
statistical model that includes non-interference
variations in the process. As a result of the training
phase, the simulation program creates 2 or 3
“Reference Values” that contain the several
operation data. Operators can now easily monitor
this “Reference Values” and understand trends and
normal operation conditions, i.e. the conditions in
which the training data was recorded (Fig. 16).

.....

Figure 16: correlation matrix of the 67 sensor data for
the system training duration

In the second phase (online operation mode), the
model thus obtained is compared with online data
from the process by calculating “Reference Values”
for each new operation point and comparing them
with the corresponding simulation. That allows to
define operation limits and to detect "drift" of the
process at an early stage.

As result of the field test experience, this program
will be available and will provide an added value
for the industry, customer as an up-to-date
monitoring of valves, piston & guide rings and
bearing wear for predictive maintenance services
together with the historical data, combined and
stored in a compressor lifetime diary including
regular field service & spare parts reports.

8 Conclusion

A new stage-gate development process was started
with the new design development.

The non-lube high-pressure piston 450 barg was
designed and tested successfully at a smaller
compressor of the existing series.

The simulation program and the data monitoring
and evaluation system were also new and an
important development step on this project. Soft
and Hardware experience collected during the test
phase will result in a new software for compressor
4.0 industrial demands.

With the completion of the new design
development, the product range could be extended
with a flow rate by factor of 3 to 4 compared to the
existing series and extend the range of maximum
discharge pressure from 100 barg to 450 barg. That
is the worldwide largest completely oil-free and
hermetical gas-tight piston compressor with
magnetic coupling to meet client demands
regarding environmental aspects and product

quality.
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Abstract:

For a large new refinery project in the Middle East, the design and construction of a very large hydrogen
compression unit was required. The compression unit design resulted in the requirement for six large
reciprocating compressors operating in parallel, with a total installed electrical power close to 100 MW.
The compressors have common suction and discharge headers and common headers for two side
streams, with each compressor having 8 cylinders in a 4-stage configuration. The scale of the system
and individual compressors required a dedicated engineering approach to handle the complexity of the
project. This included a torsional analysis pre-study and the development of load-balancing and service
life optimization features as part of the unit control system. From a pulsation perspective, the complex
acoustic interaction between the various compressor trains, all possible capacity step combinations
(exceeding 10.000) and the very large size of the complete system posed major challenges. Industry
standards API 618, 5™ ed., and API RP 688, 1% ed., do not provide any specific guidance on how to
address these challenges. Therefore a new evaluation process was developed aiming to control the
acoustic interaction between different compressor trains. This facilitated the selection of a realistic
amount of analysis cases and appropriate evaluation criteria. The obtained acoustic separation between
the compressor trains lead to an efficient pulsation and mechanical response analysis process.
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1 Introduction

Hydrogen production and compression in the
worldwide refining industry is impacted by changes
in environmental regulations with regard to
transportation fuel quality. The need for lower
sulphur gasoline and diesel increases hydrogen
demand for hydroprocessing operations. In
addition, additional hydrogen is required to process
heavier crude oils and to increase conversion
capacity to match a changing demand balance,
requiring less heavy fuel oil. Refineries may
therefore require new or modified hydrogen
production and compression facilities to provide the
required compressed hydrogen supply.

As part of a major upgrade and expansion project at
a refinery in the Middle East, very large scale
hydrogen production and compression facilities
were required to meet state-of-the-art refined
product quality requirements and increase
productivity. Hydrogen is supplied by several
upstream hydrogen production wunits to an
integrated hydrogen compression unit providing the
hydrogen compression for different hydro-
processing units. This integrated compression unit
consists of six large reciprocating compressors, five
operating in parallel and one spare machine. The
total installed electrical power of the compression
unit is close to 100 MW, resulting in the world’s
largest hydrogen compression system.

The scale of the system as a whole as well as the
individual compressors required a dedicated
engineering approach to handle the complexity of
the project. This included additional analyses of the
torsional characteristics of the compressor-driver
system, the development of load-balancing and
service life optimization features as part of the unit
control system and a novel, dedicated approach for
the process system design and pulsation and
mechanical response analysis.

2 Compressor selection and design

The hydrogen compression unit is designed to
compress hydrogen with a high purity. The low
molecular weight (MW=2.1 g/mol) of the process
gas in combination with the overall unit
compression ratio of approximately 10 defines the
choice for the applied compressor type. The suction
pressure is 20 bar(a) and the final discharge
pressure is 207 bar(a); each compressor has a rated
capacity of 15500 kg/h. A centrifugal compressor
for this duty would be very inefficient in this
service and would require up to 90 impellers which
is obviously not feasible, whereas a screw
compressor would not be able to meet the required
discharge pressure. A reciprocating compressor is
therefore the only compressor type able to
compress the required quantity of hydrogen gas to
the required discharge pressure.

2.1 Reciprocating compressor design

The process demands in terms of suction and
discharge pressures at battery limits, along with
side streams from hydrogen recovery units and to
different hydroprocessing units led to the selection
of a four stage compressor configuration (Figure 1).

Figure 1: C-85.8, 8-cylinder, 4-stage reciprocating
compressor in factory

Multiple configurations were analysed and rated on
efficiency, footprint, maintainability and operating
flexibility. Along with the applicable industry,
customer and project specific standards, this
resulted in an optimized design consisting of 6
parallel compressors, of which 5 are normally
operating and one compressor is spare. Each
individual compressor has four compression stages
with two double acting cylinders per stage, thus 8
cylinders in total per compressor (Figure 2). The
operating speed of the compressors is 333 RPM,
with a rated driver power of 16600 kW.

Figure 2: Main dimensions of the compressor unit

2.1 Torsional studies

Whilst operating well within the applicable design
limits of the selected compressor type, the
compressor system will include the largest
reciprocating compressors built according to the
American Petroleum Institute (API) Standard 618"
to date. The physical size and associated costs and
delivery time of the included components make it
worthwhile to assess the component selection and
design in an early stage. This pertains in particular
to the selection and design of the electric motor.
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2.2.1 Torsional pre-study

In line with API 618, section 6.7 requirements, a
torsional analysis including calculation of torsional
natural frequencies and possibly including a
torsional stress analysis shall be provided during
contract execution. The torsional characteristics of
the complete compressor-driver system are
governed by the compressor design and the specific
design of the electric motor rotor, which can differ
between motor size and design. Primary factors
influencing these characteristics, such as rotor
inertia and stiffness, are therefore already
determined to a significant extent in a very early
design phase. In order to validate the design of the
compressor-motor combination upfront, a torsional
pre-study using typical motor design information
was performed. The indicative torsional natural
frequencies and torsional stress levels provided by
this early assessment of the torsional characteristics
of the complete compressor-driver system ensured
that the final design will meet all applicable design
requirements.

2.2.2 Torsional analysis

The approach on torsional studies as outlined in
API 618 primarily focusses on separation margins
between torsional natural frequencies and dominant
excitation frequencies. In this particular case, the
final compressor and motor design led to a rotating
system which complied with all the applicable
separation margins. Though not formally required
by API 618, a full torsional stress analysis
including all normal operating and transient
conditions was executed to ensure that the torsional
vibration and stress levels are acceptable under all
conditions. This analysis provides insight in the
amplification caused by the systems torsional
natural frequencies, even when meeting the
specified minimum separation margins.

—Design

----Remaved tarsional natural frequency

Stress amplitude [MPa]

0 1 2 3 4 5 6 7 8 9 10
Harmenic []

Figure 3: Frequency analysis of torsional stresses
in normal operating conditions

Figure 3 illustrates this amplification effect
showing the torsional stress amplitude in the
crankshaft for the design analysis and an analysis
with the torsional natural frequency artificially
removed, by significantly increasing the shear
modulus of the material. Whilst the design analysis
meets the recommended separation mar%ins, in this
example the stress amplitude at the 8" harmonic
increases with a factor 4 compared to the situation

without any amplification from torsional resonance
frequencies. Though the resulting torsional stress
amplitudes are well acceptable, this underlines the
importance of evaluating the torsional vibration and
stress levels under all normal operating and also
transient conditions, where amplification effects
may be even more pronounced.

3 Control system design

The main stream of hydrogen (red coloured stream
in Figure 4) is compressed from 20 bar(a) to 207
bar(a) in four compression stages. Additionally a
40 bar(a) admission side stream is introduced
downstream the first stage and an additional
extraction side stream is provided at a pressure
level of 100 bar(a) (blue coloured streams).

| E
3 T I e ] R T ol I |
| i - | | 1207 bara
20 bara _

Figure 4: Layout of single compressor train (red
coloured lines are the main process stream, blue
coloured lines are additional admission and
extraction streams, green coloured lines are recycle
streams)

3.1 Capacity control system

Since the main process, 207 bar(a) hydrogen flow is
fluctuating following the refinery demand similarly
to the admission and extraction streams (even down
to 0%), it became clear that the flow control would
be rather complicated. Objective was to reduce
recycling of compressed gas to the extent possible
in order to maximize energy efficiency. This is
achieved by allocating the overall capacity control
of the complete compression system to an
automated main control system, governing the
overall capacity in a three tier approach:

- Stepped suction valve unloading
- Flow recycling

- Adjusting the number of operating
compressors

Conventional five step suction valve unloading (0-
25-50-75-100%) proved to be a good basis for
design since there are normally five compressors in
parallel operation, which increased the number of
system load steps to 25 (5 steps x 5 compressors).
This enables servicing the required hydrogen
demand with increments of 5% of the plant load. In
between the 5% increments stage recycling is
added.
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3.2 Operator support

Considering the scale and complexity in terms of
operating configurations, certain operator support
functions are integrated in the control system. This
facilitates decision making by the operator, aimed
to optimize system efficiency and maintenance.

The main control system is designed such that it
automatically loads or unloads a cylinder side when
a 5% flow increment is required or reduction is
possible. In this way, the load is automatically
balanced to the downstream demand whilst
reducing the recycle flow rates to the extent
possible.  When the flow demand decreases
significantly the operator is notified and may
choose to put one or multiple machines in standby
mode. An advise on the number of required
operating compressors is provided based on the
actual downstream  hydrogen  consumption.
Additional service life optimization features are
provided in the main control system. This includes
advise on preferred compressor to start or stop, by
monitoring and distributing running hours and
start/stops between individual compressors.

4  Pulsation and vibration control

4.1 Guidelines and standards

The most commonly applied standard for the design
of reciprocating compressor systems is API 618.
With respect to pulsation and vibration control, this
standard contains guidance on the best practice for
the analysis, and also limit values for pulsations,
vibrations and cyclic stresses. For systems
containing multiple parallel compressors, pragmatic
approaches were formulated in 1999 by TNO and
SWRI in a joint paper’.  Additional useful
background information can be found in the API
Recommended Practice 688°.

4.2 Preliminary design review

At an early stage of the project, in a technical
meeting the initial design concept of the system
was reviewed, considering the aspects of pulsation
and vibration control. The following aspects were
considered within a multi-disciplinary team
including rotating equipment engineers, process
engineers, mechanical engineers and pipe stress
engineers:

Pulsation damper volume: a large number of
pulsation sources is expected in the system. For that
reason, the pulsation damper volumes are oversized
by the vendor during initial sizing, within the
tolerable margins for additional weight and size.

Piping routing: Focussed on avoiding high-
elevation piping, minimizing distance between inlet
separators and the compressor’s inlet and
minimizing length of closed side branches, such as
spillback lines, side streams and pressure safety
valve lines. For pressure safety valves, other project

specifications prevailed that dictated the pressure
safety valves to be at high elevation (free draining
of the flare header), thus increasing the length of
the dead-leg branches to the PSVs.

Equipment: KO drums were positioned close to the
compressor and spillback lines for compressor
control are all attached to the KO drums and thus
separated from the pulsation source and the main
piping. Moreover, the location of flow
measurement equipment was optimized, to suppress
the disturbing influence of flow pulsations as much
as possible.

Connection to the headers: Initially various
concepts were discussed to stimulate acoustic
separation between the compressor trains as much
as possible. Theoretically, perfect separation would
reduce the risk on pulsation issues in the common
system and greatly facility the analysis effort.
However, from a practical perspective, the
separation techniques using volumes of additional
vessels have a rather limited effect, due to the large
speed-of-sound of the hydrogen gas. For example,
also the design of a Helmholtz filter (assembly of 2
vessels separated by an interconnecting pipe, Figure
5) was considered. The resonance frequency of this
‘Helmholtz’ assembly is given by:

_c A(1+1) )
f’“’_zn L\v, "V,

If the pulsation frequency is well above this
resonance frequency, a very effective suppression
of pulsation amplitude is achieved. However, given
the low operating speed of the compressor (333
RPM), the high speed of sound ¢ of pure hydrogen
and the spatial restraints, achieving a fuyy
sufficiently low appeared to be not realistic.

Figure 5: Helmholtz filter to suppress transfer of
pulsations

Finally, the large size and considerable volume of
the common headers was judged as a valid starting
point for detailed numerical optimization.

In addition to the high-level optimizations that were
achieved during this review, the meeting also
enabled discussion and agreement on the detailed
study approached that was deemed most suited for
this special project.

4.3 Detailed approach pulsation study

According to the API 618 standard, by default the
complete set of operating cases shall be contained
in the analysis scope (section 7.9.2): “Pulsation
levels shall be reviewed for all specified alternative
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gases, operating conditions and loading steps to
assure that pulsation levels will be acceptable under
all operating conditions”. It is also noted that in
cases of multiple operating conditions, the pulsation
levels shall be optimized for the conditions on
which the unit must operate the greater length of
time. Obviously, for the large system described in
this paper, the number of operating cases will
increase rapidly with increasing number of parallel
compressors and increasing number of load steps.
The total number of independent permutations P for
a system of N parallel compressors (N>2) can be
written as follows:

N-1
p= z (12’) L, )
im1

where L the number of compressor loads. To
illustrate the implications of rigorously applying the
API 618 method to simulate and analyse all
independent combinations of N compressors with 4
load steps each (100%-75%-50%-25%), consider
the table below.

N |1 |2 |3 4 5 6 7

P |4 |8 |60 |368|2100 | 11528 | 61740

While up to 3 compressor trains running in parallel
may still be manageable, for higher number of
parallel compressors this approach requires a scope
that ‘explodes’ beyond realistic proportions. The
required analysis effort is considered excessive and
also beyond efficient use of resources. Instead the
following systematic and step-wise approach is
proposed to handle the challenges of the pulsation
analysis.

The first step is a pre-study of the compressor
cylinders and the pulsation dampers, as stipulated
by the API 618 standard (section 7.9.4.2.3.4). In
this step, field piping is not yet included in the
simulation models and for that reason the
interaction between multiple compressors is
ignored. Due to the basic assumptions for the
boundary conditions at the line connections of the
dampers, interaction between the compressors
cannot be studied in this step. The purpose of the
pre-study is to confirm the optimal design of the
dampers by verifying pulsation levels at the line
connections and pulsations at the cylinder flange
(and in the Cylinder Gas Passage). Moreover
shaking forces and unsteady flow losses are
quantified and judged based on guidelines in the
API 618 standard and experience. Essential part of
the pre-study is the optimization of orifice plates at
the cylinder flange and the layout of the damper
internals (baffles, choke tubes, half pipes etcetera).

The next step is the pulsation analysis of a single
compressor train. To this purpose, the simulation
model of the pre-study is extended with the field

piping and the relevant process equipment (KO
drums, coolers). The model contains the first
compressor train in full detail. Also, as a first
evaluation of the interactions in the system, the
simulation model is extended into the connected
piping of compressor train #2 (Figure 6). To ensure
proper numerical boundary conditions of this
extension, the model for compressor train #2
contains the relevant KO drums, coolers and
pulsation dampers. The other 4 compressor trains
are included with closed isolation valves. This
provides the longest possible dead-leg side
branches and is considered the worst-case
configuration.
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Figure 6: Single-compressor train simulation
model (train #1 is shown on top)

The pulsation analysis using this simulation model
allows for the optimization of the layout for the
individual train. As the layout of the compressor
trains are identical, the optimization will applied to
all trains alike (to be verified in the next analysis
step below). Moreover, the acoustic interaction
(transfer of pulsations due to train #1 toward train
#2) can be quantified. Finally the observations of
the single-train analysis enable a robust selection of
critical cases to be studied in the next analysis step
(selection of loads and distribution of active
COmpressors).

The next step will include the pulsation analysis on
the parallel compressor trains. The simulation
model for this task includes all 6 compressor trains
and all relevant field piping (Figure 7).
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Figure 7: Multi-compressor train simulation model
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For this model, a selection of compressor
combinations and compressor loads will be defined,
based on the results of the previous step (single-
train analysis), by joint discussion of pulsation
consultant, compressor vendor and EPC contractor.
If required, additional measures to control the
acoustic interaction between the trains will be
proposed.

Finally, the mechanical response analysis will be
performed. In this analysis step, the vibrations and
cyclic stresses due to pulsation-induced forces will
be computed and compared with applicable
allowable limits. The mechanical analysis will be
done for a single compressor train and the common
field piping. Recommendations will be generalized
for the other compressor trains, based on the single-
train mechanical analysis and other previous
evaluations.

If extension of the mechanical response analysis
with the other compressor trains is judged
mandatory, this will be recommended and
substantiated.

In the API 618 standard, limit values are proposed
for the evaluation of pulsation levels:

400

c

h 350 /P, x D, X f
The limit value P; (in % peak-peak of the mean
pressure) depends on speed of sound ¢, line
pressure P;, inner diameter D; and frequency f.
However, it is not explicitly specified how, in case
of parallel running compressors, the summation of
the pulsation levels shall be handled. Summation of
pulsation levels for the evaluation of the pulsation
levels is a cumbersome process for several reasons:

3

e  Usually the contributions due to different
compressors are calculated separately.

e The API 618 acceptance limit is a
frequency-dependent criterion. In case of
multiple  sources, the summation
procedure shall therefore be done for
each frequency component.

e Correct summation requires the phase
relation between the different pulsation
sources. However, the real phase relation
between the compressors is not known,
and is in general also not fixed. This
means that pulsation levels in the piping
(the summation of the separate
contributions) will display maxima and
minima due to interference. The
amplitude strongly depends on minute
changes in the phase and in general will
depend on the location in the pipe
system.

e Compressors with the same nominal
speed are wusually not perfectly
synchronized. Small differences in the

speed will lead to additional modulation
of the amplitude (beating).

e To account for all these uncertainties in
the summation, usually the maximum
amplitudes of the various sources are
added, for each location in the pipe
system. Comparing  this  overall
maximum with the acceptance limit in
API 618 results in a conservative
approach. In particular in case of many
parallel running compressors, this
approach may be extremely conservative.

To avoid over-conservative estimates, the approach
as suggested in an earlier EFRC paper’ was
followed for this project as well:

1. The contribution to pulsation levels by
each compressor individually P; shall not
exceed equation (3).

P <P 4)

2. The added pulsation levels due to N
compressors shall not exceed equation (3)
multiplied by the square-root of N.

ZN P, <VN=*P, (5)

In the mechanical analysis, which was done on an
individual compressor train and the common
headers, a strict screening criterion was applied for
vibrations (40 mm/s peak-peak) and the stresses (36
N/mm’  peak-peak). The ‘square-root-of-N’
approach may be applied to vibration levels.
However, for cyclic stress evaluation it is strongly
recommended to keep the conservatism, to
absolutely ensure mechanical integrity even in case
of parallel operation of many compressors.

4.4 Pre-study / damper check

After the preliminary sizing by the compressor
vendor on the pulsation damper volumes, the
simulation model for the pre-study was constructed
using a dedicated digital calculation program (time-
domain simulation based on method of
characteristics). The models for the different stages
are acoustically separated and can be considered
independently. As an illustration, the 1% and 4™
stage (high-pressure) stage cylinders and pulsation
dampers are shown in Figure 8.

w &
N o

] reflection-free
boundary conditions
0, A/

Figure 8: Simulation model for pre-study; 1" stage
(left ) and 4" stage (right)



I N — 112

by: Niek Albers - HOWDEN; Leonard van Lier — TNO; Maarten van der Biezen — FLUOR

A sufficiently large sensitivity range was applied
for the speed-of-sound, fully covering the operating
envelope. The pulsation levels at the line
connections of the pulsation dampers are within the
limits stipulated by API 618. Even over the large
sensitivity range, the maximum pulsation levels is
60% of the API 618 limit for the field piping. This
confirms the adequate and conservative damper
volume, selected by the compressor vendor. By
applying restriction orifices at the cylinder flanges,
the high-frequency content in pulsations near the
valves and in shaking forces was mitigated.
Considering the simulation results, internals in the
pulsation dampers (baffle plates, choke tubes, half
pipes) were not required.

4.5 Pulsation analysis single compressor
train

The full complexity of the process piping is
illustrated in Figure 9. Including the full process
gas pipe system into a single simulation model
would be a large amount of complexity for a first
screening.

Figure 9: Illustration of the extent and complexity
of the system (equipment in green and hydrogen
lines in red)

As described before, the first compressor train #1
was selected for the preliminary analysis. The
connection to train #2 is also included. This
configuration results in the longest closed dead-leg
side branch without flow. This is judged as the
most realistic worst-case approach for the
pulsations in the system.

Since the wvarious parts of the system (suction,
interstages and discharge) are acoustically
separated, the analysis was split into separate parts,
which reduced the complexity and calculation
times, and thus sped up the optimization process.
An example of the simulation model for the first
interstage is shown in Figure 10. The common side
stream 1is included in the model, which results in an
acoustic interaction between the compressor trains.

Figure 10: Single compressor train simulation
model, for first interstage

For the simulations, the flow due to train #2 was
included, to achieve a realistic estimate for the
acoustic damping. The side stream flows were
included based on the nominal values
(compensating the unbalance in flow for the
different stages, according to the datasheets).

Pulsation levels were compared with the limit
values in the API 618 standard and a considerable
exceeding was found (even due to a single
compressor). Restriction orifice plates were
optimized at the line connections of the dampers.
Orifice plates are effective to reduce pulsation
levels in the main lines to acceptable limits. For the
lower part loads (50% and 25%) the effect of
orifices is limited, due to the low pressure loss.
Orifice plates in the relief lines were considered but
rejected, in order to avoid obstructions in these
pressure safety valve lines. As a consequence
considerable shaking forces remain in the relief
lines, that shall be controlled by mechanical
mitigation measures. In the optimized layout, still
some minor exceeding remains, but only in the
spillback lines, connected to the KO drums. This
exceeding may be accepted, since the acoustic
interaction with the other trains is extremely weak
in this area. Moreover, the piping mechanical
layout is favourable (low-elevation, straight
sections with multiple supports) and the dominant
frequency is low (1% order) and therefore less
critical. With respect to the acoustic interaction
between the units, the results confirm that the
pulsations of train #1 have a considerable effect in
train #2. This is explained by the long dead-leg
branches and the high speed of sound of hydrogen
(large wavelengths and small damping effect).
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4.6 Pulsation analysis multiple parallel
compressor trains
The simulation model for a single train was

extended with the complete field piping of the other
trains, see Figure 11.

B @

Figure 11: Multi compressor train simulation
model, first interstage

Based on the results of the pulsation analysis on a
single compressor train, the following list of case
was considered fully representative for worst-case
operation and selected for detailed analysis:

case flow N Tl T2 T3 T4 15 T6
1 150% 2 C 50% 100% o o [¢]
2 200% 2 o) o 100% 100% o] C
3 250% 4 100% 50% [¢] 50% C 50%
4 300% 4 o) C 50% 50% 100% 100%
5 325% 4 100% 100% C [¢] 50% 75%
6 350% 4 50% 100% 100% 100% o] [¢]
7 375% 4 100% 100% 100% 75% C C
8 400% 4 100% 100% 100% 100% o C
9 425% 5 C 50% 75% 100% 100% 100%
10 450% 5 50% 100% 100% 100% 100% o]
11 475% 5 o] 75% 100% 100% 100% 100%
12 500% 5 100% 100% 100% 100% 100% C

This selection spans the total range of flow from
150% to 500% in sufficiently small steps (up to
100% was already verified in the single-train
analysis). Note that the 25%, 50%, 75% and 100%
load steps were already studied in full detail in the
previous analysis step for the single compressor
train. For each case, N calculations were run that
allow to determine the individual contributions (in
total 48 separate simulations). This selection
reflected a good coverage of the positions of the
sources in the system, the distribution of loads
(25% load is only run shortly, and was discarded as
an operational case), and the options for opened (O)
or closed (C) isolation valves to the idle compressor
trains. Though this selection of 12 case covers only
0.1% of all possible combinations, it was concluded
that it is adequate for a complete screening of the
system.

It was concluded that the sizing for the individual
compressor train proved to be adequate also in case
of the full parallel operation. The practical
approach to weigh the statistical chances of worst-
case addition of maximum pulsation amplitudes
with the square-root of N, proved to be a realistic
approach. Several arguments can be formulated that
confirm that pulsation amplitudes do not scale
linearly with the number of compressors. For

example, the total flow in the system generally
increases with increasing number of compressors,
which enhances the acoustic damping and prevents
a strong amplification of pulsations in resonance
conditions. In addition, when multiple compressors
are run, the amount of closed isolation valves is
reduced and the number of strong acoustic
resonators is limited. Of course, in the capacity
control strategy, situations where multiple
compressors are running at a very low load shall be
avoided. For example, running 5 compressors at
25% is from a pulsation point-of-view worse than 2
compressors running at 75% and 50%.

Shaking forces in the optimized layout were
considered acceptable. It was recommended to
proceed with the final step in the analysis
(mechanical response analysis).

4.7 Mechanical response analysis

This mechanical analysis was done on a single
compressor train and the common headers, using all
information from previous analysis steps with
respect to the interaction between the compressor
trains (addition of pulsations and shaking forces).

As input for the mechanical response analysis, the
worst-case conditions have been selected from the
results of the pulsation analysis. The conditions
from the sensitivity range in the speed-of-sound
that yield the largest shaking forces were used to
excite the mechanical structure of piping,
equipment and supporting.

Instead of modelling each pipe support with the
details of the underlying steel structure, the effect
of the pipe supporting structures was included as an
effective stiffness for each support. In this way, the
mechanical interaction of the various stages can be
separated and again a modelling approach of
separated systems (suction, interstages, discharge)
is allowed. Because a large part of the piping is
running over (very stiff) common supporting
frames, the approach of an effective stiffness based
on pipe line size is considered a conservative
approach in these areas. On potentially critical
areas, such as the high-elevation inlet into the
suction dampers, the supporting structure was
analysed in detail with Finite Element modelling,
ensuring adequate separation of the mechanical
resonance frequencies with the dominant 1°* and 2™
order of the compressor speed.
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Figure 12: Aerial view of compressor building
construction

The interaction between the compressor was
considered explicitly in the evaluation of the
calculation results for vibrations and cyclic stresses.
The evaluation of the interaction focussed on both
the amplitudes and the frequencies. Even though
the acoustic interaction between the trains is
significant considering the amplitudes of the
shaking forces, at the critical locations it appeared
that often the higher orders of the compressor speed
are most critical (for example the 4™ order). The
acoustic interaction for those higher orders is less
strong, and as a consequences the analysis provided
a robust argumentation that vibrations and stresses
are within allowable limits, even in case of parallel
operation.

The layout of the process piping was nearly
identical for the different compressor trains due to
the design of the compressor building, see Figure
12. The only exception was a small difference in
the PSV lines (due to the inclined orientation of the
flare header). The choice to apply the mechanical
analysis on train #1, with the longest PSV line, is
considered the worst-case assumption both from
pulsation and vibration perspective.

The mechanical analysis model did not include the
compressor frame, crosshead guides and cylinders.
The intent of a mechanical natural frequency
analysis of the combined compressor and pulsation
suppression device mechanical model is avoiding
mechanical resonances of this system at frequencies
where high shaking forces exist. It is acknowledged
that certain compressor designs, especially when

mounted on a concrete foundation, can be
considered as rigid and modelled as rigid elements.
It is known from prior simulations and field
measurements that for the particular compressor
type and mounting under consideration, the lowest
natural frequencies are sufficiently removed from
the dominant shaking force frequencies. Therefore
the mechanical piping system model is extended to
include the pulsation dampeners and starts at the
cylinder flanges, which are assumed to be rigid. In
addition, the pulsation-induced shaking forces are
low and well within the applicable guidelines,
ensuring that forced vibrations will not lead to
excessive vibration levels.

4.8 Additional considerations

Another challenge that resulted from the
requirements for this particular compressor system
are the flow pulsations that occur near the flow
metering equipment. It is known that pulsation
measurement equipment may suffer from the effect
of unsteady flow and standards are available to
estimate the effect of the error®. Depending on the
type of flow meter, prediction of the error once the
flow pulsation amplitude is known is not a
straightforward task and requires a large amount of
detailed input information from the flow meter
vendor’. The standards and guidelines generally
address the measuring error, when the metering
instrument is operated in its nominal flow range
(Qnom)- However, in the case of ‘nearly zero flow’
(Qg~0), the relative flow pulsation levels may be
excessive. In this system, this situation may occur
in the spillback lines but more importantly in the
side streams. In the side streams, the flow may be
very small and (in case of the 1% interstage) even
bi-directional. Reducing relative flow pulsation
levels to very small values is then an unrealistic
challenge. In particular at low part load the mean
flow and as a consequence the side stream flow
may be very small. Even a small flow pulsation
amplitude will lead to large relative amplitudes and
even flow reversal near the flow meter. In addition,
the effect of the orifice plates will be limited at the
lower part loads.

It is therefore recommended to assess the effect of
the measurement uncertainty on the control system.
In this case, mitigating measures have been applied
in the control system to ensure control stability in
‘near-zero flow’ cases

Due to large dimensions of the system and the large
capacity of the parallel compressor system the risk
on flow-induced pulsation and vibration effects is
more urgent than in smaller systems. Flow-induced
pulsation issues may occur when high-speed and
high-density gas is grazing along a closed side
branch, see Figure 13. In case lock-in occurs
(coincidence of flow instability with acoustic
resonances inside the closed branch) large pressure
pulsations and vibrations may be observed.
Screening methods to quantify the risks can be
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found in the Energy Institute AVIFF guideline®. For
this system, in particular at the suction side, the
local gas velocity in the headers is very
considerable (up to 50 m/s). Though in systems
with a dominant pulsation source (such as a
reciprocating compressor or a plunger pump)
incidents with flow-induced pulsation effects are
reported very rarely it was flagged as a potential
issue for this system. To control this risk the length
of the pipe sections from the header to the isolation
valves was minimized. It is not expected that
acoustic resonances will develop inside the closed
branches. Moreover, considering the low density
(low kinetic energy) and the relatively low Mach
number, the risk on flow-induced pulsation effects
was judged as acceptable.

Figure 13: Layout with closed side branch with
grazing flow with high gas velocity

5 Conclusions and recommendations

The engineering of very large compressor systems
demands additional efforts to ensure an efficient
project execution and reliable system and
compressor design.

Sufficient attention needs to be given to the
torsional characteristics of large reciprocating
compressor, both in an early design stage as well as
during the detailed design and analyses of the
rotating system. Meeting basic separation margins
do not rule out the consideration for further
vibration and stress analyses to ensure long-term
reliable operation. Control strategy and systems
should be designed taking both process needs and
compressor system optimization aspects as well as
operator support into account.

The API 618 standard does not provide explicit
guidelines for the pulsation and mechanical
response analysis approach and the acceptance
criteria for large compressor systems with many
parallel compressors. This paper proposes a
practical, systematic and cost-effective analysis
approach starting from the optimization of a single
compressor train.

For the parallel operation, a selection of the many
possible combinations of compressors and loads
must be made. This selection shall be based on the
results of the analysis on the single compressor

train. The selection shall include an adequate
coverage of pulsating compressors, shall cover the
full capacity range of the system, shall cover the
range of loads and shall cover the various options
for closed and opened isolation valves to the
compressors and the side stream branches.

The contribution to pulsation levels by the
individual compressors shall not exceed the limits
in API 618. In general, the pulsation levels due to a
single compressor in operation are most critical. In
case of parallel operation, the individual pulsations
are lower, due to the higher capacity and the
subsequent larger acoustic damping. The
acceptance criterion for addition of maximum
pulsation levels in parallel operation (N
compressors) was based on the API 618 acceptance
limit, multiplied by the square-root of N.

Ensuring low relative flow pulsation levels may be
difficult for the side stream branches, carrying a
low flow. This is in particular true when the
compressors are running at low part loads, due to
the limited effect of the orifices plates in these
conditions. A careful selection of the type of flow
meter is essential. After the pulsation analysis, the
flow pulsation levels shall be shared with the flow
meter manufacturer to ensure an adequate design of
the instrument and the control system.

In case of very large compressor systems, it is
essential that the basic layout of the pipe system is
chosen in a favorable way with respect to
pulsations and vibrations. This requires a review
with all concerned disciplines and parties at an
early stage of the project; earlier than common
practice for pulsation studies.
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Abstract:

Forced opening of the suction valve is a common known method for compressor capacity control.
Redesigning the valves of a compressor in a way, that both suction and discharge valve can be forced
actuated, the operation mode of the compressor can be switched in order to run the compressor reversible
as expansion machine. This might be interesting for regaining energy from gas storage processes like
for example in underground gas storages. The present paper deals with the first step of the experimental
testing of such system. A compressor discharge valve, which can be forced actuated by impinging the
sealing elements with a pneumatic pressure, was designed. The tests were performed within a compressor,
which was equipped for that reason with additional measuring devices. At different discharge pressure
levels the forced opening of the deliver valve was investigated. The results give a first experimental
insight into the working principle and give directions for improvement of the control strategy and the
valve design. The experimental data is also needed for design of suction valves which use a similar
working principle. With both valves equipped the test compressor will be able to run reversible as
expander.
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1 Introduction

Enhancing the efficiency of existing plants and
machinery can lead to both ecological and
economical benefit. Several possibilities for the
improvement of reciprocating compressors in
regard to efficiency were introduced in the past.
Especially step less capacity control was one focus
during the last years'>** A step even further is an
actual research topic within the EFRC R&D-group
that was presented during the last EFRC-
Conference®: the during normal operation self-
acting compressor valves, both suction and
discharge valve, are redesigned to be capable of
being forced-actuated. This enables a new operation
mode of the existing compressor, in particular re-
expansion of compressed gas, e.g. from
underground gas storages, to recuperate energy.

Within the present paper actual results of the
experimental testing of the abovementioned valves
are canvassed, more precisely the testing of the
discharge valves. Using them forced actuated a
compressor flow control can be realized, however
this is different to usual systems, where the suction
valves are manipulated. In section 2 a summary
about the new designed valves working principle is
given. Afterwards the experimental setup is
described in section 3. The results and their
discussion is presented in section 4 and 5. Within
section 6 the conclusions of the experimental
testing and an outlook of the further test program
are given.

2 Valve working principle

The initial layout of the new developed valve is a
poppet valve. Different from commonly used
poppet valves the small bores, which are bearing
the sealing elements and their retention spring, are
not connected directly to the valve pocket, but to an
additional slider valve. By changing the position of
that slider valve the pressure level inside the bores,
subsequently named poppet control chamber, can
be changed. In case of the compressor discharge
valve the poppet control chamber can be connected
either with the compressor discharge chamber or
the suction chamber. During normal compression
the pressure level in the control chamber is set to
discharge pressure, therefore the valve is like an
ordinary poppet valve self-actuated. By switching
the pressure level in the poppet control chamber to
suction pressure a lifting force is generated on the
sealing element due to the pressure difference on
the poppet surface facing the cylinder and its’
opposite. A detailed description of the valve design
and the working principle can be found in previous
publications™®, a simplified schematic is shown in
figure 1.

cylinder  control chamber  compressor

poppet

slider valve
X A

.

Figure 1: Simplified schematic of the poppet valve
control

3 Experimental setup

The experimental testing was performed within an
Atlas Copco ARI. It is a two stage compressor with
two pistons, each double acting. The cylinders are
arranged in an L-shape, with the axis of stage 1
vertical and stage 2 horizontal. Each working
chamber is equipped with two suction and two
discharge valves. An intercooler is mounted
between the two stages. A sectional drawing of the
compressor can be found in figure 2, the nominal
compressor data of the 1% stage in table 1.

Figure 2: Sectional drawing of the test compressor
Atlas Copco ARI”

Table 1: Nominal data of the 1*' stage of the test
compressor Atlas Copco ARI’

compressor speed 585 rpm
discharge pressure 2.8 bara
nominal flow 8.5 m*/min
piston diameter 285 mm
stroke 150 mm

piston rod length 295 mm
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The testing was performed only in the head ended
working chamber of compression stage 1. To avoid
interference with the other working chambers they
were put out of operation by meaning of removing
all valves from them, respectively the suction
valves at the crank side working chamber of stage
1. The discharge valves of the 1% stage were
replaced to the new developed ones, hence enabling
the possibility of a reverse flow control by forced
opening of the discharge valves.

Process monitoring was performed by means of
various sensors. High speed pressure sensors were
mounted to the working chamber as well as suction
and discharge chamber of the 1% stage.
Thermocouples were used to evaluate mean
temperature values. A proximity sensor based on
induction was utilized for determination of the top
dead center position (TDC). The motor power was
read directly from the PLC, which was used to
control the motor. At the compressor outlet duct a
filter was positioned to remove debris and oil
droplets from the discharged gas. Afterwards the
gas flow was measured by use of a calorimetric
flow sensor. A screw-down non-return valve
(SDNR) was used to set the pressure level at the
outlet duct before the air was discharged over a
mufftler.

4 Testing procedure and results

The new developed valve was tested at different
operating points. For that purpose on the one hand
the discharge pressure of the machine was varied,
on the other hand the end of the interval for forced
opening was varied. Overall 12 different operating
points were tested. A short overview is given in
table 2.

Table 2: Overview of performed tests

discharge pressure level tested opening intervals

11: 2.0 bara w/o, i1, 12,13, i4, i5
12: 2.5 bara w/o, 11,12, 13, i4
13: 3.0 bara w/o, 11,12, 13

The intervals of crank angle variation are outlined
in table 3.

Table 3: Crank angle intervals of forced actuation

label interval

w/o without actuation
il 330° .. 10°

i2 330° .. 20°

i3 330° .. 30°

i4 330° .. 40°

i5 330°..50°

First analysis of the pressure curves has shown, that
there is a strong deviation in the position were the
discharge valve closes. That leads to variation in
the cylinder pressure indicator diagram, as
exemplarily shown in figure 3.
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Figure 3: Example of the pressure indicator
diagram for 10 serial crank turns

The cause for that deviation will be discussed later.
However, for the further analysis the measured data
of 100 serial crank turns was used to calculate a
mean indicator diagram.

Figures 4 and 5 show the pressure-volume and the
pressure-crank-angle-diagrams ~ for  discharge
pressure level 11. The plots depict the mean values
of the cylinder pressure. To enhance the visibility
of the forced opening within the pressure-crank-
angle-plot, the abscissa is only shown from 0°
crank angle to 180° crank angle. Also only each 10°
crank angle a data point is plotted for that purpose.
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Figure 4:  Cylinder-pressure  over  piston

displacement for different operating points at
discharge pressure level 1
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Figure 5: Cylinder-pressure over crank angle for
different operating points at discharge pressure
level 11

The indicator diagrams for the discharge pressure
level 12 and 13 can be seen in figures 6 to 9.
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Figure 6: Cylinder-pressure  over  piston
displacement for different operating points at
discharge pressure level [2
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Figure 7: Cylinder-pressure over crank angle for

different operating points at discharge pressure
level I2
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Figure 8: Cylinder-pressure  over  piston
displacement for different operating points at
discharge pressure level I3
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Figure 9: Cylinder-pressure over crank angle for
different operating points at discharge pressure
level I3

The internal work W; within one crank turn can be
calculated by integrating the cylinder pressure p
over the piston displacement V:

Wiz—ggpdV. (1)

The calculated values for all tested operating points
can be found in table 4.

Table 4: Calculated internal work W; for the tested
operation points (in J)

w/o il i2 i3 4 i5

1 973 787 618 535 407 318
12 1129 854 637 453 273
13 1215 1057 718 403

The compressor speed n was calculated from the
time difference between the TDC-signals and
varied for all tests within a range of 614 rpm up to
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616 rpm. From compressor speed and internal work
the internal power P; can be calculated to

Pi =n- Wi' (2)
The results of that calculation are shown in table 5.

Table 5: Calculated internal power P; for the tested
operating points (in kW)

Table 7: Internal efficiency ni of the compressor at
different operating points

w/o il i2 i3 i4 i5

1 053 054 052 043 028 0.11
12 058 0.61 0.57 042 0.16
13 0.65 058 057 043

w/o il i2 i3 i4 i5

1 997 8.07 634 549 418 3.26
12 1155 8.74 6.53 4.65 2.80
13 12.44 10.82 7.36 4.14

The measured volume flow rate V for each data
point can be found in table 6. The signal is
transformed by the sensor internally into Nm*/min
at standard atmospheric conditions.

Table 6: Measured volume flow rate for the tested
operating points (in Nm3/min)

The electrical power consumption of the motor for
the compressor was monitored, the mean values for
the different operating points are summarized in
table 8. At pressure level 12 the power meter failed,
hence the data is not shown.

Table 8: Motor power consumption (in kW) during
operation at the different pressure levels | and
opening intervals i

w/o il i2 i3 i4 i5

11 865 7.66 700 625 564 5.11
13 1030 8.88 7.61 6.27

w/o i1 i2 i3 i4 i5

1 396 337 280 211 120 0.39
12 3.86 3.13 229 128 035
13 3.89 3.10 212 092

The pressure levels in suction (ps) and discharge
chamber (p;) were directly measured with fast
reacting pressure probes. For calculation of the
pressure ratio /7 the averaged values over one crank
rotation were used:

Ps

Assuming the compressed air as ideal gas, with the
specific heat capacity ¢, and the isentropic
coefficient x, and knowing the compressor inlet
temperature 7, from the measurement to be 20 °C
the specific isentropic compressor work w;; can be
calculated

Awi = ¢, T, (n"‘l/x - 1). (4)

The internal efficiency mi of the compressor can
afterwards be derived from

0V Awg

; (5)

N

where p is the density of air under standard
atmosphere. The calculated efficiencies of the
operating points can be seen in table 7.

5 Discussion

As already mentioned in the previous section, there
is a deviation of the crank angle positions, where
the forced opening of the discharge valve should
end. This variation occurred between serial crank
turns at a fixed value for valve closure. The slider
valve, which changes the pressure inside the poppet
control chamber, is electro-magnetically actuated.
The signal for that actuator is generated by a
control program which is running on a standard
personal computer. Due to the operation speed of
the control program on the PC there is some time
difference in generation of the control signal, which
then leads to varying actuation intervals. Since the
starting point of the forced actuation is within the
already opened discharge valve, that effect is not
observed at that point.

From the indicator diagrams (figures 4 to 9) it can
be seen that the 1% stage discharge pressure is
decreasing when the forced opening interval is
increasing. That effect is caused by the setting of
the pressure level at the compressor outlet. By
setting the pressure with the SNDR valve the flow
rate is specified. However, the flow rate has also an
influence on the internal compressor losses, means
the pressure drop between 1% stage outlet and the
measuring point for the discharge pressure is also
changing. That effect leads to the abovementioned
decrease of the discharge pressure of the 1%
compression stage. Setting the pressure level by use
of a pressure probe installed in the discharge
chamber of the monitored stage will remove that
effect at additional tests in the future.
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In figure 10 the motor power and the calculated
internal power (tables 8 and 5) are plotted in one
diagram. A discrepancy can be seen in the graph,
since in some operating points the measured motor
power is less the internal power, which is
physically impossible. Pressure and temperature
probes, as well as the flow meter are calibrated.
That leads to the assumption, that the motor power
meter is not working correct. A re-calibration is
necessary for evaluation of the overall compressor
efficiency.

14.0
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60 | 3 g
40 6
20
0.0 ' ' ' '

0 1 2 3 4 5

activation interval i

power [KW]
X O

> <0

oPi(11) oPm(ll) aPi(12) oPi(13) x Pm(13)

Figure 10: Calculated internal power P; and
measured motor power Py, for different operating
points (interval i0 stands for no forced actuation)

However, only looking at the internal powers the
trend of the data is as expected. With rising
discharge pressure level the power is higher, by
increase of the forced actuation interval the power
consumption is decreasing with a nearly linear
inclination.

The internal compressor efficiency (table 7) is
largest at pressure level 3, which is near the
nominal compressor working point. However, the
high losses within the discharge valve, as can be
seen from the pressure indicator diagrams (figures 4
to 9), lead to poor efficiencies. For the
advancement of the design a flow-optimization
needs to be done, by means of increasing the flow
cross section and improving the geometry.

Plotting the flow rate (table 6) over the activation
interval, as shown in figure 11, it can be seen that
the volume flow of the compressor can nearly be
decreased to idle mode. It is assumed that there are
no irregularities in operation between the measured
points, hence it is presumed that with the designed
system a step less capacity control is possible. Also
it can be seen that with increasing discharge
pressure level a smaller activation interval is
needed to achieve a similar flow rate.
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Figure 11: Flow rate for different operating points
(interval i0 stands for no forced actuation)

From the plotted indicator diagrams (figures 4 to 9)
the crank angle, where the discharge valve closes,
can be determined. The data is shown in table 9.

Table 9: Discharge valve closing position for
different operation points extracted from the
pressure indicator diagrams

il i2 i3 i4 i5
set 10° 20° 30° 40° 50°
1 30° 50° 60° 80° 100°
12 35° 50° 65° 90°
13 30° 45° 60°

It can be seen, that there is a delay of the valve
closure in relation to the set value. This delay is
caused by the compressibility of the gas inside the
poppet control chamber. However, unlike than
expected the delay is increasing with increased
opening interval. It was assumed, that the decrease
of the cylinder pressure during forced opening leads
to a higher pressure difference over the poppet,
resulting in a larger closing force and hence faster
movement of the sealing element. However, for
better  understanding of this effect an
instrumentation of the poppet control chamber, by
means of implementation of a pressure probe, is
necessary. Also a sensor for measurement of the
valve lift would lead to a more accurate statement
on the closing delay. Actual the test compressor is
being equipped with such sensors for further
testing.

6 Conclusions and outlook

With the experimental testing of the new
developed, forced-actuated discharge valves for a
reciprocating compressor, the functionality of the
basic design concept was proven. A step less
capacity control could be achieved for a variety of
operation points. It has also been shown, that the
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internal efficiency of compression is decreasing
with increasing interval of forced actuation.

However, the tests also have shown an extensive
amount of optimization potential, especially in
pressure losses, resulting into the need of further
investigations. A stringent necessity is the
enhancement of the signal for the slider valve
actuation, which is switching the control pressure
for valve actuation. The actual inaccuracy leads to a
massive difference of valve closure point. Next step
before further testing is for this reason the
application of a new strategy for generation of the
electrical control signal.

Afterwards the valve closure delay needs to be
quantified for the different operation points for the
discharge and also the suction wvalve. The
experimental testing will be finished by application
of the valve design to the 2" compressor stage.
However, in that stage the discharge valves will be
mounted in the suction valve pocket and vice versa.
That will allow to run the 1% stage of the test rig as
compressor and the 2" stage as expansion machine.
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Abstract:

Pressure pulsations are an intrinsic feature of reciprocating compressor systems, that may lead to various
issues. The API 618 standard is the most relevant guideline for pulsation and vibration control during
the design stage. However, the main focus of API 618 is on pulsation effects in the field piping, and less
on the pulsations close to the compressor. Recent experiences indicate that these Cylinder Gas Passage
(CGP) pulsations can lead to serious consequences, such as limited lifetime of compressor valves,
high-frequency vibrations of the compressor manifold, reduced compressor performances and failure
of compressor parts. To enhance awareness and to formulate best practices to identify and control CGP
pulsations, a pre-competitive research project was assigned by EFRC’s R&D group. The investigation
included literature study, interviews with experts from industry and review of analysis and measurement
techniques. A systematic discussion and demonstration of harmful effects is presented, along with best
practices for numerical evaluation and field measurements. Furthermore screening techniques that do
not require detailed simulation tools are presented, enabling a risk assessment very early in the design.
The benefits and limitations of the common control techniques are discussed, along with potential
benefits of more advanced control techniques.
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1 Introduction

Reciprocating compressors are known to be an
intrinsic source of pulsations. If the potential
negative effects of pulsations are not carefully
considered and mitigated, severe issues may be the
consequence. Negative impact may occur on the
field piping system and attached equipment (high
vibrations, fatigue failure, issues with flow meters,
erroneous PSV openings etcetera), but also more
locally on the compressor itself (reduced efficiency,
issues with integrity of the compressor valves and
other components). For that reason, guidelines and
standards have been formulated over the past
decades, to analyse the effect of pulsations and
mitigate the consequences to acceptable levels. The
API 618 standard! is the most commonly used
standard, to analyse and mitigate the effects of
pulsations during the design stage. In addition to
the development of industrial standards, also the
capabilities of modelling tools have greatly
improved over the past decades. Conventional
techniques to mitigate pulsations include the design
of pulsation dampers, optimizing the pipe system
and the application of restriction orifice plates.

In spite of the availability of industrial standards
and robust simulation tools, issues related to
pulsations remain present in the industry. In
particular in the gas passages within the
compressor, excessive pulsations have been
observed in field cases from recent history. In this
paper, these pulsations will be called Cylinder Gas
Passage (CGP) pulsations. Especially high-
frequency CGP pulsations become more important
and challenging due to increasing compressor
speeds, larger spread in gas composition, larger
cylinders and increased application of step-less
flow control systems.

The EFRC Research Group has granted TNO an
assignment to make an inventory of the present
knowledge of CGP pulsations, its effects and
control techniques. This was done by a literature
survey and interviews with experts from the
industry. This work has been carried out under
EFRC contract and was reported to the EFRC R&D
members?. A summary of the findings is presented
in this paper.

2 Harmful consequences

The awareness on CGP pulsation effects as
fundamental root cause is limited. The sense of
urgency is relatively limited, at least among end
users, EPC contractors and compressor vendors.
However, some negative effects are observed in
industry, for example by condition monitoring

ppqercc

experts and pulsation consultants, though the
relation with pulsations as root cause is not always
clearly demonstrated.

Potential negative consequences that are specific

for CGP pulsations include:

e Disturbance of the compressor valve operation:
increased impact speeds, valve fluttering and
reduced compressor valve life time.

e Mechanical vibrations on the compressor
manifold (cylinders, pulsation dampers);

e Mechanical vibrations of Small Branch
Connections (SBCs) in the vicinity of the
compressor such as vents and drains on the
pulsation bottles or instrument connections at
the inlet/outlet piping of the compressor;

e Degraded compressor performance (increased
power consumption and/or reduced capacity);

e Additional dynamic loading of compressor
mechanical parts, such as piston, piston rod,
cross-head pins and crank shaft.

e Excessive pulsations may influence also the rod
reversal, and this has an impact on the
lubrication of wearing parts of the compressor.

e Transfer of high-frequency pulsations,
originating from resonance effects in the CGP,
towards the field piping.

3  Guidelines and Standards

The APl 618 standard' stipulates a relatively
elaborate analysis approach to avoid pulsation and
vibration issues. However, the focus of API 618 is
on the field piping, and the guidelines for pulsations
inside the compressor are very simplified and basic.
Moreover, conventional measures are sometimes
not adequate to resolve issues with CGP pulsations.
Effective evaluation and mitigation of CGP
pulsations may require a more robust and elaborate
analysis approach, accurate at higher frequencies. It
has been observed by recent field experiences that
high-frequency pulsation-induced excitation forces
in the cylinder and CGP play an important role in
vibrations problems of the compressor manifold
system. This has also been recognized by the API
and in a future revision of the API 688 there will
be more focus on this and requirements with
respect to modelling will be more stringent.

API 618 stipulates (as a minimum) the following
steps, in a design approach 3 study:

e  Pre-study, ignoring the effects of the field
piping and focussing on the cylinders and
pulsation dampers.

e Pulsation analysis of the field piping.

e Mechanical response analysis of the field
piping (may be extended with the
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mechanical response of the compressor
manifold).

The first step (pre-study) addresses the issues with
CGP pulsations. This step is typically modelled
with reflection-free boundary conditions at the
damper line connections.

Though considered a good starting point that results
in an adequate design in the majority of cases, some
remarks shall be made before using the acceptance
limits for CGP pulsations proposed in API 618. The
API 618 stipulates a dedicated criterion for
pulsations at the cylinder flange:

Py = 3R, or 7%, whichever is lower (1)
with R the compressor ratio (Pis/Psuc)-
The criterion for pulsations in the field piping is:
p _[c 400
PP N350 /P, xID X |
with ¢ the speed-of-sound in the gas [m/s], Py the
line pressure, ID the inner pipe diameter [mm] and f
the frequency [Hz]. Both limits shall be interpreted

as % peak-peak of the mean pressure. Comparing
these independent limits confirms that:

(2)

e  The criterion (1) is limited to the cylinder
flange only, implicitly assuming that
location being representative for the
complete cylinder area. Criterion (2) on
the other hand is dedicated to each
location in the field piping stipulating an
appropriate  limit for each location
separately, considering the line pressure,
pipe diameter and frequency.

e  The criterion (1) specifies generally higher
values than (2), which implicitly qualifies
the performance of the pulsation dampers,
to suppress the transfer of pulsations to the
field piping. It also implicitly assumes that
the mechanical layout in the immediate
vicinity of the cylinders is sufficiently
robust to withstand higher dynamic
loading.

e The criterion (2) considers a frequency
dependency that is absent for criterion (1).
While in the field piping high-frequency
pulsations are judged more strictly than
low-frequency pulsations, this is not the
case for pulsations close to the cylinders.

e The criterion (2) considers a speed-of-
sound dependency that is absent for
criterion (1). While in the field piping
pulsation effects for heavy gases are
judged more strictly than for light gases,
this is not the case for pulsations close to
the cylinders.

As the criterion (1) for the cylinder flange does not
consider several aspects like gas composition,
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frequency and details of the position, increased
awareness of the pulsation consultant is needed to
avoid potential issues being overlooked.

4 Physical mechanisms and order-of-
magnitude estimates

The definition of Cylinder Gas Passage pulsations
is proposed as the unsteady flow and pressure
effects occurring between the working chambers of
the cylinder up to the volume of the pulsation
bottles of the compressor, see figure 1.

~

Figure 1: Definition of CGP pulsation area.

4.1 Unsteady flow

A reciprocating compressor cylinder generates
unsteady, pulsating flow at the inlet and outlet of
the working chamber, due to the periodic
movement of the piston, in combination with the
action of the compressor valves. The connecting
conduits between the compression chambers and
the pulsation dampers can have a complex
geometry. The impedance of these connecting
conduits (CGPs) can be large and thus lead to high
pressure pulsations near the valves, caused by the
unsteady flow. Moreover, if an acoustic resonance
is excited these pulsations can become very large.
Acoustic resonances are most commonly observed
as standing wave effect, where the distance
between the compression chambers and the
dampers acts as a YA standing wave. At very high
orders of the compressor speed, also more complex
resonances may be triggered inside the CGP.
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The pulsations that occur inside the CGP and near
the compressor valves, are generally large (10-20%
peak-peak of mean pressure are not uncommon).
The dominant pulsation effects generally occur at
high frequencies. Moreover, the amplitude of the
pulsations depends on small geometrical details of
the CGP, the flow characteristics of the compressor
valves and the acoustic damping. Therefore it is
challenging to correctly predict the absolute
magnitude of the CGP pulsations. Still it is
important to predict these pulsations accurately, to
judge them as they can affect the compressor
performance, the valve behaviour and may trigger
harmful vibrations.

The strong CGP pulsations are caused by the
sudden opening of the compressor valves. The
steep flow pulse that occurs when a compressor
valve opens, introduces high frequency pulsations
up to (typically) 30 times the compressor speed.

Flow in suction valve HE

17 S——— S E—
Mean 0.36 [lg/s) ;

1.2 FPeak-peak-48 {ko/si-------------

. ———
0.8 __________ SN S TR
06f-q----- ERRRTEEE Eeononeees
I T —
e :

0 J .' L Ll_il_l A w A

0 0.02 0.04 0.06 0.08

Flow in discharge valve HE

35 T T T

[ —

1] — foeefe R L S
0 S
S S
N L
05 - yeie e Lt I— —

| '
AN .5 & E_u

0.06 008

=

Figure 2: Flow pulses at suction (top) and
discharge (bottom). Time signals of flow and
frequency spectrum for the orders of the
compressor speed (bars).

The high-frequency components of the discharge
pulse are relatively higher than the suction pulse
because the discharge pulse is shorter. In general
the magnitude of the high frequency components
depends on the steepness of the opening flank of
the pulse. This steepness is related to the opening
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velocity of the valve and thus to the mass of the
valve and the gas forces that act on the valve.
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Figure 3. Normal PV diagram with excess
pressures upon valve opening. Dashed line is the
theoretical, ideal PV diagram.

The CGP pulsations cause extra power
consumption, which is proportional to the area
between the dashed and drawn lines in the PV
diagram. The largest loss seems to occur at the
discharge, but because the suction stroke is much
larger than the discharge stroke the losses at suction
and discharge are comparable. The pressure
overshoot results from the flow amplitude times the
total impedance. The total impedance is the sum of
the static flow resistance in the valve and the CGP
and the reactance, which can be considered as the
dynamic resistance of the CGP and cylinder nozzle.
In many cases, the (frequency-dependent) effect of
the impedance is dominant over the effect of
(static) flow resistance.

4.2 Acoustic resonances

If also acoustic resonances occur within the CGP,
this strongly affects the shape of the PV diagram, as
can be seen in figure 4.
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Figure 4: PV card in case of a strong CGP
resonance.

A more detailed discussion on the features of the
acoustic resonances in the CGP will be provided in
the section on numerical modelling.

Comparison  between  simplified analytical
expressions for resonance frequencies and detailed
simulation models confirm that order of magnitudes
can be estimated easily, but deviations increase for
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increasing frequencies. For the lowest acoustic
resonance modes, an acceptable correspondence is
found.

As the dimensions of a CGP are in general
relatively small compared to the acoustic
wavelengths, resonances are excited by high-
frequency components (harmonics) of the flow
pulse. The value of these high frequencies (and the
associated orders) depends on the compressor
speed, the spatial dimensions of the gas passage and
the speed-of-sound in the process gas (typical
values for low-speed compressors: 4% — 8™ order
for heavy gases, such as natural gas or CO,, and
10™ -20™ order for light gases such as hydrogen).
The excitation of acoustic resonances inside the
CGP can lead to high pressure amplitudes because
the resonances are, without measures, poorly
damped. The acoustic resonances in the CGP can
amplify the high-frequency components of the
compressor pulses.

Analytical models for estimation of acoustic
resonance frequencies can be used for order-of-
magnitude estimates. It shall be noted however, that
in general detailed simulation models are preferred
as these take into account correct diameter
transitions and a better approximation of the
impedance of compressor valves and the
compression chamber.

In principle, also acoustic resonances inside the
compression chambers of the cylinders can occur.
In previous EFRC research projects, detailed
prediction tools have been developed*®. In some
case, the assumption that pressure inside the
compression chamber is homogeneous fails. The
sudden opening of (in particular) the discharge
valves generates large dynamic pressure differences
across the compression chamber. Also the
compression at maximum piston speed will lead to
a pressure surge (‘gas inertia effect”) that can be
observed in dynamic pressure measurements inside
the cylinder. If acoustic resonances inside the
working chamber are triggered by these effects, a
strong amplification of the amplitude will occur. In
most practical cases however, the acoustic
resonance effects occur at a much higher frequency
and can only be observed as a second order effect,
in particular during the re-expansion phase with
closed valves.

I \\ —
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Figure 5. Snapshot of pressure fluctuation in

working chamber (left) and acoustic resonance
(right).
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These effects are most relevant for large cylinder
diameters, low speed-of-sound (heavy gases) and
high rotational speeds. In case of excessive
pulsation effects inside the working chamber,
forces on the piston and bending of the piston rod
shall be investigated in more detail. A screening
method to assess this risk is given in a paper by
Hinchliff®.

4.3 Power consumption and efficiency

CGP pulsations will affect the capacity, power
consumption and efficiency. It is well known that
flow resistance in the inlet channel leads to a lower
gas pressure filling the cylinder and thus a
reduction of the capacity. However, if the flow can
be considered quasi-stationary, i.e. the flow in the
suction system follows the piston speed then the
pressure upon closing of the suction valve will be
exactly the suction pressure, because the flow
velocity and therefore the pressure losses are
exactly zero when the suction valve closes (at the
BDC). However, when dynamics plays a role the
pressure variations at the suction valve can, and in
most cases will be out of phase with the piston
speed. Then, at closure of the suction valve the
pressure at the suction valve can be higher or lower
than the ideal suction pressure, which will lead to a
higher, respectively lower capacity. Another cause
of a reduction of the capacity is late closure of the
suction valve, due to valve dynamics or stiction
effects. In reality, the effective flow loss will be a
combination of the above mechanisms, which
cannot be separated a priori within a single
measurement of the PV diagram.

In first order, the pressure surge during the opening
of the discharge valve, due to the impedance of the
CGP can be estimated as follows. The impedance
of the CGP is based on the effective cross sectional
area, based on average volume and a typical
acoustical length of the CGP:
Aoy = chp 3)
ac

Then, the pressure increase at opening of the valve
AP(topen) is:

AQ(t
Q( open)' (4)
Aers
with p the density [kg/m?®], ¢ the speed of sound
[m/s] and AQ(t,pen) the increase in volume flow

AP(topen) = pc

through the valve.

In case of acoustic resonances, the pressure surge
will be higher, and an amplification factor
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(typically 10-20) shall be included to account for
the resonance effects. Beyond the scope of this
paper, approximate guidelines are presented in the
EFRC R&D report?.

For a typical example, based on realistic input
values, the analytical formulas have been compared
with the results of a detailed simulation model.

Figure 6: Calculated PV diagrams with pressure
overshoot without resonance (left) and with
resonance (right).

The analytical model predicts a pressure overshoot
of 0.39 and 1.3 bar, respectively. This is in
reasonable accordance with the more detailed
numerical simulation results. In the full report also
analytical expressions to estimate the pressure
surge due to valve resistance and orifice plates are
presented.

S  Numerical analysis

Though analytical expressions can be valuable for a
general understanding of the mechanisms and quick
order-of-magnitude estimates, robust numerical
simulation tools are available and commonly used
to evaluate design of reciprocating compressor
systems in the petrochemical industry.

5.1 Purpose of the analysis

For evaluation of new compressor systems, a
pulsation study is part of the detailed design,
usually dictated by the stipulations in the API 618
standard. The purpose of the study, in particular
with respect to CGP pulsation effects can be
summarized as follows:

e Evaluation of the pulsations at the cylinder
connections. Comparison with API 618
limit.

e Evaluation of pulsations near the
compressor valves. This result determines
the need for more detailed compressor
valve analysis (in case of high pulsations).

e Evaluation of shaking forces on dampers,
cylinders and internal passages. This result
determines the need for more detailed
mechanical analysis of the compressor
manifold.
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e Evaluation of PV card and power
consumption.

e Quantify extra dynamic loading on piston
and piston rod due to pulsation effects.

The last two points shall be shared with the
compressor manufacturer for information.

5.2 Challenges

For adequate numerical modelling of the detailed
effects occurring in the CGP, the pulsation
consultant is faced (even with state-of-the art
simulation tools) with some challenges.

A straightforward translation of a complex-shaped
cylinder into a 1D simulation model can be
troublesome. Compare for example a forged high-
pressure cylinder layout (left) with a more curved
cast low-pressure cylinder (right).

Figure 7: example of simple ‘1D’ cylinder layout
(left) and complex ‘3D’ cylinder layout (right).

The ‘1D’ layout is conveniently modelled, but for
the ‘3D’ layout several modelling options can be
used. Based on experience, the best match for
similar geometries is achieved with an H-pattern
wireframe’. A full benchmarking study with
realistic cylinder geometries, 1D and 3D acoustic
simulation tools is considered a valuable topic for
future research.

Nozziets
bottle o
@ T CEVabve 1 HE Vahve 1

X-Pattern Gas Passage Representatior

A
0 O
0

H-Pattern Gas Passage Representation

Figure 8: H- and X-pattern simulation models for
the CGP.

Nevertheless, this shall be considered on a case-by-
case basis, using the following generic strategy: 1)
the total volume of the CGP shall be provided by
the compressor manufacturer 2) the prevailing
acoustic length scales in longitudinal direction shall
be estimated as accurately as possible 3) the
effective diameter shall be chosen to correctly
represented the CGP volume. In case the
compressor vendor delivers a schematic wire-frame
sketch of the CGP, the dimensions shall be
reviewed, in conjunction with the cylinder drawings
for consistency. In any case, the spatial and
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temporal discretization in the simulations shall be
sufficiently fine, to capture the relevant length and
time scales. This requirement is generally more
strict for CGP pulsations than for pulsations in the
field piping.

In industry, both time-domain and frequency-
domain simulation tools are used. Though
frequency-domain codes may be adequate for basic
screening and orifice optimization, a time-domain
approach is considered most suitable to represent
the complex pulse shapes of the source, the
essential non-linear behavior of compressor valves
and to handle non-linear damping mechanisms
which are essential for pipe flows.

Acoustic damping in complex geometries and flows
is a challenging topic that is vivid topic of research.
The flow in the CGP is highly complex, and the
pulsation amplitudes are generally very high, so
application of linear theory for the acoustic
damping has limited accuracy. The flow resistance
of compressor valves is usually provided by the
vendor of the valves. Modelling of resistance in the
curved conduits in the CGP is usually based on
experience. As a general guideline, it is advised to
apply for each obstruction/deviation in the flow
path a pressure loss coefficient of the order of the
dynamic pressure YpU2.

5.3 Examples

To illustrate the most relevant mechanisms and to
present some typical results that are obtained during
numerical analysis (in particular during the pre-
study) a representative case is defined.

reflection-free > : /[
boundary condition 7~ > 4 : b

at the line
connections \
)

=
iy

nternal gas passage

<

Figure 9: typical simulation model.

Cylinder nozzle

The pulsation dampers are empty bottles, without
internals. Representative figures are used for the
compressor data (pressure ratio, bore, stroke,
clearance). The dimensions of the cylinder passages
are slightly exaggerated, to have a ‘pronounced’
response due to the compressor pulses.

The first example is a light gas (hydrogen) with
MW=2, and a high speed-of-sound (1400-1600
m/s). To verify the sensitivity of the results for
small fluctuations in the operational conditions, a
range around the nominal conditions was
investigated, from -20% to +20% around the
nominal speed-of-sound. The results for the
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pressure amplitude in the CGP (near the
compressor valves) are shown in figure 10. The
highest pulsation amplitudes are found at the
discharge side. The amplitudes are considerable, up
to 10% of the mean pressure.
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Figure 10: Pulsation amplitude as a function of
speed-of-sound (hydrogen example).

A typical feature are the peaks that correspond to
acoustic resonance conditions that are triggered at
particular gas conditions. The peaks are relatively
sharp and narrow, which indicates resonances with
a high quality factor. This illustrates the importance
to use a sensitivity range with sufficiently small
steps, to avoid underestimation of the resonance
effects.

The peaks are identified as higher orders of the
compressor speed. The main feature of the
resonance is a standing wave, originating from the
compressor valves (high pressure pulsations
amplitude) toward the damper volume (low
amplitude), see figure 11.

o

Figure 11: Illustration of acoustic resonance.

This also illustrates the difference in pulsation
amplitude that can occur between the cylinder
flange (the API 618 target location) and other areas
in the CGP, in particular near the compressor
valves.

The simulation results, including the frequency
information, can be most conveniently presented in
a 2D color plot. Figure 12 contains the speed-of-
sound (horizontal) and the frequency (orders of
compressor speed, vertical). The pulsation
amplitude is shown in the color scale.

The inclined curve is a single type of acoustic
resonance that is triggered at different frequencies,
depending on the value of the speed-of-sound. In
this example the resonance is a "4\ standing wave
(figure 11), that is called Cylinder Nozzle
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Resonance (CNR). Other resonances are not
observed, up to the 32 order of the compressor
speed.

T T T T T T
15 10 5 0 5 0 15 2

Figure 12: Pulsation amplitude as function of
speed-of-sound and frequency (hydrogen example).

The pulsation effect is also clearly present in the
PV card, which also allows to judge the impact on
the consumed power. Based on the results the
consultant can estimate the dynamic loads on the
piston and piston rod.
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Figure 13: PV card highlighting acoustic
resonance on discharge side (hydrogen example).

In a second example, a natural gas application is
considered, with the same simulation model. Now,
due to the heavier gas, the speed-of-sound is
considerably smaller (450-500 m/s). Again the
pulsation amplitudes show several peaks. However,
these are found at a variety of orders of the
compressor speed. The lowest orders (6%, 7%, 8t
are associated with YA resonances (CNR). Also
higher orders are found that are associated with a
different type of acoustic resonance mode. Here,
the resonator is fully trapped inside the CGP, being
a '\ standing wave between HE and CE: Gas
Passage Resonance (GPR).
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Figure 14: pulsation amplitude (natural gas
example).
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The 2D plot highlights multiple resonance effects:

n I 2000

Figure 15: Pulsation amplitude (natural gas).

The Cylinder Nozzle Resonance has the highest
amplitude and occurs at lower frequencies. The Gas
Passage Resonance (GPR) is weaker and occurs at
higher frequencies. Despite the smaller amplitude,
the GPR has some features that may be critical. The
mode is trapped, and the amplitude at the cylinder
connection flange is nearly zero. For the judgement
of these resonances, the API 618 criterion at the
flange is not adequate. Moreover, this trapped
resonance cannot be suppressed conveniently with
a restriction orifice plate at the cylinder flange.
Finally, the shaking force due to this trapped mode
can efficiently trigger the cylinder, due to the phase
difference of the pressure fluctuation at HE and CE.
If a mechanical resonance frequency in piston-
direction coincides with the shaking force
frequency, severe vibration issues (cylinder stretch)
may be observed.

$R““ M|

Figure 16: Acoustic resonances: Cylinder Nozzle
and Gas Passage resonances.

GPR (1/2 A)

Finally, the PV card illustrates the resonance effect
and (in this case) a considerable increase in
consumed power. Note that this acoustic resonance
effect is not easily separated from high losses due
to unsteady flow. In this example, the overshoot is
not due to the flow resistance in the valves or CGP
but due to an acoustic amplification.
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Figure 17: PV card highlighting acoustic
resonance on discharge side (natural gas example).
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Once the diagnosis of acoustic resonances and flow
resistance in the CPG has been done, optimization
steps can be performed with the numerical model.
The beneficial effect of a restriction orifice can be
assessed, and the bore can be optimized. During the
optimization of the bore, the extra pressure losses
due to unsteady flow effects shall be carefully
considered.

no orifice with orifice

Figure 18: Beneficial effect of restriction orifice.

While restriction orifice plates are effective for the
majority of CGP pulsation issues, in case of trapped
modes orifice plates are not effective. Less
conventional techniques to control these pulsations
effects are a re-design of the CGP, introduction of a
restriction inside the CGP (insert), additional
volume on the valve covers, or a tuned side branch
absorber. For specific conditions, a side branch
absorber can be effective to detune the resonance
and relocate the area of high pressure fluctuations
away from the critical compressor valves. To
suppress the amplitude the absorber must contain a
restriction which shall be optimized with the
simulation model. In any case, the absorber must be
a tunable device, to be effective over a large range
of process conditions.

6 Dynamic valve response

As the valve behavior is affected by both the
mechanical properties of the valve and the fluid
forces, the modelling can be complex. However, in
most practical cases the valve behavior is
dominated to a large extent by the fluid forces. It
appears that often for the major part of the opening
cycle the fluid forces are much larger than the mass
and spring forces. Only when the valve is about
near closing, the mass spring behavior of the valve
is dominant. Therefore the pulsations in the CGP,
and sometimes the pulsations inside the cylinder,
govern the valve behavior. Whatever the valve
properties are, the valve movement is determined
by the fluid forces, i.e. the pressure difference
across the valve. This means that comparing the
mechanical resonance frequency of the valve with
the acoustic resonance frequency of the CGP and
avoiding that these coincide is not an adequate way
to avoid adverse valve behavior.

This is shown in the figure 19 in which three cases
are compared with the same CGP but a variation of
the valve resonance frequency. In the base case the
resonance frequency of the valve is approximately

equal to an acoustic resonance frequency of the
CGP. In the second case the mass of the valve plate
is half, the resonance frequency is 40% increased.
The response changes, but is still quite similar.
Increasing the mass of the valve by a factor of two,
i.e. eigen frequency is reduced by 40%, gives a
change of the curve, but the unstable valve behavior
remains.

Valve lift [mm]

Valve lift [mm]

0 002 004 008 008

Valve lift [mm]
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0

0 002 004 006 008

Figure 19: Effect of valve mechanical properties to
the same fluid forces. Top: base case. Middle:
higher resonance frequency. Bottom: lower
resonance frequency.

In addition to this, considering the mechanical
resonance frequency of the valve based on the mass
and spring constant does not comply with reality.
This is because the valve is restrained by seat and
limiter (non-free and non-linear behavior). See the
illustration in figure 20, where an ideal valve
movement is shown. The total opening time is in
this case approximately % of the full rotation time
of the crank shaft. The valve opening and closing
times are even smaller fractions of the discharge
stroke (a few percent). Only in these two short time
intervals the valve can move freely.

In the figure also the typical time scale of a free
mechanical oscillation of the valve is shown. It is
clear, that the valves resonance frequency is ‘too
slow’ to be effectively triggered, since triggering
can only occur in the very last phase of the valve
opening when the flow reduces to zero. In other
words, for the interaction with the mechanical
properties of the valve (mass, spring) the higher
frequencies in the pulsation spectrum shall be
considered. This pleads for a careful evaluation and
control of the high-frequency pulsations. To study
the acoustic-mechanical interaction in detail a fully
coupled calculation method is mandatory which
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considers both the pulsation effects in the CGP and
the mechanical valve properties.

5

b

0 001 002 003 004 005 006 007 008 0.09 0..1
Time [s]

Figure 20: Valve position (black) and free-
movement valve oscillation (red).

7  Conclusions and recommendations

Based on the literature survey and interviews with
experts, the following observations were brought
forward during the inventory.

Awareness and urgency. The awareness of CGP
pulsation issues is generally limited. It is noted that
often only the consequences of CGP pulsations can
be seen, and often not directly the root cause.
Excess power consumption often remains
unnoticed. Condition monitoring engineers and
pulsation consultants are most often confronted
with CGP pulsation issues, while compressor
vendors and end user indicate that the issues do
occur but on a limited scale. Pulsation effects
associated with Cylinder Nozzle Resonances can
generally be identified and controlled in the design
stage with state-of-the-art engineering tools.

Negative  consequences. The integrity of
compressor valves remains a key aspect of the
reliability of the reciprocating compressor. In case
of issues with compressor valves, often a
combination of adverse conditions is found (high
pulsations, fouling, off-design operation) and
causes cannot always be clearly separated. Also the
integrity of piston rods has been raised by several
experts. Dynamic loading due to pulsation effects is
generally considered in generic safety margins

Importance of the pre-study. The state-of-the art
numerical tools for the detailed pulsation study can
be used to identify and control the majority of the
pulsation effects during the detailed design of the
compressor system. In addition to pulsation effects
(resonances) also the resistance of the CGP can be
evaluated, including losses over valves and orifices.
The excess power consumption quantified in the
pre-study can be considered in the evaluation of
Operation Expenditure (OPEX cost). Based on the
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pre-study as stipulated by API 618, the need for a
more detailed dynamic valve analysis and a more
detailed compressor manifold analysis shall be
substantiated, and discussed with the client.

Occurrence of trapped modes. Though more rarely,
the occurrence of higher-order CGP pulsation
resonance  effects (‘trapped’ Gas Passage
Resonances or acoustic modes inside the working
chambers) is observed in the field. If these coincide
with mechanical resonances of the compressor
manifold, vibration problems may be very hard to
mitigate. Accurate modelling of these high-
frequency resonance effects is very challenging,
due to the limitations in the state-of-the-art
engineering tools. Also the possible solutions to
these issues are more demanding and rarely
encountered in industrial application.

Modelling complex geometries and acoustic
damping. To quantify high-frequency effects, such
as the pulsation amplitudes of trapped GPR modes,
the basic engineering tools have limited accuracy.
To overcome the limitation, many aspects ask for a
more substantial investigation, such as the
challenge to model complex geometries with 1D
models and to have reliable acoustic damping at
high frequencies.

Existing standards and guidelines. In general
standards are considered adequate for the majority
of cases found in practice. Increased emphasis on
certain critical aspects in the existing standards and
guidelines is considered valuable, such as
evaluation of pulsation levels near compressor
valves and simplified calculation methods of
pressure loss of restriction orifice plates in dynamic
conditions.

New techniques to suppress vibrations. If the
source of high-frequency vibrations cannot be
reduced, solutions are required to control the
vibrations. Conventional techniques such as pipe
supports and bracing clamps have limited effect at
high frequencies. In these case, an increased
mechanical damping is considered more effective.
A practical guideline to enable the application of
special visco-elastic damping materials to enhance
performance of mechanical supports (for example
to suppress vibrations on Small Branch
Connections) is considered valuable. As a general
recommendation, SBCs shall be avoided wherever
possible in the immediate vicinity of the
compressor. In any case, length and overhung mass
shall be minimized and adequate bracing shall be
applied in accordance with good engineering
practice.

Finally, the predictive value of condition
monitoring systems can be enhanced by application
the available physical and numerical models for the
interpretation of the dynamic conditions in the
vicinity of the compressor.
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Abstract:

This paper applies both experimental and numerical approaches for a horizontal balanced-opposed test
compressor. Experiments are conducted at a typical operating condition (speed: 1000 min-1, pressure
ratio: 3.5). The compressor’s thermodynamic behaviour is then determined with the calculation program
for reciprocating compressor plants — KVA — and the calculation results are validated using the measured
data. Finally, the temperatures of the compressor components are determined by a FEM simulation in
Ansys.

This combined analysis of the compressor lead to a significant gain in accuracy. The respective advantages
of each method complement each other and results in a more comprehensive analysis of the compressor.
Furthermore, the FEM model is used to show the cooling of the piston rod sealing by variation of
the thermal properties of the piston rod. This also reveals the advantage of simulation tools compared
to experimental measurements considering time, effort and cost for the investigation of different
configurations.
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1 Introduction

The knowledge of thermodynamic processes and
important operating parameters of reciprocating
compressors is essential for an economical and low-
maintenance operation as well as for compressor
research and development. The relevant operating
data can be derived from either experimental
investigations or theoretical calculation methods.
However, each technique is characterized by its
advantages and disadvantages concerning accuracy,
required time, effort and consequently costs.

Experimental investigations provide direct results
from the compressor. However, they often require
comprehensive instrumentation and complex
measurements particularly in case of thermodynamic
studies. This is due to the fact that the heat transfer
depends on the three-dimensional geometry as well
as on the three-dimensional temperature distribution
and its temporal dependency. Calculations and
simulations, on the other hand, allow comparatively
reproducible results but require validation of the
results by measurements.

The aim of this work is to show the combination of
both experimental and numerical approaches applied
on a reciprocating test compressor. This shows that
the individual advantages lead to an increased
understanding of the compressor’s thermal
behaviour.  The  three-dimensional  thermal
simulation of the compressor is then used to conduct
a parameter study which would be difficult and
costly to realize by experiments. Based on the
thermal simulation model it is shown to what extent
the heat transfer along the piston rod is influenced by
its thermal and geometric properties and how this
affects the packing and the cylinder cooling.

2 Information on the experimental
conditions

2.1 Setup and instrumentation of the test
compressor

The test compressor used in this study is shown in
figure 1. It is a balanced-opposed crosshead type,
double-acting, single-stage and dry-running piston
compressor with two horizontal throws. It sucks in
ambient air and pumps it against a high-pressure
control valve which is located at the facility outlet
and which is used to adjust the back pressure. One
peculiarity of the compressor is the position of the
piston rod packing, which is located at an
intermediate piece due to its comprehensive
instrumentation.

Figure 1: Photograph (a) and sectional view (b) of
the test compressor

Essential compressor operating data:

e Nominal flow rate: 150 m® h*!

e Power consumption: 15...30 kW

e  Speed range: 500...1500 min"!

e Average piston velocity: 1.66...5 ms™!
e Typical suction pressure: 1 bar,

e  Max. discharge pressure: 5.5 bar,

The compressor is equipped with high speed
pressure transducers (max. sample rate 100 000
samples per second) for each cylinder collecting the
pressure data from the suction and discharge
chamber as well as from the head end and crank end
working chambers. In addition, both piston rod
packings are each equipped with high speed pressure
sensors, which record the pressure values in front of
and between the individual sealing ring packages. In
total, the operating behaviour of the compressor was
measured with 16 pressure measurements at the
relevant locations in the compressor at high-
frequency (50 kHz). In this way, that all relevant
pressure pulsations are covered. The gas
temperatures were recorded with thermocouples
(type K) at the similar locations as the pressure
sensors. In addition, the solid-state temperatures in
the metallic packing ring chambers were measured
at the piston rod packing. Due to their thermal
inertia, they were sampled at a sample rate of 1 Hz.
Furthermore, a mass flow sensor is installed at the
discharge line and two volume flow meters are
located at the flare lines of the piston rod packing to
record any air leakage.

2.2 Measurements

A typical operating point for reciprocating
compressors was selected for this study. The speed
was set to 1000 min' and the back pressure to
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3.5bar, to achieve a high thermal load for the
compressor. Three measurements were carried out
for the operating point and the results of these
measurements were averaged within steady-state
operation. Some of the results are shown in figure 4
— figure 8.

The measurements are intended to validate the
results of steady-state KVA calculations and Ansys
simulations. Therefore, the compressor was operated
under constant boundary conditions until a quasi-
stationary operating state was reached. This state
means that the mean values of the temperatures do
not change. For evaluation of the thermal behaviour,
the temperatures are averaged over 60 minutes (3600
values), to ensure meaningful results. In this state,
the high-frequency pressure measurements (50 kHz)
were also carried out to record p,V diagrams and
other pressure fluctuations in the suction and
pressure chambers as well as in the piston rod
packing chambers.

3 Calculation of the compressor’s
thermodynamic behaviour by
means of KVA

The experimental results of the thermocouples
provide information about the local temperatures at
the measuring points and they can be used for the
analysis of the thermal situation. For example, the
direction of heat flows or local thermal hot spots can
be determined by the temperature gradients. In
addition, they can be compared with calculated
results to check and verify them. The high-frequency
pressure measurements in the working chambers and
the suction and pressure chambers also enable the
analysis of the temporal thermodynamic condition of
the gas.

However, the measurement results do not allow a
complete assessment of the thermal boundary
conditions of the compressor, which is necessary for
a comprehensive  characterization of  the
compressor’s behaviour. For the compressor
components, these boundary conditions are the
convective heat transfer, characterized by heat
transfer coefficients (HTCs) and the temperature of
the surrounding fluid, but also the frictional power
that occurs at the sealing rings. They were
determined based on the calculation program for
reciprocating compressor systems KVA.

3.1 KVA’s working principle

The analysis tool for compressor systems KVA (in
German:  “Kolbenverdichteranlagen™) is a
development of the Bitzer-Chair of Refrigeration,
Cryogenics and Compressor Technology and aims at
calculation of the entire compressor system.

The calculation procedure is based on a network
model with each relevant gas-filled volume
considered as one node. This includes all working

chambers, the suction and pressure chambers and
other volumes (buffer tanks, mufflers, crankcase,
etc.) that are relevant to the compressor’s
thermodynamic behaviour. In this analysis all
thermodynamically  relevant  volumes  were
considered since a more complete simulation leads
to a more precise calculation of the compressor’s
thermodynamic behaviour. All properties of these
volumes (p, V, T, m, h, s) are time-dependent and
location-independent within each volume.

The volumes are interconnected by links which may
represent pipes, valves and sealing. They are gas-
filled elements which are mostly characterized by
the flow through them. Volume boundaries are
represented by wall elements in KVA. They
represent the compressor component structure and
allow a consideration of heat transfer between the
gas and the compressor walls. The heat conduction
between adjacent wall elements may also be
included. All KVA calculations are based on the
general gas equation and the first law of
thermodynamics. The explicit formulation for the
time-dependent behaviour of the pressure and
temperature within each gas volume is given by
Equations (1) and (2).

m+K+«R+Tdt Vdt

1dK S

_EE)’

1dT K p dQ 1 dv

?E_K—l(m*K*RmTE_VmKE o
ldK) 1dm 1dR

ldp K ( p dQ 1dV
pdt K-—1

K dt

mdt Rdt

The change of heat over time dQ/dt for each
volume accounts for all heat flows and enthalpy
flows across the volume boundaries. The governing
equation for the law of mass conservation is
dm/dt = Y m; which considers every mass flow
m; across the volume boundaries. The
thermodynamic state over time is calculated by a
time-step method over several crankshaft turns
which uses a step size between 0,01° and 1,0°. The
flow through the valves is calculated with a general
nozzle flow approach given by Equation (3) ..

m=hy «lyxap P xJ2xpxo ()

The valve (e.g. lamella, ring plate, poppets or similar
elements) movement is based on the time dependent
forces. The heat transfer between the gas volumes
and the surrounding walls is determined by HTCs.
They are calculated using a general Nusselt number
approach Nu = f(Pr, Re) based on the Prandtl
number Pr and the Reynolds number Re. The latter
considers the piston speed and the equivalent speed
for the kinetic energy of the gas.

This approach for the HTCs has shown a good
agreement of experimental and simulation results of
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an air compressor 2. For more information about the
working principles of KVA see 2.

3.2 KVA model of the test compressor

For the calculation of the test compressor, the
structure of the internal flow path shown in
figure 2 (b) was designed. This structure composed
of the essential volumes that flow through the gas
from inlet to outlet but comprises only one cylinder
due to the symmetry of the compressor design. For
all modelled volumes the actual dimensions were
adopted, so that the size of the volumes and the
surfaces correspond with those of the real
compressor. Note, that the piston rod packing
consists of three volumes (P1, P2, P3) that are
separated by two packing rings.

Suction chamber Suction line Suction valve nests
(SC) (SL) (SVN1, SVN2)
(a)

Crank end & head
end working

chamber
(CEWC, HEWC)

Discharge
valve nests
(DVN1, DVN2)

Packing Discharge Discharge
(P1,P2,P3) chamber (DC) line (DL)

Suction volume Ambient Air (aa)
(p. T =const.)

Constant vol.
(¥V'=const.)

Working (®)
chamber [ SVN1 | [ sVN2 |
(@ =const.)

Discharge vol.

(p=const) P2] [ DvN1 | [ DVN2 ]

— Adiabatic pipe

— Self-acting
valve

— Contact seal
— Gap flow Discharge (D) Aftercooler (AC)
Figure 2: Assignment of the gas volumes in the
sectional view of the test compressor (a) to the
corresponding KVA gas flow network (b)

For the heat transport mechanisms, all relevant
components were implemented as walls in the
calculation model. Figure 3 (b) shows the
discretization of the wall elements, which was
derived from the cylinder geometry and which
reflects the geometry and position of the components
in a simplifying way. The oscillating assembly,
consisting of the piston, piston rod and crosshead,
was modelled in the middle position. The volumes
which are limited by the wall elements can be seen
in figure 3 (b). These volumes and the circumjacent
wall elements are thermodynamically connected, so
that heat is transferred between them depending on

the geometric conditions (contact surface,
dimensions) and the temperature differences. This
heat transport also takes place between the wall
elements that are in contact with each other in
figure 3 (b).
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@ n
o 2N,
(b) Head end working

chamber (HEWC)

Suction chamber (SC) \ﬁl

Packing (P)

Crank end working

chamber (CEwWC) .
Discharge chamber (DC)

Figure 3: Assignment of the compressor
components in the sectional view of the test
compressor (a) to the corresponding KVA wall
elements (b)

For the thermodynamic calculation of the
compressor, a step size for the crank angle of 0.1°
was selected. In total 100 complete crank revolutions
were calculated, so that a stationary state was
achieved for all elements. However, an almost
stationary state was already achieved after 25 crank
turns, so that only minor changes occurred in the
subsequent calculation steps.

3.3 Comparison of measurement and
calculation results

Figure 4 and figure 5 show the comparison of the
measured (with suffix “Meas”) and calculated
pressure curves (with suffix “KVA”) from the
cylinder area and from the packing. The good
correspondence of the curves shows that the
thermodynamic processes of the gas can be reliably
reproduced with the aid of the KV A calculation.

Figure 6 shows the relevant averaged temperatures
from the measurement in the steady-state of the
compressor both cylinders. These values are
compared with the KVA calculation. The deviations
are in the order of a few Kelvin. Only the
temperatures at the crank end working chamber
(CEWC) show larger deviations, which is probably
due to the special position of the packing and due to
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gas pulsations in the annular gap between the crank
end working chamber and the first sealing ring of the
packing that are difficult to grasp.
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Figure 4: Comparison of measured and calculated
pressure curves from the cylinder
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Figure 5: Comparison of measured and calculated
pressure curves from the packing
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Figure 6: Comparison of averaged measured and
calculated (KVA) gas temperatures

Some performance parameters are shown in figure 7.
The deviations between the measurements and the
KVA calculation for the mass flow and indicated
power are below 5% and are therefore in a
reasonable range.
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[ Measurement
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Overall mass flow [kg h'!']

Figure 7: Comparison of averaged measured and
calculated (KVA) performance parameters

Figure 8 shows the calculated time curves of
temperatures and the heat transfer coefficients for
both working chambers. These parameters can be
determined by measurements only with great effort.
Therefore, the calculation using KVA represents a
time- and cost-saving alternative. Furthermore,
special phenomena become visible, e.g. that the
temperature temporarily rises above 250 °C during
the discharge phase.
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Figure 8: Calculated temperature curves (T) and
heat transfer coefficients (HTC) over one crank turn
for the head end working chamber (a) and for the
crank end working chamber (b)

The comparison between the measured and
calculated results by means of KVA shows that
based on a simplified model structure a good and
reliable correspondence of the calculated values with
those at a real compressor can be achieved. A
validation of the calculated values based on
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measured data is not strictly necessary but is
recommended if possible.

In conclusion, the calculation results enable a more
precise analysis of the compressor behaviour, as all
relevant thermodynamic parameters are determined
with high temporal resolution. Thus, for example,
the temperature progression in the working
chambers can be shown, which changes highly
dynamically and can only be measured with great
effort. In addition, many parameters that are difficult
to measure can be determined, e.g. all the heat and
exergy flows for all volumes and wall elements, heat
transfer coefficients, valve behaviour, pressure
pulsations in pipelines, etc. With the help of a
calculation tool like KVA, it is possible to precisely
determine which phenomena cause the biggest
losses and how existing potentials can best be used.

4 Thermal compressor simulation by
means of ANSYS

In order to enable a more precise examination of the
component temperatures, a solid model was created
in Ansys that takes the compressor components into
account as realistically as possible (see figure 9).

(a) Piston rod core

Frictional
heat elements

Figure 9: Ansys model of the compressor cylinder
(a) and detailed view of the cylinder meshing (b)

For example, only connecting elements (e.g. screws)
or other small parts were omitted and minor
simplifications were made to complex components
(e.g. the cylinder). Furthermore, due to the mirror
symmetry along the vertical mean sectional plane,
only half of the model was modelled in order to keep
the number of elements and thus the calculation time
as low as possible. Since the oscillating compressor
assembly is not moved in the simulation, it is
positioned in the middle position between the two
dead positions (BDC and TDC), as with the KVA
model. Figure 9 (a) shows that the core of the piston

rod has been modelled as a separate component
which can be varied in terms of both the thermal
conductivity (Acore) and the diameter (Ddcore). This is
used for a parameter study in which the impact of
changed properties of the piston rod core on various
component temperatures is investigated.

For the boundary conditions on all free surfaces of
the model, the measured temperatures and HTCs
determined with the aid of KVA were used. In
addition, the thermal loads resulting from friction of
the sealing rings on the mating surface are applied
(assuming a friction coefficient uic of 0.1). For this
purpose, very thin elements (see figure 9 (a)) were
modelled, which are provided with a heat source
density corresponding to the frictional power.

S Parameter study with regard to
piston rod heat transfer

With the help of the simulation model 14 different
simulations were carried out. Table 1 shows an
overview of the simulated configurations and the
corresponding labels.

Table 1: Overview of parameter configuration for
the Ansys simulation model and their labels

Thermal conductivity of the piston rod core
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E
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The temperature distributions of the whole model are
compared for the configurations "15-Orig" and for
"25-4" in figure 10. The contour plots show that the
increase of the diameter and of the thermal
conductivity of the piston rod core have a significant
influence on the temperatures of the components.
For example, there is a significant cooling in the
packing area, so that the maximum temperature of
the model (red label) shifts from the packing area to
the cylinder area. In addition, the temperature
gradient along the piston rod is significantly
reduced. This also cools the piston at its crank end
side.
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One of the most important objectives of the internal
piston rod cooling is heat dissipation from the
packing area. In order to investigate the influence of
both parameters, the maximum temperature
occurring in the packing area Tpack,max Was evaluated.
The results for all simulations are shown in
figure 11.

uls_orig“
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-
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| I I [ — I ]
220 200 180 160 140 120 100 80 60 40

Figure 10: Comparison of the temperature
distribution for the simulations “15-Orig” and “25-
4})
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Figure 11: Comparison of the maximum

temperature Tpackmax at the packing for all
simulations.

Figure 11 shows a reduction of the maximum
packing  temperature = for  both  diameter
configurations as the thermal conductivity of the
piston rod core A.re increases. As expected, the
cooling is greater with the larger diameter.
Replacing the original core of the piston rod with a
pure copper core (approximately 3*10> W m! K1) 3
would reduce the maximum packing temperature
approximately 8 K or 18 K for a core of 15 mm or
25 mm, respectively. An increase in thermal
conductivity to 10* W m™! K-! which is given as an
approximate magnitude for a piston rod internal
cooling with a two-phase cooling fluid # would lead
to a temperature reduction of 49 K (Qdcore = 15 mm)
and 67 K (Ddcore =25 mm). It is shown that higher
thermal conductivities of the piston rod core of up to

100 000 W m!' K! would lead to a significant
cooling. Beyond that, there are only minor changes,
although this order of magnitude cannot be currently
achieved by any type of internal cooling. In the long
term, maybe graphene or carbon nanotubes could
also be used as technical materials for the core
material. These relatively new materials have high
thermal conductivities of up to 5000 to 6 000
W m! K! (at room temperature) °.

Another important criterion for the internal cooling
of the piston rod is the heat transport along the piston
rod. For the evaluation, the heat flux density in the
piston rod core (not in the circular ring-shaped cross
section of the actual piston rod) in the direction of
the cylinder axis (z-axis) was averaged at two
characteristic locations z; and z» (see Qeore in
figure 12 (a). These two positions are shown in
figure 9 (a). The axial heat flux density in the cross
sections of the piston rod is in the range of a few
kilowatts per square meter and is therefore not
shown here. In addition, it remains almost constant
for all configurations. The total heat flow Q.
(Qtot= Qcore+ Qrod) at both positions z; and z; is
shown in figure 12 (b) for all configurations. It can
be determined based on the respective area
proportions of the piston rod and its core.

Figure 12 (a) shows that the axial heat flux densities
between 100 and 1500 kW m™ that can be dissipated
from the packing through the piston rod to the
crosshead for realistic thermal conductivities of the
piston rod core material Acore = 300...10* W m™! K.
The values at position z; are always higher than for
22, which also applies to the total heat flows shown
in figure 12 (b). This indicates that the heat flow
from the packing towards the crosshead (position z1)
is larger than the heat flow from the crank end
working chamber towards the packing (position z2).
The difference between these two heat flows
represents the heat dissipated from the packing rings
for the respective diameter.

This results in heat flows of approximately
20 to 40 W from the packing for a 15 mm piston rod
core in the range of realistic thermal conductivities
of the piston rod core of 300...10* W m' K-!. For a
25 mm core, the heat flow rejected from the packing
increases to approximately 50 to 200 W.
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Figure 12: Averaged axial heat flux of the piston rod
core (Geore) and total axial heat flow through the
piston rod core and through the piston rod (Q.) at
position z1 and z».

6 Conclusion

Using a reciprocating test compressor, this study
shows how measurement and computational
methods can be used to determine the compressor’s
thermodynamic behaviour more precisely.

With the help of the measurement results, the
calculation model for the determination of time-
dependent temperature and heat transfer coefficients
could be verified. These in turn were used as
boundary conditions, which are required for a
realistic simulation of the component temperatures
within a FEM simulation model.

Using this simulation, the influence of the internal
piston rod cooling on the thermal behaviour of the
compressor was investigated. This approach is based
on a piston rod core with improved thermal
properties to increase the heat transfer through the
oscillating assembly. The influence of the diameter
and the thermal conductivity of the piston rod core
are evaluated. It was found that the maximum
packing temperatures were reduced by 8 to 18 K and
49t0 67K in the range of realistic thermal
conductivities of the piston rod core (Acore =
300...10* W m™! K1) for piston rod core diameters of
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Abstract:
This paper describes case study about the detection, root cause analysis and lessons learned of
random appearance reciprocating compressor capacity control problem.

After one year or trouble-free operation of a reciprocating compressor, a random appearance control
problem arises. Due to the complexity and infrequent appearance of the problem the diagnosis and
solution took a year. This article shows the methodology and the root cause analysis developed by
ILBOC for a general, hidden failure, control problem solution. It also explains how the PV diagram was
the key tool to identify the problem.



Introduction

One year after commissioning and
start-up of ILBOC Group III Base Oils
Plant, one of the two H2 compressors
started to randomly experience abnormal
capacity control problems. Up to that time,
the compressor performance was excellent
without any issues. The other compressor
also had flawless performance and didn't
show that problem.

The Iberian Lube Base Oils
Company, SA (ILBOC) is a company
incorporated in 2012, 30% owned by
Repsol Petréleo and 70% by SK
Lubricants, to produce state-of-the-art
Lubricants (LBOs) (group II and III) at its
plant in the Escombreras Valley in
Cartagena.

Repsol Petroleo is the leading
refining company in Spain, and with its
investment in this plant, it has reinforced
its strategy of developing the lubricants
business.

SK Lubricants is a pioneer
company in South Korea and world leader
in the high-quality lubricant base oil
market.

ILBOC produces more than
500,000 tons per year of high-quality base
oils for the manufacture of high-tech
lubricating oils with significant advantages
over conventional oils.

Description of the system:

Two (1 plus spare) 4-cylinder
reciprocating compressors (Figure 1)
e |IMW power
e 180kg/cm?2 discharge pressure
e Medium: H2 gas
e Service: supply for make-up
(cylinders 1 and 3) and recycle
(cylinders 2 and 4) gas

e Function of the compressors is the
supply of the H2 necessary for the
catalytic reaction in Dewaxing
reactors for manufacturing group
[T lubricants

e Stepless + spillback capacity

control
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Figure I -Compressor scheme

Description of the problem

The flow capacity demanded by the
DCS of the plant and the flow capacity
calculated by the PLC of the compressor
(1st, 2nd stage), as can be seen in Figure 2,
is stable. Suddenly (in less than 1 minute),
Ist and 2nd stage capacity increased from
70% to near 100%.

This capacity increase is confirmed
by plant main pressure transmitter and
plant hydrogen flowmeter. After a few
minutes, the operation and capacity control
return to normal. No alarms were issued.

It seems that the compressor
capacity control system had a temporary
malfunction. This problem appeared
randomly and repeatedly; sometimes with
days in between, sometimes with weeks.
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Green lines — PLC
(compressor stages
capacity control)

fio Blue line — DCS (plant)
capacity demand
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Figure 2 — Graphic description of the problem. 1st and 2nd stage capacity oscillation.

The blue line is the needed capacity of the compressor (plant — DCS demand). The green lines
are the capacities of each stage that the PLC calculates to supply DCS demand (green line
trend must follow blue line trend).

1.- The plant capacity demand is stable (blue line) and the compressor capacity is also stable
(green line)

2.- The plant capacity demand is stable (blue line) but the compressor capacity increases
suddenly (green line) to near 100%

3.- The plant capacity decreases (blue line) as the DCS reacts to undesired increase in plant
pressure

4.- The compressor capacity (green line) oscillates up and down very fast.

5.- Finally the compressor capacity (green line) follows plant capacity (blue line) as it should
be.

Description of the capacity control spill-back
system ) 1 valves
DCS '+ local PLC |
The capacity control system of the Stepless compressor
compressors is quite complex. Plant DCS 1 control - Factuators [ e

system

sends a signal to local compressors PLC to
reach the desired plant pressure setpoint.
The local PLC makes the calculations to
adjust the capacities of each stage.
Depending on the capacity needed step-
less control systems and spill-back valves

Figure 3 - Scheme of the capacity control
system

DCS, local PLC, spill-back valves
and stepless control systems are state of

work together or separated. The step-less
control system governs hydraulic actuators
that are mechanically linked to the valves
(see Figure 3).

the art systems with diagnosis capacities
and communication of alarms and events.
Unfortunately, none of the previous
mentioned systems showed any alarm.
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As the capacity control problem and it happened randomly in time and with
duration was normally less than 5 minutes days or weeks in-between, it was very

Confirm DCS is working fine.
DCS malfunction Control / Manual / Auto

Il Check other PLC’s logic local
inputs (PT interstage)

PLC malfunction —

Check output signal to firnal
control element

Check input signal

(@]
>
(0]
o
=3
&,
o
>
£,
=+
o
9]
(%]

= Check "electronic" errors

Random Appearance Capacit -
Control Problem

Check input signal to

= | t —
Step less system actuators

Check actuators

Check Valves

Check Hydraulic system

Check positioner

Check air supply (in case fail
to open)

Spill Backs Valves L md  Confirm logic not modified

Confirm Output signal

Confirm input values to logic

Figure 4 - root cause analysis tree of the problem



difficult to have the luck of
diagnose the systems in real time in
person.

In few cases the problem near
tripped the whole plant. A task force team
between operations, maintenance and
reliability departments, with a lot of
support of the manufacturers of each of the
elements of the system, was stablished to
solve the problem.

As there was no clear suspect of
what element could be failing, a complete
RCA (root cause analysis) was performed
and the root cause tree is attached as
Figure 4.

All of the elements of the route
cause tree where checked (signals, logic
programs, ...), in some cases replaced (for
example wirings) and in some cases
exchanged by the warehouse spare ones
(electronic cards, pressure transmitters, ...)
to find, by a simple trial and error
methodology what was the element failing.

This methodology took months to
be fully implemented and, unfortunately, it
didn’t work to find the failing element.

How the problem was solved

After several months we assumed
that it was not possible to discover where
the failure was using the current
methodology, so we started to look for
other tools.

The Condition Monitoring
Software system installed at ILBOC is
connected also to the DCS and the PLC
system to get process values and capacity
control system data for better diagnosis of

the system. One of the capabilities of the
Condition Monitoring system is the ring
buffer that is continuously recording all
raw data of all signals for the last 10
minutes.
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We waited to the next event to
happen and remotely we recorded a Ring
Buffer.

In collaboration with the Condition
Monitoring Software manufacturer, we
analyzed all the raw data to find any
abnormal signal and what was discovered
is that, actually, the problem was only in
3rd stage. For some reason, the 3rd stage
went to 100% but DCS, local PLC, and
stepless control system was demanding a
lower capacity (eg. 70%). First and second
stage where working at the capacity that
DCS, PLC and stepless system was
demanding. That insight focused us to the
third stage and it was clear for us that the
problem was only in third stage and first
and second stage sudden increase in
capacity was commanded by the PLC, as a
reaction, just to supply the gas third stage
was suctioning.

That insight was discovery thanks
to another Condition Monitoring Software
capability that is the representation of the
PV diagram (see Figure 6), that was also
recorded in the Ring Buffer.




Figure 6 - Condition Monitoring Software
User Interface showing the PV diagram of
the 3 stages of the compressor

As the problem was only in third
stage, additional and redundant
instrumentation was installed to fully
monitor third stage operation and we
discovered that hydraulic pressure to the
actuator was stable most of the time but
suddenly started to oscillate.

We discovered that the problem
was in the pressure regulation valve of the
hydraulic system (see Figure 7) such that
sometimes, it started to oscillate in a
resonance mode. The low-pressure peaks
of the pressure resonance behaviour were
so low that the actuator was unable to keep
the wvalve open (the design of the
compressor/actuators is Fail To Load).

The solution was simply to replace
the hydraulic pressure regulator. In a
further examination of the regulator it was
found that the internal spring was a
defective and suffered relaxation over
time.

We also discovered that for the
pressure transmitter of the hydraulic
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system, the refresh rate was too low to
reveal the lack of pressure.

Figure 7 - hydraulic pressure
regulator

What we have learnt

Machinery monitoring systems like
the showed before are a great tool to
analyse not only mechanical problems but
also, capacity control related problems.
They help to analyze the problem from the
bottom to the top

It is a good practice to connect the
machinery monitoring system to plant and
local control systems to also monitor
process and control parameters and be
capable to analyze at the same time
process versus mechanical response.

References

e Hydromechanical resonant frequency
and cylinder speed.
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Abstract:

During production of low-density polyethylene (LDPE), ethylene gas is compressed up to 3200 bar.
At the core of this process is a combination of two reciprocating compressors which are monitored by
condition based monitoring systems. The secondary compressor, called a Hyper, compresses the gas
in two stages from 300 bar up to 3200 bar and has to be capable to operate reliably in such dynamic
environment. On the Hyper compressor the gas is compressed via a packed plunger which is lubricated
via a forced lubrication system. The Hyper high pressure packing and its behavior is of vital importance
as its main function is to seal the compression space from the atmosphere. The high pressure packing is
in essence, a mechanical seal typically made up of one radial split pressure breaker ring and five radial/
tangential split ring pairs. In this case, one cylinder was equipped with pressure transducers on the high
pressure packing in order to dynamically measure the pressure drop between each sealing element. This
article discloses a measurement campaign currently underway on a fully operational Hyper compressor
and provides a valuable insight to the dynamic behavior of high pressure packing. The first results show
a changing sealing activity of the different rings, revolution by revolution. During the observed periods,
some of the sealing rings are inactive and become active just a few compressions strokes later with no
signs of hindered performance. Furthermore, the wear pattern of the packing will be interpreted with
respect to this extreme dynamic behavior and also compared to a previous measurement campaign.



1 Introduction

The production of polyethylene of low density
(LDPE) requires gaseous ethylene at very high
pressures of up to 3200 bar. To achieve this high
pressure, a combination of two reciprocating
compressors is applied. The primary compressor
brings the gas from atmospheric pressure to 300
bar, from where on the secondary compressor,
called Hyper, compresses the gas in two stages
from 300 bar up to 3200 bar. Due to the lack of
redundancy, often both compressors are equipped
with condition based monitoring systems. The gas
on a Hyper compressor is compressed via a packed
plunger type design. The plunger, made out of solid
tungsten carbide, is lubricated directly at its
locations of friction via a forced lubrication system.
The compressed gas is sealed against the
environment by a high pressure packing and a low
pressure packing. The high pressure packing, which
lies in the focus of this article, contains an
arrangement of six mechanical sealing elements.
The lifetime of the sealing elements is of vital
importance, not only for operational efficiency and
mean time between overhaul (MTBO) reasons, but
also to prevent catastrophic failures at this high
pressure. The lifetime of a high pressure packing
varies greatly due to intrinsic design and extrinsic
operational factors. To improve the lifetime of
these sealing elements, one must understand the
behavior of the packing and the underlying
mechanism of sealing very high pressures.
Therefore, a cylinder equipped with additional
sensors and especially pressure transmitters inside
the high pressure packing, will provide an insight
into the operational characteristics of the packing.
The first measurement campaigns were conducted
by Scheuber! and Traversari® in the late 1970s. As a
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Figure 1: K8 Hyper compressor with the monitored
cylinder in gray color on the left hand side.

next step, a special monitored cylinder was
mounted on a K8 Hyper compressor in 2015 and
brought into operation in 2016. Figure 1 shows the
Hyper compressor during assembly on site with the
monitored cylinder in gray color. This article
discloses the latest results of a measurement
campaign currently ongoing on this Hyper
compressor in normal production operation. The
focus lies on setting up such complex measurement
system and begin to gain understanding of the
pressure distribution inside the packing.

2 The Monitored Cylinder
2.1

To discuss the mechanism working inside a high
pressure packing it is advantageous to introduce the
definition of dynamic and static pressure
component. In general, a sealing element, or ring,
will face two different pressure components, the

Typical Pressure Distribution
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Figure 2: Cut through the monitored cylinder and description of parts.



altering component, called dynamic pressure, which
is the difference of suction and discharge pressure
and which alters revolution by revolution. The
second component is the static component which is
the difference of suction and atmospheric or
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Figure 3: Ideal pressure distribution A) and definition of
dynamic and static pressure component B).

distance piece pressure. Figure 3-B illustrates this
definition.

Beside the altering dynamic pressure component,
the tribological system is covering several
lubrication regimes during one stroke due to the
reciprocating motion of the plunger (referred to the
Stribeck curve). The two pressure components
differ considerably in terms of influence on the
sealing characteristic of the rings as well as the
operational behavior of the entire sealing system?.
The separation of the pressure components allows
the optimization of the sealing system and hence
the use of rings for each pressure component
(specific load). This ends up into a heterogencous
sealing concept where the pressure drop over one
sealing element is distributed more evenly across
the entire packing. This concept is implemented by
inserting different types of rings across the packing.
In front of the packing, facing upstream, a pressure
breaker (PB), which operates as gap flow type
sealing, reduces the dynamic pressure component
by throttling it. The subsequent true sealing
elements (SE) should only face the static pressure
component, if the pressure breaker is designed

Figure 5: Pressure distribution across packing and over
crank angle. A) optimized distribution, B) unfavorable
distribution where first ring seals entire pressure.
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correctly. Figure 3-A and Figure 5-A gives an idea
how the pressure distribution ideally looks like
when the first rings throttle the dynamic pressure
and the last rings only face the static component.
With this kind of pressure load splitting, the
lifetime of the rings can be increased by preventing
the sealing elements to fail by fracture. Without
partitioning the load, one sealing element will take
the complete pressure load, dynamic and static
pressure like shown in Figure 5-B. Consequently,
the highly loaded ring will fail and the subsequent
ring takes over, until compressor alarm is given or
catastrophic failure occurs.

2.2 High Pressure Packing

The high pressure packing of a Hyper compressor
is in essence a mechanical seal composed of five
sealing elements, one pressure breaker and one
guide bush. Each sealing element is a ring pair of a
cover ring, radially split, and a tangentially split
sealing ring shown in Figure 4. When implemented
into the packing, the two rings are twisted to each
other to seal the joints of the segments. The
pressure breaker is separated radially like the cover
ring. Distinct grooves on top of the pressure breaker
and cover ring, facing upstream, allow the gas to

Pressure Breaker Cover Ring + Sealing Element

Gephice ring, tangential cul

Feplece ring, radial cut 3-plece ring, radial cul

Figure 4: Pressure breaker ring and sealing element with
location of cut.

flow back during expansion stroke. All rings are
made from special bronze alloys optimized for low
friction coefficient and good thermal conductivity
but still high strength. The segments of the rings are
held in place by garter springs, not only for
assembly but also for start the sealing activity when
pressure drop across the ring is not sufficient during
start-up. Between the sealing elements and the
pressure breaker, the guide bush is located. Deep
by-pass grooves prevent the bush from taking any
sealing function hence its duty is guiding the
plunger. Rings and guide bush are housed in an
arrangement of high-strength cups with special
grooves for lubrication. The lubricant is highly
refined mineral oil or synthetic oil with additives
for wear resistance and anti-oxidation. Upstream of
the high pressure packing is the shrunk liner where



the compression of the gas by the plunger takes
place. Downstream of the high pressure packing,
the low pressure packing is located. Figure 2 gives
an overview of the test cylinder with the high
pressure packing. The plunger diameter of the
compressor being heavily monitored is 111 mm
with a stroke of 450 mm. The Hyper compressor
runs at a speed of 200 revolutions per minute. The
plunger system design shows some advantages
compared to the traditional piston ring system
design. One is the direct lubrication where lubricant
is injected exactly between the sealing elements
while in the piston ring system a controlled
injection at the sealing elements is not possible, or
difficult to implement.

2.3 Test Packing Measurement Setup

The condition based monitoring system installed on
the Hyper compressor provides online data of all
implemented sensors as well as an event triggered
ring buffer of high resolution. The trigger can be
defined by the customer as start/stop, alert, unsafe
or even based on customized performance data
gained from sensors. Access to the data will be
provided through a distribute control system (DCS)
on site. In a normal application the condition based
monitoring system comprises of several sensors per
cylinder as well as sensors for trigger, line
temperature and line pressure data. Crank angle
information is provided by a trigger switch installed
at the fly wheel of the compressor. Two
acceleration sensors, one on the cylinder and one on
the frame next to the crosshead deliver vibration
data. Eddy current sensors measure horizontal and
vertical plunger position. A strain gauge ring
delivers cylinder pressure data in high resolution
for p-V diagrams and valve action analysis. The
highly monitored cylinder discussed here, has
additional specially adapted sensors to understand
the operational behavior of the plunger and packing
more in detail. Plunger temperature is measured
which indicates, among others, the thermal load
acting on the plunger. Leak gas flow provides direct
information about the sealing efficiency of the

PROGNOST-NT Swit

Figure 7: Measurement setup and sensor location
(courtesy of Prognost).
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packing rings. Figure 7 shows the locations of the
sensors installed. Packing pressure is measured
directly at each lubricant injection point inside the
packing. Therefore, two additional Iubrication
bores, which do not contribute to packing
lubrication, are implemented to monitor the
pressure at each single sealing element. Figure 6
illustrates the high pressure packing in detail
including the lubricant injection positions. The
color scheme of Figure 6 represents the one used
for plots. The pressure transmitters are
commercially available and widely used in
automotive industry. The highly resolved pressure
data as well as the ring buffer data is recorded with
a sampling rate of 25kHz. Long term trends are
generated from the highly resolved data by
averaging on hourly base.

A Megsurenent P

Figure 6: Detailed view of high pressure packing with
measurement and lubrication points. Color scheme of
cups valid for plots throughout the article.

3 Results

3.1 Pressure Distribution

From a period of almost one year, representative
data was selected. During the test period no
adjustments were made to the packing. Shutdowns
were mainly due to scheduled plant maintenance
and cleaning of the low pressure separator unit.
These disruptions are visible as such in the
operational pressure data in Figure 9-C where all
pressure signals go to zero. The long term trend
data was continuously recorded during the
operational time of the test packing which was
6585 hours. When analyzing the long term packing
pressure data in Figure 9-A, it is peculiar that no
uniform or even constant pressure distribution is
kept for more than approximately thirty days. This
means, the total pressure difference across the
packing is not equally divided by the number of
rings and not each sealing element faces the same
pressure load. On the contrary, one sealing element
(SE4) takes the entire load for a long period, see
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Figure 9: Long term data of packing. A) packing pressure, B) leakage flow of packing, C) operational pressure, D)

temperatures of packing.

Figure 9-A, from begin of April to end of May,
while the other elements are idling. Changes in the
sealing activity are triggered mainly by compressor
shutdown and restart. After each restart of the
compressor a new sealing layout is formed. This
has also an impact on the gas leakage flow (Figure
9-B) through the packing. The leakage flow
increases right after restart of the compressor and
swings back to a lower level.

But not only changes in operational mode of the
compressor induce a switch of ring sealing activity.
Sudden changes can also occur if the compressor
runs steady, which can be seen in Figure 9 at the
dates of 11.02.2017 and 22.07.2017 (marked in
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Figure 8: Packing pressure data of two consecutive
revolutions during start-up phase.

Figure 9-C by vertical lines and f). Figure 12 is a
snapshot of the event from 22.07.2017 and
illustrates the change in sealing activity when
pressure in cup three (yellow line) and two (green

line) increases rapidly from 80 bar to 1550 bar
(Figure 12-A). At the same time the leakage flow
decreases by 40 kg/h (Figure 12-B). Subsequently,
the plunger temperature increases (Figure 12-C)
since the leak gas flow cools the plunger as can be
seen in Figure 12 where the plunger temperature
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Figure 10: Highly resolved packing pressure data during
normal operation.

follows timewise the leak flow decrease. Plunger
position shows a deflection when the ring change
takes place (Figure 12-D).

The highly resolved pressure data support the above
finding of non-uniform pressure distribution inside
the packing. During the instable start-up phase of
the compressor (Figure 8), the sealing sequence of
the rings changes rapidly. SEl1 (blue) starts its
sealing activity at 270° crank angle during the first
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revolution and at 180° crank angle during the
second revolution (Figure 8). During expansion
stroke the pressure in all cups follows the cylinder
pressure fast with almost no delay. Pressure relief
grooves ensure the gas to flow back upstream hence
no gas of higher pressure is trapped.

During normal operation the same idling ring
phenomena can be observed. Figure 10 shows four
consecutive revolutions. During the first and second
displayed revolution, the pressure breaker could
throttle the dynamic pressure well (pressure
difference between black line and red/magenta
line), whereas SE5 (red line) was idling. The
proximate revolution the pressure breaker declined
its throttling action (less pressure difference
between black and red line) but SE5 woke up and
sealed a pressure drop of around 1000 bar. The next
revolution  the  initial  arrangement  was
reestablished. This shows the extreme dynamic of
the process. A ring is able to change its status
within 0.3 seconds (at 200 rpm) without any sign of
hindered performance.

3.2 Wear

After 6585 hours the test packing, still fully
functional, was dismantled and all sealing elements
were carefully examined and wear measured. The
averaged wear was measured in units of length

(thickness) and not in weight because rings can
break and hence corrupt the results. The most wear
shows the sealing element one (SE1) at the crank
end in cup one (Figure 11-A). One possible
explanation for the enhanced wear of SE1 could be
the exposed position at the end of the packing
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Figure 11: Wear of test packing A) and load of packing
which is integrated averaged pressure drop across each
sealing element over time B).

where first, no oil is kept back by following rings
and secondly, less oil arrives, since the last oil
injection point is in front of SE2. All radial split
rings, which are cover rings and pressure breaker,
show very little wear of 0.1 mm in average.

When comparing the wear pattern to the effective
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Figure 12: Long term data of the day 22.07.2017. A) packing
temperature, D) plunger position.

and operational pressure, B) leakage flow, C) plunger




load of all sealing elements (Figure 11 A and B),
which is the integrated averaged pressure drop
across each element over time, the load correlates
well with wear, except for SE3 and SE1 which do
not comprise a lubricant injection point inside their
cups (compare Figure 6). But wear mechanism
comprises more than only pressure drop.

The wear characteristic of the present test packing
is contrary to the one measured in 1970' by
Scheuber where the most wear was observed at the
pressure breaker (compare Figure 13). A main
difference between the packing setup from 1970s
and the current one, is the implemented solid
pressure breaker ring with a scarf which tends to
close and hence wear more. Enhanced packing

Source: Scheuber
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Figure 13: Wear of 1970s packing by Scheuber.

design and heterogeneous sealing concept is able to
balance wear on sealing rings. As the principal task
of the pressure breaker is to throttle the dynamic
pressure component, its wear shall not overshoot
the wear of the true sealing rings.

4 Conclusion

With sophisticated measurement technique it is
possible to gain profound insights into the behavior
of a high pressure packing of a Hyper compressor.
A special cylinder with a test packing equipped
with pressure transmitters shows the extreme
dynamic behavior of the sealing activity of the
rings. Sealing elements that are actively sealing
become inactive a compression stroke later without
any sign of hindered performance. The same
pattern is distinguishable in long term data. One
single sealing element can face the entire pressure
load for long time. Sudden changes of ring activity
occur as well as changes after compressor restart.
Leakage flow data, plunger temperature and
plunger position show distinct impact of ring
activity change.

The sealing conditions were found to be unstable,
this reflects the causal relationship to the
tribological nature of the system. A phenomenon
directly linked to such dynamic behavior is possibly

_____ MeasRNGAnomobewne . BL%]

by: Felix Ragg, Ricardo Cruz — Burckhardt Compression

stick-slip effects across a change in lubrication
regime. Furthermore, temperature effects or an
accumulation of oil additives on sealing ring
surface can also cause or contribute to the extreme
dynamic behavior of the sealing elements. But
keeping in mind the abrupt change of status, from
idling to seal full pressure, a geometric reason is
most likely. This can be, for example, ring tilting or
clamping.

The examination of one packing and its sealing
elements does not form a base for final statements,
but results lead to a hypothesis that lubricants
support the sealing function of the rings. Rings
which are not lubed directly like SE3 and SEI,
show high wear but low load (Figure 11). To
distribute the load more evenly across the packing,
one possibility could be, to dispense the lubricant
more evenly in order to bring further stability to the
tribological system. This could be achieved by
changing the surface structure by laser ablation to
reduce the speed dependent threshold for
lubrication regime. The work presented is the
baseline for further testing of laser structure
surfaces and to better evaluate their effectiveness.
But as investigation is at the beginning and the
measurement campaign is still ongoing, more
precise explanations will turn to light.
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Abstract:

At an Underground Gas Storage (UGS) plant, a 2-stage four-cylinder reciprocating compressor is
installed with a maximum power of 5 MW. The system can operate at many different pressures, from a
suction pressure of 31 bara up to a discharge pressure of 168 bara. The flow is controlled by means of
different fixed speeds in combination with step less flow reversal control. Since start-up of the system
in 2012, there were several vibrations issues, leading to trips of the compressor.

The dominant vibrations of parts of the system occurred for different frequencies around 100 Hz. These
high frequency vibrations were caused by rather small cylinder displacements which excited mechanical
resonances of parts of the system. It is known that high frequency vibrations are rather difficult to
mitigate with traditional measures such as pipe supports or by stiffening of mechanical the supporting
structures. The vibration amplitudes at resonance are determined mainly by the mechanical damping
ratio. In a research project carried by TNO, it was shown that a Constrained Layer Damping (CLD)
device can be used very effectively to increase the local damping at rather low costs. To reduce the high
frequency vibrations to acceptable levels, a CLD has been applied to a part of the piping in the system.
Field measurements have shown a reduction of the vibrations to run safe and reliable for the long
term. This paper describes the effective application of a low cost CLD device and the results of field
measurements with and without CLD.



1 Introduction

Innogy Gas Storage new, operates an Underground
Gas Storage (UGS) system in Staflfurt since many
years. To increase the capacity, an additional
reciprocating compressor was installed in 2012, see
photo in figure 1.

Figure I Photo of the compressor system

During start-up of the system, several vibration
problems were experienced. Measurements have
shown that the highest vibration levels occurred at
high frequencies, around 100 Hz. By means of
additional vibration reduction measures, such as the
installation of additional pipe supports and suction
damper bracing, the vibration problems were
reduced.

A step less reverse flow control system is installed
on the system and this type of capacity control can
cause high frequency pulsations and vibrations®. To
further reduce the vibrations of this system, the
flow control scheme was changed, and subsequent
measurements showed a considerable reduction in
vibrations.

Since pressure in the cavern of the UGS system
does not varies much in a short time, the vibration
measurements can only be carried out for a small
number of pressure ratios and flows. That means
that the maximum vibrations (worst-case situations)
for all possible occurring pressure and flow
conditions cannot be measured during one field
survey. For that reason, it was decided by the
operator to carry out a detailed compressor
manifold analysis according to the Design
Approach 3 of the 5" edition of the API Standard
618!, u A large amount of operating conditions
were investigated to determine the worst-case
conditions, also focussing on the high frequencies
caused by the step less reverse flow control system
This has been done for both the original and
modified flow control scheme The -calculated
results showed that, depending on the operating
conditions, a reduction of the vibrations with a
factor of 1.5-12 can be achieved with the new flow
control scheme. As a result of the analysis, it was
recommended to install several additional pipe

QWA puisaroNs ANDVIBRATON

by: André Eijk, Hajo Pereboom — TNO; Jérg Frobel — ESK

supports to reduce the vibration levels of several
parts of the system.

Further on, it was shown during this analysis that
fatigue failure could occur at the unbraced Small-
Bore Connections (SBC’s) for certain process
conditions for frequencies around 100 Hz. Stiff and
robust braces have been implemented to avoid
fatigue failure.

The calculation results for the investigated
modifications showed that the maximum vibration
levels still exceed the allowable levels according to
the ISO 10816-82. It was shown that this will occur
only for a limited number of process conditions.
The results of the cyclic stress calculation showed
that fatigue failure will not occur for the vibrations
which exceeds the ISO 10816-8 limits. For that
reason, higher vibration levels have been accepted
for this system. Several permanent vibration
sensors have been installed on several critical parts
of the system to guarantee that higher vibrations
levels will not occur for the complete operating
envelope.

However, after the implementation of the
recommendations the system tripped several times
during start-up of the system and during a change
of the flow setting for certain process conditions.
This was caused by the fact that the maximum
vibrations exceeded the trip level of one of the
permanent mounted vibration sensors of the vertical
inlet pipe of the suction 1% stage.

In general, transient loads occur during start-up of a
compressor or by an abrupt change to another flow
setting. These transient loads resulted in a
temporarily increase of the vibration levels with
high frequencies, leading to trips of this system.
This was observed after the installation of an
additional pipe support in the vertical part of 1%
stage inlet piping (see figure 14 in section 4.2).

Further modifications to reduce the high frequency
vibrations were shown not to be effective and it was
decided to remove the additional pipe support. The
consequence was that the pipe vibrations increased
by a factor two for the stationary conditions.

The target was to find a feasible solution to avoid
trips and to reduce the (stationary) vibrations of the
vertical inlet pipe. It is well known that the
amplitude of a mechanical vibration at resonance is
strongly determined by the mechanical damping
ratio: larger damping ratios will lead to lower
vibrations. It has been demonstrated that an
increase in damping ratio can be achieved
effectively by the application of a Constrained
Layer Damping (CLD) device?.

This paper describes into detail the effective
application of this low cost CLD device and the
results of the field measurements with and without
the CLD.



2 System description

The system consists of one natural gas
reciprocating compressor with 4 cylinders. The
compressor is used for a two-stage storage mode
with 2 cylinders on both stages. The one-stage
storage and withdrawal mode use 4 cylinders.
The suction pressures in the system varies between
31-56 Bar. The discharge pressures are also
variable and are between 57-81 Bar for the 1-stage
mode and between 57-168 Bar for the 2-stage
mode.
The speed of the compressor is a function of the
suction pressure, both for the 1-stage and 2-stage
mode, as follows:
o fixed speed of 585 rpm for a suction
pressure below 36 bara;
o fixed speed of 501 rpm for a suction
pressure between 36-44 bara;
e fixed speed of 400 rpm for a suction
pressure equals and larger 44 bara;

For each fixed speed, the flow can be controlled

further with a step-less flow reverse control system.

At the lowest control setting, the flow can be
reduced further by a turndown of the speed to
minimum of 400 rpm and by bypass control. The
capacity range for the 1-stage mode is from
100.000-150.000 Nm3/hr and for the 2-stage mode
from 20.000-75.000 Nm3/hr.

3. Constrained Layer Damping (CLD)

3.1 Some background?

A passive Constrained Layer Damping (CLD)
device consists of a sandwich of a visco-elastic
damping layer in between 2 structural constraining
base layers (in general steel) as shown in Figure 2.
In this case, the base layer is the pipe wall. The
deformation of the structure will lead to a shear
strain in the visco-elastic material, which will
increase the damping ratio and thus lower the
vibration and cyclic stress levels, if designed well.
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Constrained-layer damping

Adhesive o Damping layer
Constraining layer

Figure 2 Example of a Constrained Layer Damping

CLD is already applied for several decades in the
automotive and aerospace industry but as far as
known not yet for reciprocating compressors. The
effectiveness of the CLD for pipe systems has been
demonstrated in a recent research project’.

It was shown? that a significant increase in damping
ratio can be achieved for a very broad frequency
range. Besides that, CLD is a very cost-effective
method. It shall be noted that the application of a
CLD device is most effective for locations and
associated modes with a damping ratio smaller than
1-2%.

The required reduction in vibration levels of the 1%
stage inlet pipe as shown in Figure 3, shall be at
least two. The CLD device can be glued and
clamped to the pipe. Valuable experience was built
up by using clamps instead of glue. The advantage
of using clamps is that a larger radial force can be
applied to the viscoelastic material, tightening the
visco-elastic layer and leading to an increased shear
strain and a higher mechanical damping ratio.

The CLD device shall cover the entirely vertical
length of 5 meter of the suction pipe. The CLD is
divided into several smaller parts for easy mounting
purposes. To avoid a loss of preload of the clamps,
preloaded springs have been applied. An overview
of some details is shown in the photos in Figures 4
and 5.
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Figure 5 Some details of the applied CLD

3.2 Temperature effect

Viscoelastic materials, like polymers and rubbers,
show substantial changes in properties with
temperature variation. If used in the right
temperature regime, they can generate high
damping properties. Therefore, prediction of
thermal-mechanical stresses and deformations
require the input of accurate temperature dependent
properties. At lower temperatures, the polymer is in
its glassy state, while in the transition region the
material ~ possesses the  highest damping
performance. At higher temperatures the polymer
behaviour is rubber like. For this reason, the
temperature effect of the damping properties shall
always be considered during the design of a CLD.

Measurements were carried out for several visco-
elastic materials. Figure 6 shows the results of the
quality factor Q at resonance of the applied visco-
elastic material. The quality factor is inversely
proportional to the damping ratio; hence, a lower Q
factor means a higher damping ratio. From Figure
6, it can be concluded that the highest damping
ratio occurs at approximately 60 degrees Celsius.

200 +

g

Q-facter [-]
1
|
£
H!
]

0 0 a0 60 a0 100
sample temperature [ °C]

Figure 6 Measured quality factor as a function of
temperature for a material

Figure 4 CLD mounted to the pipe The required material data of the viscoelastic
material shall be provided by the manufacturer.
However, the experience is that the provided data is
not always correct or is insufficient. It is, therefore,
strongly recommended to measure the required
material properties at different temperatures. This is
normally done with a Dynamic Mechanical
Analyser* (DMA). DMA, also known as dynamic
mechanical spectroscopy, is a technique used to



study and characterize materials and is very
valuable for studying the viscoelastic behaviour of
polymers. A sinusoidal stress is applied to the
sample and the deflection of the specimen is
measured, allowing one to determine the material
properties such as complex modulus and the
damping ratio.

4 Measurements

4.1 Experimental modal analysis

At first, the dynamic behaviour of the vertical inlet
pipe of the 1% stage is investigated with an
experimental modal analysis, for the pipe with a
without the CLD. With such an analysis, the so-
called frequency response functions (FRF) are
measured, which give clear insight in the resonance
frequencies, modal damping and general dynamic
behaviour of the installation (e.g. mode shapes).

To determine the FRF’s, the structure is excited
with a known dynamic force and the response is
measured with vibration transducers. In this case
the structure is excited with an impact hammer with
a built-in force transducer. The resulting vibration
response is measured in the directions where the
highest vibrations are calculated and measured: in
the piston rod and crankshaft direction.

The measurements have been carried out on
location A1-AS as shown in picture 7. Finally, the
measured response is normalized to the input force,
resulting in the excitation independent FRF per
direction and location.

[T
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et
-

Figure 7 Measuring locations

Experimental FRF analysis is a rather time-
consuming activity because each location and
direction must be excited multiple times to get a
statistically reliable FRF. Moreover, to minimize
the sensitivity to external noise, in general such an
analysis is performed on an installation in which no
other vibration sources are present. The quality of
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the measurement can be indicated with the spectral
coherence function. This frequency dependent
function describes the correlation between the input
(force) and output (vibration).

4.1.1 Results

The FRF’s for the piston rod and crank shaft
direction are shown in Figures 8-13 for several of
the measured locations. Sensor 2 is mounted at
location A2 and measures the vibrations in the
piston rod direction.

It can be concluded that there are many Mechanical
Natural Frequencies (MNF’s) present in the
investigated frequency range. This was measured
during several field surveys and calculated with the
compressor manifold analysis. It can also be
concluded that the amplitudes for most of the
frequencies for the pipe with the CLD are lower
than those of the pipe without the CLD. The largest
reduction of the amplitudes, which means a higher
mechanical damping ratio, is measured for
frequencies between 40 and 130 Hz. The measured
amplitude with the CLD is approximately a factor
2-3 lower in the piston rod direction and a factor 2
lower in the crankshaft direction.

It can also be concluded that several MNF’s of the
pipe with the CLD are shifted to lower values. This
is mainly caused by the added mass of the CLD
which is approximately the same as the mass of the
pipe for this system.

It can be concluded further that the amplitude for
some frequencies of the pipe with the CLD are
larger than without the CLD with no shift in
frequencies. The largest ratio (=2.4) is measured for
location A3 for a frequency of approximately 22
Hz. That means that the vibration level will
increase if the MNF of 22 Hz will be excited. This
phenomenon was not calculated and measured
during the research project® and is not been
explained yet. However, the excitation of the MNF
at 22 Hz was not addressed as a worst-case
situation from the calculations nor from the
measured vibrations during several field surveys.
Besides that, a permanent vibration sensor is
installed to avoid unacceptable levels.
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Figure 13 FRF at location A5 in the crankshaft direction

4.2 Vibration measurements

4.2.1. Results of the pipe without the CLD

Vibration measurements have been carried out for
the system with and without the CLD. Both
measurements have been carried out at the same
operating conditions where the trips occurred.

The additional recommended pipe support, as
shown in Figure 14, which was the cause of the
trips, was removed before vibration measurements
were taken.

A summary of the measured vibration levels is
given in Table 1 (see Figure 7 for measurement
locations).

The system tripped on the vibrations of the
permanent sensor on a too high vibration level in
the piston rod direction after a change of the flow
control setting. The sensor of the vibrations of
location A2 is mounted near the permanent
installed vibration sensor.



Figure 14 Recommended additional pipe support

From the detailed results of the vibration
measurements, it was shown that the frequency of
the highest vibrations at location A2 (sensor 2) is
107 Hz. Figure 15 shows the calculated mode shape
at 116.8 Hz which is rather close to the measured
mechanical frequency of 107 Hz. It is shown that
this is a MNF with maximum deflections in the
piston rod direction.

Table 1 Vibrations levels without CLD
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4.2.2. Results of the pipe with the CLD

The CLD was mounted to the pipe and the vibration
measurements were repeated. The system did not
trip during start-up and during a change in the flow
control setting, therefore this was already a
significant improvement.

A summary of the measured vibration levels is
given in Table 2. It can be concluded that the
maximum vibrations are decreased for most of the
locations in one or more directions.

The largest reduction is approximately a factor of
two times for location A2 in the piston rod. This
was the location and direction for which the start-
up trips occurred.

The general conclusion is that the required
vibrations reduction of a factor of two has been
achieved with the CLD device. After
implementation of the CLD, trips did not occur up
to now.

It should be noted that higher damping ratios could
have been achieved for this system if the gas
temperature would have been higher than 15
degrees Celsius (see also section 3.2). For systems
with a low gas temperature which require a larger
damping ratio, a possible solution could be
achieved with the installation with e.g. an electrical
heating device which is mounted on the
constraining layer of the CLD. Although a further
increase in damping was not required for this

system, it could be a solution for other systems.
Table 2 Vibrations levels with CLD

Location Vibration velocity
number mm/s rms
Vertical Crankshaft Piston Rod
Al 28 5 25
A2 8 21 =50
A3 25 19 22
Ad 19 19 39
A5 - 16 9

Tcompressor tripped

Figure 15 Mode shape @ 116.7 Hz

Location Vibration velocity
number mm/s rms
Vertical Crankshaft Piston Rod
Al 24 5 27
A2 9 20 26
A3 21 10 20
Ad 11 11 24
A5 10 20 i)

5 Conclusions

High vibrations were experienced after start-up of
the compressor system. Measurements have shown
that the high vibrations occurred at high frequencies
around 100 Hz. The high frequencies were mainly
caused by the step less reverse flow control system.

The vibrations were reduced considerably after the
installation of suction damper braces, additional
pipe supports and by changing the step less flow
reverse control scheme.

The question was if the (reduced) vibrations would
be acceptable for all possible pressure and flow
conditions. This shall normally be investigated
during the design phase of these systems with a
detailed compressor manifold analysis according to
the Design Approach 3 of the API Standard 618.
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However, this was done for this system at a later
stage to further reduce the vibrations for all worst-
case conditions.

The analysis showed that several additional pipe
supports were necessary and that an exceeding of
the ISO 10816-8 vibration level at some parts of the
main piping could be accepted because it would not
lead to fatigue failure.

Further on, the calculations showed that fatigue
failure of Small Bore Connections (SBC’s) could
occur for certain process conditions and stiff robust
braces were implemented.

After implementation of all recommended
modifications, the system tripped several times
during start-up and during a change of the flow
settings for certain process conditions.

An inspection of the vibration measurements and
calculation results revealed that this was caused by
an excitation of a mechanical natural frequency
(MNF around 107 Hz of the inlet 1% stage piping.

The vibrations have been reduced by the
application of a Constrained Layer Damping
Device. Vibration measurements showed that the
vibrations were reduced with a factor of 2 and trips
did not occur anymore.

The advantages of CLD devices are that they can be
produced at rather low costs, are very easy to install
and are very effective for a very broad frequency
range.

CLD devices can be applied for pipe systems,
Small Bore Connections (SBC’s), steel structures,
braces, plate type structures etc. when the
mechanical damping ratio is low (=<2-4%).
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Abstract:

Reciprocating compressors are used for several processes in the oil and gas industry. The working
principle of reciprocating compressors induces a pulsating flow. Therefore pulsation dampers are always
installed on the suction and discharge side next to the compressor for decreasing the pulsation level.
But also low pulsation levels or mechanical dynamic forces often involve increased vibrations of the
attached piping system if resonances occur.

Different measures can be used to decrease this vibration level. In many cases additional supports are
used to tighten the piping. But in some cases it is not possible or very expensive and uncomfortable
to install additional piping supports or damping devices. Another very effective measure is the use of
vibration absorbers1. Especially vibration absorbers with an implemented damping characteristic enable
a significant optimization of the vibration characteristic in the whole frequency range.

In this paper a newly designed vibration absorber is presented. The vibration absorber is adjustable on
site in a wide frequency range with different mass configurations. The design is introduced and a case
study shows the vibration reduction effect in the field.
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1 Introduction

In several industries increased vibrations often
occur at pumps, compressors or turbines and also at
the connected piping systems. These vibrations can
have different causes. In many cases structural
resonance effects are an essential mechanism for an
increased vibration level. Resonances occur, when
a vibratory system is excited in its natural
frequency. Often even a slight excitation — e.g.
pulsations in a pipeline — is sufficient to evoke
critical dynamic stress of the structure.

A possible measure to eliminate resonance
problems is the detuning of the system. By
changing the stiffness or the mass the natural
frequency is shifted. However, to be effective, these
measures have to be individually planned,
manufactured and installed. That costs time and can
lead to production losses and high costs at critical
plant conditions.

KCE took this time and cost factor as a challenge to
develop a solution for operators that can be
implemented in a short time — even during a
measurement: The patented device® is a variable
two-dimensional vibration absorber that can be
universally configured on site.

2 Usage of vibration absorbers

There are several different measures for vibration
reduction. The most effective solution always
depends on the root cause. In case of resonances
with low damping (often at pipelines) a vibration
absorber enables an effective vibration reduction.
Vibration absorbers are not only used for industrial
applications but also in everyday life, for example
to improve unwanted vibrations at cabriolet roofs or
to protect bridges and buildings against storms and
earthquakes.

For analysing the dynamic effect of a vibration

absorber a dynamic model with two degrees of
freedom is usually used, see figure 1.

xr(t)
Vibration absorber I

Original  F )
structure

Figure 1: Principle dynamic system consisting of
the original structure with a coupled
vibration absorber.
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The original structure without the coupled vibration
absorber - as an example for various dynamic
structures - has got one degree of freedom. If the
system is excited harmonically with its natural
frequency, resonance occurs. The resonance case
(see dominant peak in figure 2) often leads to
enhanced vibration, which may end in cracks or
other damages.

Fixed excitation frequency

‘_:, Without vibration absorber

_ Undamped vibration absorber

'
'
i
I
e
|
¥
'
'
'
'

Amplification

.. Damped vibration absorber

= Ceeerooe L

Frequency

Wide excitation range

Figure 2: Response characteristics of an original
structure and the modified behaviour
with a vibration absorber.

In case of fixed excitation speed additional stiffness
or mass enables the tuning of the natural frequency
and therefore a common measure to improve the
dynamic behaviour. Another possibility with a
nearly total compensation of single-frequency
vibrations is the use of an undamped vibration
absorber. An undamped vibration absorber is able
to compensate the excitation forces by a
counterforce. The result is visible in figure 2. With
an undamped vibration absorber the response of the
original structure is almost eliminated but only at
one fixed frequency.

Today many machines — especially reciprocating
compressors — are changing their operating speed in
dependency of the operating conditions. Thus, there
is a wide range of possible excitation frequencies.

In this case tuning of the system often only changes
the critical operating point but does not solve the
resonance problem. The use of an undamped
vibration absorber also leads to two new resonance
cases. Therefore, other modifications are necessary.

One very effective measure in case of low
dampened resonance is the use of a damped
vibration absorber. In contrast to the undamped
configuration of a vibration absorber no further
dominant resonance frequencies of the new
dynamic system occur. The typical optimized
response behaviour is shown in figure 2. This
absorber enables the machine operation in a very
wide range without further restrictions.
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3 Design of new vibration absorber

The design is made for high flexibility. The focus is
on multiple parameter variation during the vibration
investigation on site. All functionally relevant
components are placed in an encapsulated casing,
see figure 3.

Casing Variable absorber mass
l Two working I
. ~ directions
- |
& Variable spring l
Mounting

Figure 3: Design of the new vibration absorber.

The main components of the absorber are the
variable mass and the connected spring with its
tuneable stiffness. Both are integrated in the casing
that can be connected to any critical structure by
changeable mountings.

The on site installation can be divided in three main
steps. At first, a suitable absorber mass is selected
depending on the vibrating structure. Then the
natural frequency of the absorber system is set with
variable elements. In a final step the damping is
adjusted via a matched damping oil. A damping
ratio of up to 25 % can be reached with a special
lamellar contour inside of the casing. The
frequency range, at which the vibration absorber
can be implemented, is up to 150 Hz.

Resonance induced vibration overshoots of
pipelines are a typical application. These often have
— because of their symmetry — two adjacent natural
frequencies with orthogonally oscillating mode
shapes. The two-dimensional mode of action also
enables an effective reduction of the vibration level
at more dimensional mode shapes.

4 Laboratory investigations

A test structure was set up for a first view on the
vibration reduction potential of the new vibration
absorber. This test structure consisted of a piping
section with an additional mass at the top, see
figure 4. For the excitation of the structure an
unbalanced motor with variable speed was used.

For the laboratory investigations the unbalanced
motor was driven with a frequency sweep from
10 Hz up to 40 Hz. The dynamic behaviour of the
test structure was analysed without the vibration
absorber in a first step. For the original test
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structure two dominant resonance frequencies
occurred at 25 Hz and at 26.5 Hz (see figure 5).

Measurement  Vibrations of up to
positign 115 InIn/S RMS
¢ were measured in
Test structure this initial state. The
enormous vibration
level resulted from
the two original
resonances (without
absorber). These
Unbalanced  correspond  to  the
motor already mentioned
orthogonally
oscillating mode
shapes  of  the
pipeline.

Vibration
absorber

For the assessment

Fixation ..
of pipeline
vibrations the

Figure 4: Test rig with gandard VDI 38423
experimental setup. and ISO 10816-8*

are proven. In this
case the VDI 3842 standard is used. This gives
frequency dependent guideline values for allowable
pipeline vibrations. The comparison with the
measured effective vibration velocities shows an
unallowable vibration level, figure 5.
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Figure 5: Reached vibration reduction for the
experimental setup.

To reduce the increased vibrations, the vibration
absorber was installed without further ado. The
comparison with the original situation shows that
the vibration level of the test structure could be
reduced with a factor of more than 20. According to
the assessment with VDI 3842 the vibration level
now is in the design range, at which a flawless
“operation” can be ensured from the vibration-
technical point of view.
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5 Case study

After the successful laboratory investigations the
vibration absorber was installed on site for the first
time. In this case a metrological investigation of
three reciprocating compressors for ethylene was
carried out. Each of the vertical compressors has
got two cylinders and two stages. The power of
each unit is 1.5 MW and the fixed running speed is
498 RPM. In dependency from the -ethylene
consumption of the connected chemical plant many
different operating conditions are possible. The
suction and discharge pressures are changing
continuously. Single and parallel operation of up to
three compressors are also possible.

Within the scope of the investigation increased
pipeline vibrations were found in the ethylene
compressor station. The maximum pipeline
vibrations of up to 51 mm/s RMS occurred in a
section (DN 150, PN 100) located almost 4 m high
near the cooler of the second compressor stage.

A comparison to the guideline values according to
VDI 3842 showed a clear exceedance of the
allowable vibration velocities for the measured
vibration frequency of 16.6 Hz, see figure 6.
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Figure 6: Measured spectrum of the local vibration
level at the critical measurement position
compared to VDI 3842 guideline values.

To analyse the reason for these increased
vibrations, a harmonic response analysis was done
during shut down. The mobility of the piping
section was determined by bump tests. Figure 7
shows the recorded data of one bump test.

A single beat by a hammer was used to excite the
structure, which vibrated with its natural frequency.
To get information about the excitation force, a
load cell was used. The vibrations were collected
with a common vibration transducer. The recorded
data could be used for the determination of the
structural mobility (special type of transfer
function) after some repetitions of the bumps.
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Figure 7: Measured force and vibration during a
bump test.

The structural mobility is calculated by a
mathematical method using spectral
transformations from the time domain into the
frequency domain. As a result the structural
dynamic behaviour of the system is described by a
complex response with a frequency depending
magnitude and phase. Figure 8 shows the spectrum
of the magnitude for these bump tests.
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Figure 8: Magnitude of the local mobility at the
critical vibration position as a result of
the measured bump tests.

The critical piping section had a dominant natural
frequency of 17 Hz. This natural frequency is close-
by the measured vibration frequency of 16.6 Hz
during operation, which is the second harmonic of
the compressor speed. Thus, the increased
vibrations occur due to this structural resonance. A
low modal damping ratio D <2 % could also be
detected by analysing the mobility.
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To reduce this vibration level, several measures
were possible. The challenge was to optimize the
mobility at the dominant excitation frequency of
16.6 Hz. One possible solution was the detuning of
the system by additional stiffness or additional
mass. Additional stiffness was quite difficult in this
case because of several other pipelines nearby.
Furthermore, the strut had to be stiff enough to
work in a height of 4 m. Additional mass was
another possibility to shift the natural frequency
downwards. This was not preferred because in the
original condition the natural frequency was
slightly above the excitation frequency. The
additional mass had to be really heavy to get far
below the critical excitation frequency.

Thus, another solution was suggested in this case:
The installation of a vibration absorber.

One advantage of the new vibration absorber is that
it can be applied on any structure and does not need
any support to its surrounding. So it did not matter
that the critical vibrations occurred in a height of
4 m with difficult support possibilities. Another
advantage corresponds to the realization of a
damped vibration absorber. There is no more
dominant resonance peak in the frequency spectrum
when using the damped vibration absorber to solve
vibration issues. This is an additional advantage for
sometimes critical start-up conditions when
machines have to pass through resonance
frequencies. This advantage should also be taken in
this case.

To get a well working design of the absorber, the
modal parameters of the original structure must be
known. Therefore, a curve fitting tool is used to
calculate the relevant structural parameters:
stiffness, damping and mass of the piping section.

For the design of the vibration absorber the modal
mass of the original structure and its damping ratio
are the most important design values. The damping
ratio was already known (D <2%) and the
calculated modal mass was about 180 kg.

Knowing these parameters, the vibration absorber
was configured on site with a mass of 14 kg, a
natural frequency of 16.6 Hz and a damping ratio of
about 7 %. These values are based on our long-term
experience and recommendations from technical
literature™. Subsequently, bump tests were carried
out to check the influence on the modified
structure.

With vibration absorber
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Figure 9: Comparison of the mobility with and
without damped vibration absorber.

Figure 9 shows the improving influence of the
vibration absorber very clearly. There was no more
dominating resonance peak. Thus, the modified
structure was ready for permanent operation.

To check the function and the performance of the
vibration absorber over a long period of operation,
a long-term measurement was installed for more
than a month. Figure 10 shows a time line of the
RMS vibration value for the before critical
measurement position. The improved vibration
level was far below the guideline value of the
VDI 3842 for permissible vibrations. The different
vibration levels during this long-term measurement
were a result of the varying operating conditions of
the three reciprocating compressors.
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Figure 10: Vibration level during long-term
measurement (time excerpt).

The maximal effective vibration level is now about
8 mm/s RMS. Figure 11 shows the installation
position and compares the original case with the
optimized case to visualize the effect on the
vibration level.
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Figure 11: Installation and measurement position
of the vibration absorber with
comparison of vibration velocities.

6 Conclusion

In this article a newly designed vibration absorber
has been presented. Its general design has been
chosen to obtain high flexibility regarding damping
parameters: natural frequency, absorber mass and
absorber damping.

After some laboratory investigations a first
installation at a pipeline of a reciprocating
compressor has been performed. This first
installation has been checked very accurately by a
long-term measurement, which confirmed the long
life fatigue strength and also the well operating
behaviour of the new vibration absorber. A total
reduction of the critical vibration level from about
51 mm/s RMS down to 8 mm/s RMS has been
realized in this case.

Further applications for the vibration absorber are
possibly all areas of machinery and plants.

Additional installations on site have already been
realized.
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Abstract:

The mitigation of pressure pulsations and pulsation-induced vibrations plays an important role in
reciprocating compressor plants. A very powerful and simple device to mitigate pressure pulsations is a
restriction orifice plate (RO). The effectiveness strongly depends on its location. A general approach is
to place an RO at a location with low pressure-pulsations and high flow-pulsations e.g. vessel entrances.
The distance between the compression chamber and the RO highly influences the performance as well.
This was detected by commissioning a compressor equipped with a double-acting cylinder with suction
valve unloaders, a cylinder nozzle located at the crank-end side and a RO at the cylinder nozzle. The
vibration levels at the pulsation bottles were analysed. Even though all values were very well below
limits, the vibration levels were 2 times higher with the crank-end unloaded than with the head-end
unloaded. A 1D acoustic simulation evaluating the pressure pulsations in the cylinder nozzle showed the
same phenomena. Thus, to completely understand the physical problem, a fully turbulent 3D URANS
CFD calculation was performed.
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1 Introduction

Reciprocating  compressors  create  pressure
pulsations due to the discontinuous compression. In
the connected piping system, pressure pulsations can
create unbalanced forces at e.g. elbows, reducers,
vessel entrances, etc. These unbalanced forces can
lead to high vibrations of the piping system. Thus, it
is mandatory to bring the pressure pulsation to an
uncritical level. This is done by performing a
pulsation study according to API 618' during the
design phase of the compressor plant. The pressure
pulsations are calculated and if they exceed the API
618 limits mitigated. The most common damping
devices to mitigate pressure pulsations are pulsation
bottles close to the compressor cylinders. Another
very often used damping device is the restriction
orifice plate (RO). In the RO, the flow area is
reduced generating a region of strong vorticity in
which the acoustic energy is dissipated®>. On the
negative side, this causes a pressure drop over the
orifice plate. Despite that, orifice plates have many
advantages. They are cheaper than other damping
devices and very easy to install since they do not
need much space. The efficiency of an orifice plate
strongly depends on its location within the pipe
system. It is most efficient at locations with high
flow fluctuations and low-pressure pulsations e.g.
vessel entrances?.

Apart from these general pulsation and vibration
phenomena, sometimes, interesting unusual findings
give rise to a closer look at what is happening. In a
discharge pipe section, it was noticed by vibration
measurement that there was a significant difference
between head end and crank end side cylinder
operation. The special discovery was a difference of
about a factor of two of the vibrations velocity and
this for nearly every harmonic. Different from other,
more typical, vibration issues in reciprocating
compressor systems, this seemed to be no resonance
driven phenomenon.

In this paper, the observed event is investigated
using different approaches like 1D and 3D fluid
dynamic simulations as well as acoustic wave
calculations.

2  Measurements

2.1 General arrangement of compressor

The objective of this investigation is a two-crank,
two-stage horizontal reciprocating compressor. The
main operating data are listed in Table 1.

The cylinders are double-acting and each
compression chamber is equipped with two suction
and two discharge valves. Normally, the cylinder
nozzles are located in the middle between the two
compression chambers. As opposed to this, in this
compressor, the cylinder nozzles are located at the

crank end. This setup was chosen considering
general design aspect like:

- cylinder length and weight (effect on dead
weight and mechanical natural frequencies)

- maintenance accessibility
- thermal nozzle loads

Even though it was not in focus during the cylinder
design, it turned out later that this unsymmetrical
design also creates a better pulsation performance at
crank end operation (as shown in this paper).

The general arrangement of the compressor, the
cylinder nozzle locations and the arrangement of the
pulsation dampers can be seen in Figure 1.

Table 1: Main data of the compressor

Gas composition CO, 43.75 kg/kmol
Suction pressure 39 bar(a)
Interstage pressure 100 bar(a)
Discharge pressure 240 bar(a)
Rated capacity 102885 kg/h
Power at shaft 3400 kW
Rotational speed 370 1/min
Control Suction valve

unloading

The point of interest in this report is the 1% stage
discharge side, which is on the back of Figure 1 but
has the same arrangement as the 2" stage in front.
At the cylinder nozzle, a restriction orifice with an
open area ratio of a. = 0.35 is installed. This was an
outcome of the pulsation study during the design
phase.

Figure 1: General arrangement of the compressor
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2.2 Measurements at commissioning

The compressor runs at a high discharge pressure
and carbon dioxide is a high molecular weight gas
tending to a higher probability of pulsation and
vibration problems. Therefore, at the commissioning
of the compressor, several measurements were
carried out. Among others, the vibration levels at the
pulsation dampers were measured and compared to
the EFRC guideline’. The frequency spectrum of the
vibrations at the pulsation damper 1% stage discharge
side, perpendicular to the damper axis is shown in
Figure 2 with head end compression chamber acting
and the crank end unloaded and in Figure 3 vice
versa. A measurement of 100% load could not be
taken due to plant restrictions.

The overall vibration velocities were 24 mm/s RMS
for head end (HE) acting and 13 mm/s RMS for
crank end (CE) acting. 24 mm/s RMS is situated on
the higher end of the EFRC guideline® but since
stress verification proved sufficient margin to the
limit, there was no reason for doing adjustments.

Nevertheless, it can be seen that the vibration levels
differ strongly between the two chambers acting.
The vibration level of the crank end (CE) side acting
is nearly half of the head end (HE) acting. This can
also be recognized in the frequency spectrums.
Nearly every harmonic order of the frequencies is
reduced for the crank end side up to the 13th
harmonic. Thus, just by looking at the
measurements, a resonance can be excluded.

Velocity - 2- fft - 1st stage HE load

Figure 2: Vibration velocity spectrum. HE acting.

Velocity - 4 - fft - 1st stage CE load

Figure 3: Vibration velocity spectrum. CE acting.

Several explanations were analysed e.g. failing of
the valve unloader but were precluded. The only
reason left, is the unsymmetrical location of the
cylinder nozzle. To evaluate this assumption, flow
simulations are carried out in the next sections.

3 1D flow simulation

3.1 Computational methods

In this chapter, a flow simulation is conducted. Thus,
the governing equations for flows have to be solved
numerically. The conservation of mass, momentum
and energy read the following by using the Einstein
notation, which implies summation over the indexed
terms in the formula.

dp  I(pw)
E + axl- N

0 ()

2

d(pu;) + (puu;) _ Jr;;  dp

ot 6x} 6X} axi

+ pfi

1 o pu;le lu2
ople+5u? (p l( ) ))
( 6t2 )+ ox,

_0a_opu 3)
axi axi
o(zyu)
i
+ + fiy;
axl- fl !
ouj 0w\ _2 0o . i
ox, Bxi) K o%) &;; is the viscous
stress tensor, f; is an external volume force, e is the
internal energy and g; is the heat flow.

where 7;; = i (

A 1D simulation of the flow in the pipe system is
conducted to analyse and evaluate the measured
behaviour. Therefore, the governing equations are
simplified to only one dimension along the flow
stream. The simulation approach used, employed
some simplifications, like neglecting the advection
term of the momentum equation (2) and considering
a constant speed of sound. The latter allows for
dropping the energy equation (3) since the derivative
of pressure p with respect to density p is assumed at
constant entropy s*:

ct= (Z—i)s 4)

The 1D simulation model (see Figure 4) starts at the
cylinder nozzle of the 1% stage suction side and
contains the cylinder including the gas passages and
valve pocket volumes. Furthermore, it comprises the
1* stage discharge cylinder nozzle including the
restriction orifice plate, the pulsation damper and the
connecting piping between cylinder and damper.
The model starts and ends with a reflection-free
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boundary condition. The characteristic impedance Z
at the end of the line is defined as*

bp _C
= — = — 5

0, A (%)
where pgis the pressure at the boundary, Qgis the
imposed mass flow at the boundary, c is the speed of
sound and A is the cross-section area of the pipe.

Z

Figure 4: 1D simulation model

Two simulation cases are evaluated: head end (HE)
acting and crank end (CE) acting.

3.2 Results 1D

The most interesting results to look at are the shaking
forces / unbalanced forces in the horizontal
connection between the cylinder and the pulsation
damper. These forces excite the vibrations measured
in the previous section of this report. The frequency
spectrum of the shaking forces acting on the
pulsation damper 1% stage discharge side,
perpendicular to the damper axis is shown in Figure
5 with head end compression chamber acting and the
crank end unloaded and in Figure 6 vice versa.
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Figure 5: Shaking force spectrum of the horizontal
connection between cylinder and pulsation damper. HE
acting.

The same behaviour as in the measured vibrations
(see Figure 2 and Figure 3) can be seen. The overall
shaking force value for head end acting is 41.6 kN
peak-to-peak and 23.7 kN peak-to-peak for crank
end acting. The shaking force, as well as the
vibration velocity, is for the head end (HE) acting

nearly twice the value as for the crank end (CE).
Hence, the simulation confirms the measured results.
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Figure 6: Shaking force spectrum of the horizontal
connection between cylinder and pulsation damper. CE
acting.

A significant difference in the results between the
two modes of operation is the acoustic resonance
with the 3™ harmonic number of the rotational
frequency of the compressor. In both modes of
operation, the resonance can be found in the
spectrum (see Figure 5 and Figure 6). For the head
end (HE) acting case the shaking force at the 3™
harmonic is 19 kN peak-to-peak, whereas, it is 14 kN
peak-to-peak for the crank end (CE) acting. There is
a perfect quarter wave resonance between the
pulsation damper, which acts as an open end, and the
head end valve, which acts as a closed end. The
quarter wavelength for an acoustic resonance can be
calculated as follows considering the operational
data from Table 1:

1 cx60 313%+60s
4 4x3x+n  12%371

=422m (0

The length between the pulsation damper and the
head end valve is 4.23m and thus, a resonance
occurs. For the crank end (CE) acting, the same
resonance between the head end (HE) valve and the
pulsation damper occurs. However, the shaking
force value for the 3™ harmonic is lower. The
excitation for the latter case is generated at the crank
end (CE) valve and hence, not at the antinode of the
standing pressure wave. The excitation of the
resonance is lower, whereas for the head end (HE)
acting the excitation is exactly at the pressure
antinode.

On the one hand, an acoustic resonance with the 3™
harmonic occurs, but on the other hand, in the
measured data, the vibration velocities are in an
equal range between the 3™ and 8" harmonic. Hence,
there is no mechanical resonance at the 3™ harmonic
of'the compressor speed. This was also confirmed by
the theoretical mechanical vibration analysis
according to API 618!, which was performed during
the design phase.

Despite the acoustic resonance at the 3™ harmonic, it
can be seen in Figure 5 and Figure 6 that also for the
harmonic orders up to the 8th, the shaking force
values are higher for head end (HE) acting as for
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crank end (CE) acting. This also represents the
measured results.

4  Visualization

In this section, the reason for crank end side (CE)
operation creating lower shaking forces than head
end side (HE) operation, for most harmonics, is
illustrated.

For this purpose, a simplified calculation model was
created consisting of

Cylinder gas passage
Orifice

Nozzle pipe

Damper vessel

The model starts with a velocity boundary condition
(10 m/s as unity load for every harmonic separately)
at the compressor valves and terminates with an
anechoic  (non-reflecting) boundary condition
downstream the pulsation damper. The pulsation
damper is not shown in Figure 7 and Figure 8 in
order to have a better (magnified) view on the
relevant pipe sections.

HE valve
CF valve

|J7

p*and u [mis]

Bk ouss
a
=

l
')
e
(™
g

T 1
Cylinder Nozzle pamper
Zas ipe 5
: pip vessel
passage Orifice {not
shown)
g " | p* = relative pressure
..... u ====--u | u=velocity
—_—2 —-v2| D= diameter

Figure 7: Description of Figure 8

The calculation method® makes use of the acoustic
wave equation for pressure p and velocity u. They
are related to each other by p = pcu with pc being
the constant acoustic impedance as the product of
density and speed of sound. The pressure p is related
to the impedance in order to get the same scaling and
the same unit (m/s) as the velocity u

«_ P

p =E=

u O]

That way p* and u have the same amplitudes but a
phase shift of 90°.

I Ty I 1921

Cross section area changes shift the phase of both p*
and u which is nothing different than a reflection of
a certain share of the incoming wave.

Figure 7 describes the model.
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Figure 8: Pressure and velocity waves of different
harmonics

The difference between head end (HE) and crank
end (CE) operation is the location of the excitation
(the compressor valves). In the first case (HE), the
excitation is at the very left of the model, in the
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second case it is more to the right (refer to Figure 7
indicated as ‘CE valve’).

It is known that a system is more excitable at
locations where the pressure pulsations are high.
This is the reason why pulsation damper vessels
preferably have their cylinder nozzle in the axial
centre of the vessel as there is a pressure node of the
M2 standing wave pattern.

In the subject system, it turns out that for most
harmonics, the pressure pulsation is higher at the
location of the HE valve. This can be seen in Figure
8 when comparing the locations ‘HE valve’ and ‘CE
valve’ as shown in Figure 7. This finding indicates
that the given standing wave pattern (which is
independent on the location of the excitation) is
more excited by the head (HE) valve than the crank
end (CE) valve at most harmonics.

It must be noted that this calculation has only been
carried out for better understanding. Due to its
simplifications, results may differ quite significantly
from the 1D and 3D simulations.

5 3D flow simulation

5.1 Computational methods

A 3D CFD approach is used to get a better insight
into the flow and to visualize the mechanism of the
restriction orifice plate. To determine the unsteady
effects in the region of the orifice plate and to solve
the governing equations (1), (2) and (3), the
Unsteady Reynolds Averaged Navier Stokes
equations (URANS) algorithm developed by
Osborne Reynolds is applied. The turbulence of the
flow is modelled statistically. The actual value of a
flow variable ¢ is divided in a time-averaged value
(@) and its fluctuations ¢’

¢ =(p)+ ¢’ ®)

The implementation of the averaging of the flow
variable to the equations (1), (2) and (3) is
exemplarily shown for the conservation of
momentum

0(p{u;)) 0 ul
— + @ [p(ui)(uj) + plujug)

Aw,) 9w
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j i
_0p)

- axl- + pﬁ

Due to the averaging of the conservation equations,
new terms p(u;u;) are created. They are called
Reynolds stresses. Due to the new terms, the
URANS equations cannot be solved. There are more
unknown variables as equations. This is the so-called
closure problem and suitable approximations for the
Reynolds Stresses are needed. In this investigation a
two-equation model is applied which uses the

Boussinesq-Approximation by modelling the
Reynolds stresses analogical to Stokes law®

' o(u;) a<uj)>
- (202,20
J tz axj 6xL- (10)

where y, is the eddy viscosity and k = %(u{u]’-) is the
turbulent kinetic energy. The closure problem is still
not solved, since y; and k are unknown.

There are several turbulence models available to
solve the eddy viscosity and the turbulent kinetic
energy’. In this work, the k-o-SST model developed
by Menter® is used, because it is very applicable for
flows in engineering applications’. In the k-®-SST
model, the near wall flow is treated by using the k-
o-model’, whereas the far flow is treated using the
k-ge-model®. The equations for the eddy viscosity u;,
the turbulent kinetic energy k and the turbulent
frequency o read as®
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where oy, B*, 041, @3, B, and g,, are model

IO f’<uj>)a<ui> .
constants, Py —#t< o, + ox ) ox) is  the

production rate of the turbulent kinetic energy and F;
is a switching function which switches based on the
wall distance between the k-g-model and k-m-model.

For the discretisation of the governing equations in
space and time a second order limited central
difference scheme is used. Since the flow domain of
the whole cylinder including the compression
chambers and the gas passages is very big, the
compression chamber was not included in the
computational ~domain due to  restricted
computational resources. Despite that, symmetry
effects of the cylinder and the nozzle between the
cylinder and pulsation damper were used to keep the
model as small as possible. The flow domain is
shown in Figure 9.

Unstructured grids are generated to discretise the
flow domain. The generated grids consist mostly of
hexahedron cells, but also prism and polyhedron
cells were generated in regions of complex
geometry. A special focus was paid to the region
around the restriction orifice (RO) plate at the
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cylinder nozzle. In this region high-velocity
gradients occur due to the high decrease of the
hydraulic diameter. A fine mesh is needed to
calculate these gradients correctly. For the flow
domain in Figure 9 five different grids were
generated in the cell size from 100-kilo cells to 5000-
kilo cells. Grid independence check was performed
to avoid numerical errors due to the dependence of
the results on the numerical grid. It was achieved for
a grid with 2300-kilo cells.

crank end side 3 head end side
.

symmetry

Figure 9: Flow domain of the compressor using symmetry
effects and a simplified cylinder model

Since the compression chamber is not included, inlet
boundary conditions are applied at the valve seats.
Dirichlet boundary conditions are adopted for the
velocity by calculating the flow velocity at the valve
due to the piston motion and the opening of the
valve. The inlet velocity for the head end and crank
end side are shown in Figure 10. The inlet velocity
of the head end (HE) side is higher than the velocity
of the crank end (CE) side, due to the smaller volume
of the compression chamber at the crank end side.
There, the capacity is decreased by the piston rod.
However, the different inlet velocities respectively
volume flows are not the reason for the different
vibration behaviour of the two ends acting. A
simulation with the same inlet conditions at each
side checked this.

Inlet velocity [myfs]

Crank angle [*]

——head end acting crank end acting

Figure 10: Inlet velocity at the head end resp. crank end
valve

Dirichlet boundary conditions are also applied to the
turbulent parameters and the inlet temperature,
whereas Neuman boundary conditions were adopted

T Ty I 194 ]

for the pressure. In the outlet face, Dirichlet
boundary conditions were adopted for the pressure
and Neuman boundary conditions for the velocity,
the turbulence parameters and the temperature.
Ordinary no-slip conditions were used as
hydrodynamic wall conditions. Despite that, the heat
transfer between the fluid and the walls is neglected.

Two simulation cases are carried out. In the first, the
flow is coming from the head end (HE) side and in
the second, it is coming from the crank end (CE).
Five compression cycles are simulated for each case
to achieve an independence of the numerical errors
at the beginning of the simulation.

5.2 Results 3D
5.2.1 Integral values

First, the results of the static pressure drop over the
orifice plate are compared to the results of the 1D
simulation. The results are listed in

Table 2. The static pressure drop is the pressure loss
at stationary flow. In the 1D approach, it follows
Ap = Ky, §u2 with flow velocity # in the main pipe
diameter.

The pressure drop coefficient Kw is found
empirically depending on the open-area ratio a. For
orifice plates, Kramer’s approximation can be
used'’:

(1-a)(1-a*)
a?

Ky =27 (14)

Table 2: Static pressure loss. Comparison of different
calculation approaches.

Head end Crank end

1D/3D 1.053 1.027
simulation

The results are in good accordance and the deviation
between the different approaches is very small. The
pressure drop ratio of HE to CE is 1.21 with the more
accurate 3D simulation.

The efficiency of a restriction orifice plate in terms
of mitigating pressure pulsations strongly depends
on the velocity fluctuation in the orifice plate as
already described in chapter 1 of this work.
Therefore, the velocity in the orifice is sampled for
both simulation cases over the time and averaged
over the orifice bore area. The velocity
perpendicular to the orifice plate axis is shown in
Figure 11 for one revolution of the compressor
crankshaft. As already mentioned, the velocity of the
head end acting is higher than for the crank end
acting. This is also applicable to the flow through the
orifice plate. The velocity curves in the orifice plate
look different from the curves of the inlet velocity.
They are wider and consist of more maxima. The
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reflection of the pressure and velocity waves at the
vessel entrance and at the closed valves is
responsible for that. Despite that, in both modes of
operation, velocities with a positive algebraic sign
can be noticed. This represents a counter-flow
through the orifice plate also caused by the reflection
at the entrance of the vessel.

10

Avergage velocity inorifice plate [mys]

Crank angle [°]

——head end acting

crank end acting

Figure 11: Velocity in the orifice plate bore

The sampled data from Figure 11 is transferred to the
frequency domain by conducting a Fourier analysis.
This gives a better overview of the wvelocity
fluctuations. The spectrum for both run cases is
shown in Figure 12. Head end acting leads to a
higher mean velocity and higher velocity
fluctuations in the orifice plate than crank end acting.

12 3 4 5 6 7 8 9 101112 13 14 15 16 17 18 19 20
Harmenic number [-]

[
-]

(S T

Velocity amplitude in the orifice bore [m/s]
a N B O o®

B crank end acting ™ head end acting

Figure 12: Velocity in the orifice plate in frequency
domain

5.2.2 Streamlines

A restriction orifice plate dampens pressure
pulsations due to static and dynamic pressure loss.
Regions of strong vorticity are created downstream
of the orifice plate and dampen the acoustic energy?.

These regions of strong vorticities can also be
recognized in the streamline pictures (see Figure 13).
At the top, the streamlines for the highest flow
velocity are shown for head end (left side) and crank
end acting (right side). The main part of the fluid is
driven through the orifice bore. Due to the relatively
low velocity, vortices upstream of the orifice plate
are not created.

Close downstream of the orifice a counter-flow is
noticed due to the sharp edges inducing a relatively
stable recirculation zone. In these zones, the acoustic

R RJ) puisarons ANDVIBRATON

damping takes place due to dissipation. The size of
the recirculation zone strongly depends on the total
velocity (mean + fluctuations). Since for the head
end acting, both the mean velocity and the
fluctuations are higher (compare Figure 11 and
Figure 12), the recirculation zone is also greater. The
latter has a length of 0.08m for head end (HE) acting,
whereas, it has a length of 0.06m for the crank end
(CE) acting. The same behaviour applies for the
counter-flow displayed at the bottom of Figure 13.

§3538§a°§
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Figure 13: Streamline pattern through the RO. Top:
Maximum velocity in main flow direction. Bottom:
Maximum velocity at counter-flow. Left: HE acting. Right:
CE acting.

6 Conclusion

The investigations performed to explain the
interesting finding of seemingly harmonic
independent shaking force differences between head
end (HE) and crank end (CE) operation yield the
following results.

Measurement  vibration readings could be
reproduced by 1D fluid dynamic simulation.

3D CFD simulations confirmed the 1D results and
provided a deeper understanding of the behaviour of
the cylinder flange orifice plate. It indicates the
following. Higher velocity fluctuations create:

e  astronger vortex creation,

e more reverse flow and

e  a higher pressure drop.

A simplified acoustic wave calculation yielded a
clear indication that with most harmonics, the
pressure wave shape in the cylinder gas passage is of
a kind that pressure amplitudes are higher at the HE
side compressor valve (which is more remote to the
orifice plate) than at the CE side valve (closer to the
orifice). Therefore, the excitability of pulsations is
higher at HE side than at CE side.

It might be subject to further investigations whether
the latter finding is something general or just specific
to the subject system. The study of this work also
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supports the thesis that an orifice plate at the cylinder
flange is more suitable for the purpose of mitigating
a wide range of harmonics as opposed to an orifice
plate at the pulsation damper vessel which is
certainly much more effective on acoustic resonant
conditions (i.e. standing waves).

An unsymmetrical cylinder, heaving the nozzle at
crank end (CE) side rather than in the centre of HE
and CE creates especially low pulsations when
operating at CE side. If HE side operation is also
needed, this however provides no advantage in total.
Nevertheless, this is an interesting finding which can
be certainly used in other cases.

Based on the findings presented in this work, more
detailed investigations will be conducted to get a
better insight in this phenomena.
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Abstract:

The article presents a method for modelling transmission loss characteristics in four basic types of
passive pressure pulsation dampers: a chamber damper, a damper with an orifice, a damper with
internal choke tube and a low-pass filter. It also compares the characteristics obtained by means of
a one-dimensional model based on the plane wave equation solved in the frequency domain with the
characteristics obtained from a three-dimensional model based on the Helmholtz equation. The article
considers the influence of the positioning of the nozzles on the received attenuation characteristics,
includes a discussion of the results obtained, and indicates in which cases the simplification for damper
modelling in 1D space can be applied, and when it is unfavourable.
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1 Introduction

Gas pressure pulsation dampers are indispensable
devices in any compressor installation exposed to
high amplitudes of pressure and flow pulsation.
Uncontrolled pressure pulsation in gas installations
carries the risk of damaging the system components
and serious cost-generating failures. In the case of
single-chamber dampers without internal damping
elements, the minimum damper volume can be
determined from the formulas included in the API
618 std. (5th edition). In practice, more complicated
damper constructions with internal elements
(orifices, choke tubes) are also often used. In order
to determine the optimal dimensions of the damper
and internal damping elements, transmission loss
characteristics are determined depending on the
frequency.

2 Mathematical models
- fundamentals

2.1 Helmholtz resonator theory

The simplest way to model a pulsation damper is by
deploying a linear model with lumped parameters,
also called the Helmholtz model'. The Helmholtz
resonator theory can be applied to the system
components consisting of a small volume and
a short neck, modelled as lumped parameters:
acoustic compliance — compressible gas in the
volume acting as a spring, and acoustic inertance —
incompressible plug of gas in the neck behaving as
a vibrating mass (Figure 1).

Figure 1: Schematic of a chamber pulsation
damper

The resonant frequency of the damper can be
determined from models with lumped parameters
(Eq. 1). This formula is widely used in industrial
practice to pre-estimate the dimensions of the
chamber damper.

S

Wy =C ﬁ

(1
where ®o — resonant angular frequency, ¢ — speed of
sound, S — cross-sectional area of the neck, L —

equivalent length of the neck with end correction, V
— static volume of the cavity.

In order to determine the dynamic properties of
a chamber damper, it is possible to plot a frequency

characteristic in the form of a transfer function,
defined as the ratio of the Laplace transform of the
output signal to the Laplace transform of the system
input signal at zero initial conditions. Replacing the
Laplace transform with the Fourier transform (due
to harmonic excitation), operator transmittance can
be transformed into spectral transmittance. The
spectral transmittance module is equal to the
amplitude ratio, and the argument is the phase shift
between the output and the input signal for a given
frequency. The transmittance module describes the
amplification of the system, which in this case is
determined by the following dependence (Eq. 2):

P(jw)| 1

Py (jw) \/<1_w2)2+452$_22

|HGw)| = )

-~z
Wo 0

where ®o - the resonant angular frequency of

a damper, o - the angular frequency of a excitation,
K

. k — viscous
2Mwg

{ — damping coefficient; { =
damping, M — acoustic mass.

For higher efficiency of pressure pulsation
damping, a system consisting of two chamber
dampers connected in series or a two-chamber
damper with a baffle and internal choke tube can be
used (low-pass filter). The transmittance module for
such a system is determined by the dependence (Eq.
3):

P(jw) _
Py (jw) -
= 3)

1 1 1 w?
——w*— |+ |w2+23¢
Wo1Wo2 W1  Woz Wo3

where wo1 — resonant angular frequency of the first
damper, o1 — angular frequency of the second
damper.

|H(w)| =
1

2.2 Plane wave theory in 1D

A limitation on the use of Helmholtz resonator
theory is the wavelength of the highest frequency of
oscillation, which has to be predicted. The largest
dimension of the resonator should be less than % of
this wavelength in order to achieve accurate results.
If the restriction is violated by selecting a much
longer neck of a damper, resonances (standing
waves) occur, which cannot be predicted by the
Helmholtz model. Therefore, models with
distributed  parameters  (continuous  system
approach) should be used?**°. This approach is
based on the plane wave equation in one dimension.
In large systems, one-dimensional approach is
considered to be a good assumption in necks or
long pipes, and to save computational time.

The use of the plane wave equation requires the
following assumptions:
o the constant and the variable component of
each variable can be separated over time,
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o values of variable components are small
compared to average (below + 20% of the
average pressure),

o when deriving wave relationships,
constant component is omitted and only
variable components are modelled in time,
assuming the possibility of applying the
superposition principle,

o the flow is one-dimensional, and waves of
pressure pulsation do not form transverse
modes, i.e. no pulsations perpendicular to
the axis are generated in a pipeline.

Pressure pulsation can be described by the damped
wave equation in the following form (Eq. 4):
02 d 02
i + 17—5 =c? o (4)
ot? ot 0x?
where ¢ — displacement in x-axis, Vv — equivalent
viscous damping coefficient, ¢ — speed of sound.

The value of v can be determined from the
Helmholtz-Stokes model (Eq. 5):

2
V= D 2vw 5)

where D - effective diameter of a pipe, v —
kinematic viscosity, ® — angular frequency.

The wave equation solution is known in the form of
(Eq. 6):

E(x' t) — Ale—axej((ut—kx) +Bleaxej((ut+kx) (6)

2 .
where k — wave number: k = % = 777, a — damping
factor: a = ZV—C ,j —imaginary unit: j = vV—1, A;, B;
— complex constants calculated on the basis of
boundary conditions.

Defining the wave propagation coefficient as y = a
+ jk and taking into account the above relations, the
equations of pressure and flow pulsation may be
obtained as follows (Eq. 7, 8):

a .
p(x,t) = —pc2£ = pc?y[A,e7"* — Bye?*]ei®t (7)

q(x,t) = jwS[Ae™"* + Byet*]elot @)
2.3 Helmholtz wave equation in 3D

In recent years, attempts have been made to model
installation elements, e.g. dampers or short sections
of the installation by means of a three-dimensional
acoustic simulation based on the Helmholtz
equation, which has been implemented in
engineering software packages based on the finite
element method (FEM) 7810 The methods of
multidimensional 3D  simulation can be
complementary to one-dimensional methods, if
individual elements or short sections of the
installation are analysed'!.

In the FEM-based 3D acoustic simulation, the fluid
momentum  (Navier-Stokes)  equations  and

continuity equations are simplified to obtain the
acoustic wave equation using the assumptions that
the fluid is compressible (density changes due to
pressure variations) and no mean flow of the fluid
is taken into account. Viscous dissipation is
included using the Stokes hypothesis (the lossy
wave equation). The wave equation is reduced to
the inhomogeneous Helmholtz equation and the
finite element formulation is obtained from
atesting wave using the Galerkin procedure. In
harmonic response analyses, the following equation
is resolved for pure acoustic problems (Eq. 9):

(—w?[M] + jolCal + [K D} = {fr} (9

where:

[M,] — acoustic fluid mass matrix,
[C,] - acoustic fluid damping matrix,
[K,] - acoustic stiffness matrix,

{fr} - acoustic fluid load vector.

3 Simulation models

The numerical analyses were performed for
exemplary conditions of a reciprocating compressor
operation. The medium was natural gas. The main
parameters of the medium used for the calculations
are presented in Table 1.

Table 1: Parameters of medium

Parameter [Unit] Value
Speed of sound [m/s] 426
Density [kg/m?] 30.60
cpley [-] 1.43
Dynamic viscosity [kg/m-s] | 1.18-103
Molar mass [kg/kmol] 16.78
Polytrophic exponent [-] 1.33

For both 1D and 3D analyses, identical general
dimensions of dampers were assumed: the damper
chamber length with caps 1=1570mm and the
diameter d=508mm. However, in the case of 1D
simulation models, some geometry simplifications
had to be included. Firstly, the elliptical caps were
not modelled, and because the volume of a vessel is
a dominant parameter in damping efficiency,
diameter corrections were applied to assure the
same volume of the damper as in a 3D simulation.
The same approach was adopted for the internal
elliptical baffles. No reducers were included in 1D
geometries. The end corrections were set for 1D
models with internal tubes.

3.1 Acoustic 1D models

The 1D analyses for the present study were
performed on the basis of the in-house script. The
wave equation was solved in frequency domain
with the assumption that the long transmission line
may be represented by alinear acoustic four-pole
network with two inlets (Pp and Qo) and two outlets
(PL and Q). The transmission loss characteristic of
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a damper can be then computed using the transfer
matrix approach®:

Q]_14 B1[&L
[PO] B [C D] [PL] (10)
where:
A =coshyL=D (11)
1
B = —sinhyL (12)
Z
C = ZgsinhyL (13)
- acoustic wave impedance:
2
pcy
Zr = 14
= s (14)

The diagrams of dampers modelled with simple
elements of specified lengths and diameters as well
as four-field matrices describing them are presented
below (Figs. 2-5, Egs. 15-18). At the inlet the
unitary flow rate was applied, and at the outlet the
anechoic boundary condition was selected (Eq.
19).

— 1
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Figure 2: Schematic of a single chamber damper

Ay B[4 B
[CT p;) = le, D, (15)

(B

1000

- 1 3 /)

Figure 3: Schematic of a damper with an internal
tube
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Figure 4: Schematic of a damper with an internal
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Figure 5: Schematic of a low-pass filter
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Anechoic boundary condition:

C; Ds

200
1

S
q(0,8) = EP(O, t) (19)

3.2 Acoustic 3D models

In the FEM method, normal surface velocity
(inhomogeneous Neumann condition) was applied
as an inlet boundary condition (Eq. 20):

v=V->V=—-+—— (20)

At the inlet and at the outlet ports, the radiation
boundary condition was applied (Robin boundary
condition).

The geometrical models of dampers used for the
simulations are presented in Fig. 6.

Figure 6: Geometrical models for the 3D
simulation: a - single-chamber damper, b -
damper with an internal tube, ¢ — damper with an
internal baffle, d — damper with an internal baffle
and a choke tube



For the purpose of acoustic 3D simulations, fluid
domain models were prepared, based on the
dampers geometry (internal volume of gas
medium). The obtained fluid domains were then
divided into finite elements forming the discrete
models (Fig. 7). All analysed types of dampers
were meshed with the use of identical mesh
parameters.

0,000 0450 0,900 {rm)
I 1

[:FFe 0673

Figure 7: Finite element domain of the damper

4 Results

As a result of 3D simulations, the acoustic pressure
level may be plotted in order to visualise the
resonance and antiresonance modes. The acoustic
pressure level (Lp) is a logarithmic measure of the
effective pressure of a sound (p — RMS value of
pressure) relative to a reference value (po) for
a given harmonic of the signal (Eq. 21):

L, = 20log (pﬂ) [dB] 1)
0

The pressure level contour plots enable the
visualisation of standing wave phenomenon for
each resonant frequency. In the pictures (Figs. 8-
11) the selected results of the first resonance and
antiresonance modes of a single-chamber damper
and a low-pass filter are shown.

A

Figure 8:Acoustic pressure level contour plot of
the first antiresonance at 89Hz of a single-chamber
damper
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Figure 9: Acoustic pressure level contour plot of
the first resonance at 150Hz of a single-chamber
damper
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Figure 10: Acoustic pressure level contour plot of
the first antiresonance at 152Hz of a damper with
an internal baffle and a choke tube

B

Figure 11: Acoustic pressure level contour plot of
the first resonance at 14Hz of a damper with an
internal baffle and a choke tube

The simulations performed, both in 1D and 3D
approach, allowed obtaining the transmission loss
characteristics of the analysed types of reactive
pulsation dampers. The transmission loss (TL) of
a damper determines the decrease in the strength of
the acoustic signal between the inlet and the outlet
from the pulsation damper and is most often
determined from the ratio of the amplitudes of the
pressure pulsation at the inlet (Po) and at the outlet
(Pr) for a given harmonic of the signal (Eq. 22):

P,
TL=20" logP—O [dB] (22)
L

If the amplitude of the pulsation at the outlet is
much greater than the amplitude of the pulsation at
the inlet, the transmission loss function reaches the
minimum, which indicates the damper resonance —
amplification of the pulsation in a given frequency.
The maximum of a transmission loss function
determines the highest attenuation in a given
frequency.



4.1 Comparison of 1D and 3D results

Figs. 12-15 show the comparison of transmission
loss characteristics obtained from 1D and 3D
simulations. The maximum value of a frequency
range was set to S00Hz, which corresponds to the
maximum rotational speed of areciprocating
compressor n=1500rpm and the number of
significant excitation harmonics - i=20 (f = n-i/60).
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Figure 12: Transmission loss characteristics of
a chamber damper obtained by 1D and 3D
approach
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Figure 13: Transmission loss characteristics of
a damper with an internal tube obtained by 1D and
3D approach
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Figure 14: Transmission loss characteristics of
a damper with an internal baffle obtained by 1D
and 3D approach
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Figure 15: Transmission loss characteristics of
a damper with internal baffle and choke tube
obtained by 1D and 3D approach

The analysis of the simulations results indicates that
1D modelling with simplified geometry
assumptions  provides some differences in
attenuation characteristics as compared with the
results from 3D models. Of greatest importance are
the differences in the natural frequencies of selected
dampers, which should not be coincident with
excitation frequencies in order to avoid resonance.
In the case of a chamber damper and a damper with
a choke tube (Figs. 12 and 13), a shift in the natural
frequencies can be seen, which results from the
damper caps geometry — a simplification of the
elliptical caps in 1D formulation. The higher the
frequency, the bigger the shift between the 1D and
the 3D results. In particular, the highest natural
frequency obtained in 1D simulation is 417Hz,
while in 3D it equals 437Hz. The highest
attenuation frequencies associated with choke tube
length are reasonably consistent in both simulation
methods (Fig. 13). Much larger differences in
natural frequencies are visible in the characteristics
of dampers with internal baffles (Figs. 14 and 15).
The internal baffle geometry representation has
a significant impact on the damper resonances as
well as the transmission loss values.

4.2 Influence of nozzle position in 3D

Subsequent comparative analyses concerned the
influence of inlet nozzle position on the
transmission loss characteristics of the dampers.
A series of computations was performed with the
use of 3D approach including previously specified
damper types with the change of inlet nozzle
position from axial position to the side position in
relation to the main axis of a damper chamber (Fig.
16). In a chamber damper and in a damper with
a choke tube, the side nozzle was positioned in the
middle of damper length, while in a damper with a
baffle and in a low-pass filter, the side nozzle was
situated in the quarter length of damper, due to the
baffle position (in the middle of the chamber).



k.

Figure 16: Schematic of the inlet nozzle position:
a — axial position of the nozzle, b — side position of
the nozzle

The general dimensions of the dampers as well as
simulation parameters and discrete models were
analogous to those previously described in
subsection 3.2.

Figs. 17-20 show the comparison of transmission
loss characteristics obtained with the 3D approach
including the impact of the inlet nozzle position.
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Figure 17: Transmission loss characteristics of
a chamber damper with axial and side inlet nozzle
position
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Figure 18: Transmission loss characteristics of
a damper with an internal tube with axial and side
inlet nozzle position
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Figure 19: Transmission loss characteristics of
a damper with an internal baffle with axial and side
inlet nozzle position
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Figure 20: Transmission loss characteristics of
a damper with internal baffle and choke tube with
axial and side inlet nozzle position

The analysis of the presented attenuation
characteristics demonstrates that a change of the
inlet nozzle position has a significant influence in
the case of a single-chamber damper and of
a damper with an internal tube (Figs. 17 and 18). In
the case of the axial nozzle position,
the transmission loss function has two additional
minimums relative to the side nozzle position case,
which occur at 150Hz and 438Hz. At the same
frequencies, the transmission loss function achieves
a maximum for the side nozzle type dampers. This
phenomenon results from the side-branch resonator
effect, which is created by the chamber situated
perpendicular to the inlet nozzle. For the above
reasons, these types of dampers (chamber damper
and adamper with an internal tube) should be
designed with asymmetric nozzles in order to
achieve wider frequency range of attenuation. In
the case of a damper with an internal baffle and
alow-pass  filter, the  transmission  loss
characteristics obtained in both simulations are
similar. The resonance frequencies of the dampers
have the same values for both the axial position of
the nozzle and the side position of the nozzle.



by: Urszula Warzyhska, Wactaw Kollek — Wroctaw University

5 Conclusions

Three-dimensional acoustic simulation methods are
currently not used for the modelling of entire
compressor installations due to high demand for
computing power and long calculation time.
Although linear one-dimensional methods already
have their established position among the currently
used engineering programs, it seems reasonable to
develop algorithms combining 3D and 1D models.
The weakest point of algorithms based on 1D
simulations consists in the correct modelling of
compressor cylinder internals and passive pulsation
dampers geometry, which may have a significant
impact on further acoustic analyses of the
compressor installation.

The results of the simulations presented in the
paper indicate that some simplifications of damper
geometry assumed in 1D models, in particular in
the case of elliptical caps and baffles, may have
asignificant  influence on the calculated
transmission loss characteristics. In the case of
single chamber dampers and dampers with an
internal choke tube, geometry simplifications have
an impact on resonant frequencies, and therefore it
seems reasonable to take into account the resonance
span of about 20% from the resonant frequencies
obtained in 1D simulations (with the geometry
simplifications). The transmission loss
characteristics obtained from 1D and 3D
simulations for a damper with an internal baffle and
a low-pass filter have shown high difference in
resonant frequency values and damping values,
between those modelling methods. Therefore, in
such cases, the 3D approach should be used in
order to achieve more accurate transmission loss
characteristics. The simulations of the influence of
the inlet nozzle position on the transmission loss
characteristic have shown the side position of the
inlet nozzle in relation to the main axis of the
damper and the outlet to be more favourable. The
greatest benefit of this solution is evident in the
case of a chamber damper and a damper with an
internal tube where no additional resonances are
present, as in the case of an axial inlet nozzle
position.
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Abstract:

In a compressor installation of Ital Gas Storage S.p.A. at Cornegliano Italy, injection and extraction of
natural gas in/from the reservoir are performed using four reciprocating compressors working in parallel
with common piping. The complexity of that plant derives from the presence of multiple operating
conditions in single or double stage compressor configurations with variable operating pressures,
possible on/off assets, compressor capacity control, different injection/extraction conditions. In this
environment, to minimize the pulsation induced forces and allow a smooth and safe operation of the
plant, a refined solution to comply with API 618 requirements in terms of pressure drop and residual
pressure pulsation limits was needed. The first issue is that, due to the wide operating range, the use of
hole orifices at fixed diameter does not allow the compliance with pressure drop limits for all certified
conditions. That challenge was solved by using dynamic variable orifices (valves), which can adjust the
pressure drop as a function of versus the compressor operating conditions. Another important aspect is to
minimize the total pressure pulsation when compressors are running simultaneously. That requirement
can be solved by calculating the best phase among compressor crankshafts (electric motors phase start
synchronization) to minimize the total generated pressure pulsation and relevant pulsation induced
forces. This selection allows to finally limit vibration requirements.
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1 Introduction

The demand for Natural Gas is constantly
increasing. To meet this demand importing States
are forced to diversify supply sources. The
Cornegliano Laudense plant is one of the Italian
projects for increasing natural gas storage capacity.
The plant is the result of the use of the best
technologies present in the Oil & Gas sector, being
able to boast a layout designed to respect the
environment, current regulations and to save energy.
The design phase has imposed numerous challenges
due to the plant complexity and the numerous
operating conditions. = The pressure and flow
requirements have been met by using four
reciprocating compressors. As well known,
reciprocating compressors generate a pulsating gas
flow, whose harmonic components may interact with
the plant piping and equipment so to induce
resonance conditions. The effects of resonance
include high vibrations, poor performance, noise,
and high risk of fatigue failures [3,4]. Accurate plant
pressure pulsations and mechanical analysis are the
means for protecting plant operation from pressure
or mechanical resonance, by limiting their effect
with proper damping and/or stiffening of supports.
Pulsation Dampers are commonly used in these
systems and they are placed upstream and
downstream of the compressor. These dampers are
typically designed according to Pre-Study (API 618
5th ed. para 7.9.4.2.3.4) [1], with the piping system
replaced by an infinite length to verify that the
pulsations requirements are achieved with a
sufficient margin. This approach usually allows the
minimization of the modifications required by the
final acoustical study. Then the changes will be
limited to the insertion of single or multi-hole plates
(Fix Hole Orifices; FHO) and/or to the piping size
increase for small sections, with no changes in the
overall layout to detune the local acoustic resonance.
In this application, the vast differences in operating
conditions coupled with the possibility to work in
single or double phase make inadequate the use of
traditional FHO orifices (plant resonances damping
solutions) to fully comply with AP1618 requirements
in terms of pulsation suppression device pressure
drop and residual pressure pulsations. In this system,
the classic pulsation damping solutions have been
refined to obtain full compliance with the stringent
contractual APl 618 and flexibility operations
requirements. Specifically, at some locations valves
that work as “Dynamic Variable Orifice (DVO)”
(adaptive valve) have been used. These allow for
variation in the orifice pressure drop, in function of
the compressor operating condition, by varying their
passage cross-section. The use of DVO imply a
higher initial cost investment compared to the cost
of classic solutions, but it allows for a more efficient
use of the compressors, guaranteeing, in addition to
compliance with the regulations, the lower energy
consumption needed to power the compressors. In

this case, the energy saving achieved with the use of
DVO allows the recovery of the initial investment in
a short time.

In a plant configuration with several compressors,
the maximum pressure pulsation is obtained by the
sum of the pulsations of the individual compressors.
In this case, the sum of pulsations produces a quite
high pulsation induced forces in the common piping.
To efficiently control the sum of pressure pulsations,
another refined acoustic solution was introduced by
the investigation of the best phasing between the
compressor shafts. The selected phase is applied
through a system solution that requires a precise start
coupling of each compressor electric motor.

The use of DVO coupled with the selection of the
best start-up phase between compressors allows for
the lowest pulsation induced forces on the system.
Lower forces applied to the system results in reduced
mechanical vibration study recommendations.

2 Plant description

The objective of this project is to store natural gas in
the depleted gas reservoir at Cornegliano Laudense,
Lodi, Italy. The storage facility is connected to the
Italian gas grid and provides seasonal storage of
natural gas.

2.1 Plant Overview

In Principle, gas is pumped into the reservoir during
summer and pumped out during winter.

The company Ital Gas Storage S.p.A owns the
concession to exploit the reserve for a period of forty
years. The plant reuses a Natural Gas field
discovered in 1951, exploited until 1997, and is
therefore classified in the category of storage
facilities. As it is known, storage facilities follow the
seasonal trend of natural gas demand; Figure 1
shows a typical gas demand trend. Demand increases
during winter (greater demand for the domestic
sector) and decreases in the warmer months.

GAS SUPPLY GREATER
THAN GAS DEMAND

GAS DEMAND GREATER
THAN GAS SUPPLY

Figure 1: Annual gas demand

The storage site provides flexibility to the national
gas distribution network and helps to prevent some
undesired scenarios including sudden cold peaks and
interruption of import services for geopolitical
reasons. The Cornegliano plant increases the annual
Italian storage capacity by 10% (daily 8%).

The facilities are situated at two main geographical
locations: Central Station & Wellheads Cluster A
(Central Area) and Wellheads Cluster B (Cluster B)
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which is approx. 2 km away and is connected to the
Central Station by means of a 24” pipeline and a
fiber optic cable. Each Cluster has seven wells for a
total capacity of 28 million Sm?/day.

2.2 Operating configurations
The plant has three basic operating configurations:

e Injection: Importing gas from the Snam Rete gas
grid and injecting/storing it into the depleted gas
reservoir via the wellheads located at Clusters A
and B using compressors.

e Production: Exporting stored gas from the
reservoir back to the Snam Rete gas grid using the
reservoir pressure as free flow.

e Extraction: Exporting stored gas from the
reservoir back to the Snam Rete gas grid using the
compressors in a parallel configuration. This
mode is used when the reservoir pressure is not
enough-to get the gas back to the gas grid under
free-flow conditions.

When the grid pressure is higher than the wellhead
by an adequate margin (~ 5 bar), Free Flow into the
reservoir is possible. The gas flow from/to the grid
is measured by a three-line bi-directional ultrasonic
fiscal meter.

2.3 System characteristics

The plant as reported in paragraph 2.2 has two
phases (Extraction and Injection) for which it is
necessary to use compression systems. The
compression system consists of four identical
parallel duty two-stage single-casing reciprocating
compressors (model 6HG/2), using common piping.
Each compressor is driven by a 15 MW synchronous
electric motor and can compress 7 MSm?/day from
55 barg to 170 barg. Double-stage compression is
used in the Injection phase when the pressure in the
reserve reaches the value of 107 barg; other pressure
limits to be met are shown in table 1.

Table 1: Compressors Operating Pressure

Config. Suction (OP) | Discharge (OP)

Injection | 37 + 74 barg 50 + 174* barg

Extraction | 25+ 75 barg 41 + 78 barg

* Theoretical maximum but due to the limit within
the reservoir, initially imposed by the authority leads
to a compressor max discharge pressure equal to 150
barg. The compressor must be able to achieve 174
barg, in case the authority will later allow that run.
To satisfy those pressures and flow limits, the
compressors make the capacity control adjustments
shown in table 2. In case of parallel run all the
cylinders work in single stage.

Adjustments in between the steps and below 50% of
the flow capacity are carried out by recirculation
valves lines.

Table 2: Compressor Capacity control

Injection (above 107 barg) Series Run
1t stage 2" stage
Cylinder 2,4,6 Cylinder 1,3,5
1 100% 100%
2 83% 100%
3 83% 83%
Extraction/Injection (up to107 barg) Parallel Run
1% stage Ist stage
Cylinder 2,4,6 Cylinder 1,3,5
1 100% 100%
2 83% 100%
3 83% 83%
4 66% 83%
5 66% 66%
6 50% 66%
7 50% 50%

Interstage air-coolers and discharge air-coolers keep
the gas temperature at 45°C. The two stages of each
compressor can operate in series or in parallel,
depending on the operating mode and conditions.
The gas coming from the wells, where hydrate
formation is prevented injecting methanol during
start-up, passes through five separators and is
dehydrated in four columns, counter-current with
Tri-Ethylene Glycol (TEG), before being delivered
to the grid, after heating and pressure reduction, or
after compression. The TEG is regenerated, in a
closed loop, using three gas-fired units. The
produced water from the wells is treated and then
stored in a dedicated Tank, before being disposed of
via truck. A gas recovery compressor reinjects into
the process the gas leaking from the main
compressors’ mechanical seals, thus avoiding
discharging it to the vent system.

2.4 API 618 acoustic requirements

API 618 5" edition approach 3 requires that the
maximum allowable Pressure Drop based on steady
flow through a pulsation suppression device, shall be
limited to 0.25% of average absolute line pressure or
the value determined by the following formula (para
7.9.4.2.5.3.1, Equation 13), whichever is higher:

AP = 1.67 (R%) % (1)

Where AP is the maximum pressure drop % and R
the stage pressure ratio.

These limits shall be increased by a factor of two
when the pressure drop is calculated using the total
flow, where the total flow is the sum of the steady
flow plus the dynamic flow components, provided
that the static component still meets the above
criteria.

API618 also specifies that the peak to peak pressure
pulsations levels for normal operating conditions
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shall satisfy the following formula [para
7.9.4.2.5.2.2.2., Equation 8).

a 400
Py (%) = «/ﬁ * ((PL*ID*f)"l/Z ) @

Where P; is the maximum allowable peak-to-peak
level of individual pulsation components, expressed
as a % of mean absolute line pressure, a is the gas
speed of sound (m/s), P/ is the absolute line pressure
(bar), ID is the inside diameter of line pipe (mm) and
f1s the pulsation frequency (Hz).

2.5 Compression system design

The selected Reciprocating compressors satisfy the
flow and pressure data sheet requirements, but they
generate pulsating flow and pressure. So, just after
the compressor/s selection, the second step of the
design is the limitation of the pressure pulsation
plant propagation/amplification through proper
pulsation suppression device sizing according to
API618 requirements. The selection of the damper
type (empty volume or filter) and size is performed
by a dedicated preliminary sizing program [5,6] that,
taking data directly from the compressor sizing
software, calculates the volume, the diameters, and
length of chokes and the relevant pressure drop,
optimizing the results for all the operating
conditions. Having chosen the most effective main
dimensions and applying the best practice design to
minimize shaking forces inside the dampers (e.g. by
internal pipes or by baffles) a preliminary General
Arrangement design (see figure 2) is made to
accommodate these dampers into the compressor.

Figure 2: Compressor General Arrangement

This must be done in close cooperation with the
compressor manufacturer and the
Pulsation/vibration specialist who must verify
compliance with the following API 618
requirements and, if necessary, introduce
modifications:

e Damper check of the selected geometry to verify
compliance with the allowable pressure
pulsations limits (para 7.9.4.2.3.4 “pre-study).

e Forced Mechanical response analysis of the
Compressor Mechanical Model (Finite Element
Model according to para 7.9.4.2.4.3) to verify
vibrations and cyclic stress. This is achieved by

preliminary cylinder manifold forced response
study considering the following forces applied:

a. Pressure pulsation induced forces
b. Cylinder gas loads due to compression
c. Dynamic forces induced at the foundations

In the latter verification, the critical forces are those
generated by the compression (cylinder gas loads),
which are strictly related to compressor data sheet,
cannot be adjusted unless the change of data sheet
requirements. Cylinder gas loads have high force
amplitudes on high harmonic components, which
frequencies may easily interfere with the Mechanical
natural frequency of the compression system,
resulting in mechanical resonance phenomena. For
this reason, that verification needs to be performed
at an early stage of the project, to guide the General
Arrangement design of the compressor and to avoid
discovering excessive vibrations levels too late when
modifications to the system are no longer feasible.
When this step is positively verified, the Design of
the compression system and dampers layout can be
released for construction [7,8].

2.6 Pulsation study system difficulties

The pressure pulsations generated by the
compression system, even if properly reduced by the
dampers, interacting with plant piping and
equipment are amplified by acoustic plant
resonance. These resonances are due to the specific
piping plant length and boundary conditions that in
some operating conditions can lead to pressure
pulsation values of up to 10-20 times higher than the
allowable limits. Therefore, it is critical to control
plant resonances phenomena, through a dedicated
acoustical study so to investigate proper
recommendations to protect plant operations.

When the Customer plant isometrics are available
the pulsation study restarts to minimize plant
pressure pulsation and consequently reduce
pulsation induced forces acting in the compression
system, connected piping, and equipment [3,4].
Given the complexity of the system to be analyzed
(4 compressors), the extreme variability of the
operating conditions to be checked (single-phase /
two-phase, flow regulation, etc.) the traditional plant
piping modifications are not an effective solution
because they just move the resonance from a
condition to another one. The common method of
reducing the amplification of plant pressure
pulsations is the use of Fixed Hole Orifice (FHO see
figure 3) that generates known pressure drops in
precise points of the line (usually in a point where
the flow pulsation is at maximum) defined by the
study. The simplicity of FHO makes them
economical to manufacture and easy to install. On
the other hand, FHO can be optimized only in a
limited range of operating conditions (1 or 2 certified
points). In this application the acoustical study has
been performed for all the 6 certified conditions (I1-
12-13 and E1-E2-E3) plus other 8 conditions (point
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2- point 15-Ver 1- Ver 15 and point 3 - point 4 - Ver
1 -Ver 3) for a total of 14 cases (see figure 4 and 5).
For each of these cases, a +/-10% variation in
process conditions has been considered as study
tolerance. To be noted that in this case a higher
variation in process conditions is not allowed by the
Compressor manufacturer.

Figure 3: Fixed hole orifice.

They are sized based on the frequencies to be
dampened, the pressure levels to be reached, the
flow rate, the operating pressure and the gas sound
velocity. When there are several and different
operating conditions, there is a very large variation
in the above parameters, then FHO pressure drop
varies consistently and their general efficiency
drastically decreases. In gas storage facilities, such
as Cornegliano, it is normal to have a wide range of
operating conditions (e.g. application requires large
compression ratio variations) and consequently the
pressure drop generated by a single set of FHO is
expected to vary significantly. For this reason, the
initially proposed pressure pulsation study solution
(see the relevant pressure drop on table 3), to have
API 618 pressure pulsations under certified
conditions, has the following issues:

o Conditions with high un-necessary pressure drop;
(difference up to 42 times)

e Conditions with low-pressure drop resulting in
excessive residual pressure pulsations;

o Exceeding of API 618 pressure drop limits in the
6 certified conditions injection (allowed value is
0.5% for 1% stg. and 0.7% for 2™ stg.) and
extraction (allowed value is 0.9%) highlighted in
red on table 3. Value within the limits are in green;

Table 3: FHO AP% variation in the conditions

FHO AP% in the certified conditions
Full | 1%stg. | I1ststg. | 2nd stg. | 2nd stg.
load | Suct. Disch. Suct. Disch.
E3 1.5 1.5 1.5 1.5
E1l 0.82 0.44 0.85 0.45
E2 1.19 1.09 1.19 1.09
11 1.25 1.44 1.17 1.09
12 1.38 1.82 1.48 2.37
13 1.39 2.81 1.80 2.53
FHO AP% variation considering all conditions
Max 2.13 5.46 2.11 5.37
Min 0.24 0.13 0.25 0.14
ratio 9 42 8 38

Customer clarified that no deviation to API618
pressure drop limit is admitted, for certified
conditions, so this solution was not considered.

The second solution investigated was the use of a
double set of FHO (depending on the configuration
used for Injection or Extraction). But once proposed
it was impractical because the system had to be
stopped each time (depressurized with relevant
atmospheric emissions) to replace the FHO based on
the configuration used.

Finally, to achieve the required API 618 pulsation
levels and to comply with the pressure drops
requirements, a third solution was considered with
Dynamic Variable Orifices (DVO) [10,11]. This
was possible because the DVO allows the orifice
size to be adjusted (by valve opening) as conditions
changes for optimal pulsation control and efficiency.
In this case, the selected device is a control valve that
is regulated by the static pressure drop. The pressure
drops in Table 4 are the static ones allowed by API
618. The most part of these pressure drops is
generated by the selected DVO in the injection and
extraction of certified conditions. The pressure drops
in table 4 are inclusive of the minor ones relevant to
the fix orifices at the volume bottles nozzles
cylinders side connections (variable from 0.05% =+
0.1% among the certified cases).

In this connection, it must be noted that also the total
flow pressure drop is calculated to verify compliance
with the requirements (see section 2.4).

Table 4: AP% with DVO in the certified condition

DVO AP% in the certified conditions

Full 1%t stg. | 1ststg. | 2nd stg. | 2nd stg.
load Suct. Disch. Suct. Disch.

E3 0.9 0.9 0.9 0.9
E1 0.9 0.9 0.9 0.9
E2 0.9 0.9 0.9 0.9
1 0.5 0.5 0.7 0.7
12 0.5 0.5 0.7 0.7
13 0.5 0.5 0.7 0.7
DVO AP% variation considering all conditions
Max 0.9 0.9 0.9 0.9
Min 0.5 0.5 0.7 0.7
ratio 1.8 1.8 1.28 1.28

Figure 4 shows the comparison of the pressure drops
generated by FHO (red) vs DVO (green) vs API
pressure drop limit (blue) in the 3 certified
conditions (extraction) in discharge plant (single
stage) including capacity control conditions.

Figure 5 shows the comparison of the pressure drops
generated by FHO (red) vs DVO (green) vs API
pressure drop limit (blue) in the 3 certified
conditions (Injection) in 2nd stage discharge plant
(double stage) including capacity control conditions.
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The solution selected requires the use of 16 DVO (4
for each compressor) and must ensure a constant
pressure drop (see table 4) for all operating
conditions. The DVOs are installed in the suction
and discharge manifolds of each individual
compressor (see Figure 6).

Figure 6: DVO position on suction & discharge

To ensure the expected plant reliability, the selected
DVO type is a control valve of the same type as those
used for the by-pass line. In this case, the DVO
control valve philosophy has only to maintain a fixed
pressure drop regardless of the operating condition.
Pressure drop is changed only when the plant
switches from single-phase to a double-phase
configuration (injection and extraction).

Among the possible DVO regulation methodologies,
this is considered the simplest and best in terms of
plant reliability. The DVO opening is regulated by

the pressure difference measurements (upstream and
downstream), without considering the compressor
setting, by a Control Unit (CU), see figure 7. By
these measurements, the pressure drops generated by
the valves can be monitored to verify the compliance
with the study requirements and in case introduce the
necessary adjustment (by a software parameter
multiplicator).

——

COMP. 1

Figure 7: Cornegliano DVO control unit

For similar applications, a future possible solution
could be to adjust the DVO pressure drop, using the
compressor system controls, to optimize the pressure
drop requirement for each operating condition to
further minimize the residual pressure pulsations and
relevant pulsation induced vibrations. An adjustment
of this type requires a more complex control unit,
which must be in direct communication with the
compressor control unit (C.C.U (see figure 8).

Figure 8: More complex DVO control unit

Of course, the use of a more complex control unit
must be duly evaluated considering that plant
reliability is a key parameter to be targeted. The
more complex software and logic, even if not used,
is included in the present application for future
developments.

3 Energy saving

Purpose of FHO and DVO devices is the same, both
dampen the pressure pulsations to minimize relevant
plant pressure pulsation induced forces. Usually, the
best compromise between the introduced pressure
drops, the residual pressure pulsation levels, and
customer requirements can be achieved by FHO.

For Cornegliano, the complexity of the application
coupled with the mandatory requirements of the
customer, lead to finding satisfactory results only by
using DVO. Comparing FHO and DVO solutions, it
is easy to understand that they have opposite
advantages and disadvantages. The main differences
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are that the FHO have an initial lower cost with
higher energy consumption while DVO has an initial
higher cost with lower energy consumption.
Analyzing the selection of the orifice type from only
a cost point of view one might think that the high
initial cost of DVO cannot ever be compensated,
while in this type of application, one may discover
the opposite considering the cost of energy
consumption over the years [11]. Table 5 shows the
values of the instantaneous power absorbed by a
single 6HG/2 compressor with the DVO installed at
Cornegliano, the values of power absorbed with the
alternative FHO and the saving. The comparison
shows that in the 6 certified conditions the DVO
further allows for full compliance with the API 618
requirements also needs less energy to operate the
compressors in respect to FHO.

Table 5: the instantaneous power of the 6HG/2
compressor

Oper. Power Power Saving
Cond. | DVO [kW] | FHO [kW] [kW]
n 11342 11494 152
12 12 964 13576 612
I3 11307 11931 624
E1l 7253 7223 -30
E2 8247 8293 46
E3 8251 8348 97

3.1 Annual saving using DVO

Once the savings in kW have been calculated (see
table 5), the days of operation of the compressors can
be evaluated considering that the two energy-
intensive operating conditions are the extraction and
injection phase and the extraction phase occurs only
in the final phase of emptying the reserve. An
operating time of approximately 201 days (just over
6 months) can be estimated. Since it is impossible to
know exactly the distribution of operating days in
various operating conditions, an arbitrary allocation
between the certified conditions (i.e. 19 days for E1,
E2, E3 and 48 days for 11, 12, I3) has been supposed
to evaluate the energy consumption. In 201 working
days, through the DVO, approx. 1.650.000 kWh are
saved, considering a price for electricity of 0.12
€/kWh an annual saving of 200 k€ (for a single
6HG/2 compressor) is achieved. Assuming an
average use of 3 compressors, an approximate
annual saving of about 600 k€ is achieved. Based on
the pressure drops values (see figures 4 and 5) it is
easy to understand that if the compressors operate in
alternative conditions the saving is higher than the
one calculated for certified conditions. The
conclusion is that the initial cost investment for the
16 DVO will most-likely be recovered in less than
two years of operation.

4 Pressure pulsation combination

In systems connected to several compressors, the
pressure pulsations that propagate on the plant are
given by the combination of the effects of the
pulsations generated by each individual compressor.
In case of parallel compressors running at the same
RPM, the max pressure pulsation levels that may
occur is the sum of the pulsations generated by each
compressor. Considering that the crankshaft phase
between the compressors is random, it will change
anytime an additional compressor starts, resulting in
pulsation levels that may vary between
(theoretically) zero and complete single signal sum.
The number of cylinders, the number of unloading
conditions and the shafting phase among the
cylinders of the same compressor affect the sum of
pulsation. The common practice to perform the study
of parallel compressors is to consider all the
compressors working, in the various cases of
operations up to the max possible, imposing all
compressor crankshaft with the same phase (usually
the worst case). Alternatively, another approach to
reducing study runs is, to calculate only the single
compressor contributes and consider that in the
worst case there will be the full sum. In both cases,
as the number of active compressors increases, the
sum of pressure pulsation applied to the system
proportionally increases. Then the calculated values,
with parallel operation, often exceed what is
allowable as per API618, unless interaction between
the compressors is almost eliminated by plant
damping/filtering elements. The interaction between
the compressors can be reduced by Big Drum or
Volumes (located at a specific distance from the
single compressor to leverage the Helmholtz
frequency filter phenomena), but in the real cases, it
is difficult to accommodate these elements unless
they are already present for process needs. For this
reason, API618 specifies that, with customer
agreement, pressure pulsation limits may be
exceeded, verifying that the resulting forces applied
to the piping result in allowable vibrations levels and
allowable cyclic stress. In any case, experiences
gained by pulsation studies specialists with
thousands of plants studied [3,4, 9], suggest:

e The pressure pulsations value calculated for the
single compressor operation must be within
API618 limitations;

o The highest calculated sum of pressure pulsation
must never exceed the pressure pulsation value
calculated for a single compressor multiplied by
the square root of the number of the compressors
running in parallel.

4.1 Sum of pulsations on the manifold

In Cornegliano, having 4 compressors, each having
6 double effect cylinders, there are 48 different
pulsation sources that can be activated or
deactivated. Even if, at the suction and at the
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discharge of each compressor there are separators
that partially dampen the pulsation combination,
being that common piping is 32”, the relevant worst
case calculated pulsation induced forces remain
quite high, although strongly reduced by the DVO.
This leads to thinking about how to reduce these
forces further. Remembering that at each additional
compressor start-up, the phase among the
compressors (being random) will change inducing a
significant change also in the sum of pulsations, the
study effort was concentrated on this aspect.

To keep the duration of the study within a reasonable
length of time and taking into consideration that for
each different phase to be verified, hundreds of runs
must be performed, it was decided to first use a
purely theoretical approach. This simplified study
neglect dampers and plant effect and only connect all
working cylinders together to calculate the sum of
pulsations. This approach needs the following steps:

o First to confirm that the worst phase case remains
the same found with the full acoustical study (i.e.
all compressors in phase) previously described
(see section 2). This is a fundamental step to
validate this simplified approach.

o Then to find the best phase to minimize the sum of
pulsations.

After the selection of the best phase by the simplified
approach, the full plant acoustic study must be
repeated to verify the pulsation induced forces
reduction. To perform the theoretical evaluation, it is
necessary to identify the key player of the pulsations
combination, here below listed:

e The compressor model is a 6HG/2 with 6 double-
acting cylinders divided into two balanced
opposed banks. Each bank has 3 cylinders at 120°
between them. Each compressor taken
individually at full load is perfectly balanced
having distributed the cylinders every 120°;

e There are several capacity controls that,
depending upon the number of active cylinder
effects, generate several different harmonic
components;

o Normal operation is with 4 compressors operating
in parallel, however, also the cases with 2 and 3
compressors must be verified.

The exercise starts with the calculation of theoretical
unfiltered pressure pulsation at the suction cylinder
flange of a single full loaded 6HG/2 compressor.
Figure 9 shows the global results (Peak-Peak 1.3 bar)
and the relevant harmonic spectrum.

Figure 10 shows the theoretical sum of pressure
pulsation (Peak-Peak 5 bar), assuming all 4
compressors are working with the crankshaft in
phase (0°), for the suction manifold of the 4 fully
loaded 6HG/2 compressors.
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Figure 9: Theoretical suction pressure pulsation for
one 6HG/2 compressor at 100% (Cornegliano)
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Figure 10: a Theoretical sum of pressure pulsations
for 4 fully loaded 6HG/2 at 0° phase (Cornegliano)

Comparing the theoretical pressure pulsation of one
compressor (Figure 9) with four compressors at the
full load at 0° (Figure 10), it is evident that the Peak
to Peak pressure proportionally increases in function
of the active compressors (1.3 bar vs 5 bar, 4 times).
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Figure 11: a Theoretical sum of pressure pulsations
4 fully loaded 6HG/2 - random phase (Cornegliano)

Figure 11 shows the sum of pressure pulsations and
its harmonic spectrum for 4 full loaded 6HG/2
compressors with a random start. Comparing the
results of figure 11 with figure 10, the peak to peak
pressure is lower (2.5 bar VS 5 bar). Figure 11 also
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evidenced how the harmonic spectrum changes.
Analyzing several cases with various loads, the
worst possible theoretical sum of pressure pulsations
was discovered (see figure 12 that shows a Peak to
Peak of 8,6 bar). This is relevant to 4 compressors
working with the crankshaft in phase (0°) at 83% of
the load. Also, in this case, the pulsation spectrum is
different (note that 1% harmonic main component is
detected). To be noted that this worst case is the
same case previously detected by the full study
(inclusive of the plant) which evidenced the quite
high pulsation induced forces on the 32” common
piping. This confirms that the simplified approach
phase selection can be used.
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Figure 12: Worst theoretical sum of pressure
pulsations for 4 6HG/2 at 83% of the load at 0°
phase

All the above theoretical examples of phase among
the compressors operating in parallel clearly
indicated that the sum of pulsations changes at each
startup and capacity control. Using traditional
approach of the worst-case sum in this complex
application ~ may lead to conservative
recommendations on supports and structure
requirements. At the same time using a more relaxed
approach (e.g. considering only the forces due to a
single compressor), the uncertainty due to the
random start-up phase may lead to underestimating
the real pulsation induced forces. This may lead to
underestimating the relevant piping supports
requirements resulting in excessive piping
vibrations. So, the worst-case pulsation sum remains
the only way to properly protect plant operations.
At the same time, the above theoretic examples
indicated that adopting a specific phase the pulsation
sum may be strongly reduced.

Then another important refined acoustic solution
was introduced. This was achieved by an
investigation of the best phasing among the
compressor shafts to efficiently control the sum of
pressure pulsations, considering all possible
combination cases of operation, and then finding a
way to impose compressors crankshaft phase,

eliminating the described random start-up
uncertainty.

4.2 Research of best phase among
compressors

To find the best phase, the theoretical exercise was
repeated with various compressors phase shifting,
considering that the case to be optimized is with 4
compressors. In this parallel case, the simplified
analysis leads to choosing 90° (see figure 13, with 4
compressors running at 83% of load) as the better
phase between the crankshafts of the compressors
for all the operating cases.

Suction Pressure

Pressure [bar]

0 20 180 T 360

a [deg
[deg] WComp= 4
Suction Pressyre Phases

Harmonic Pressure Suction

Harmenlc

|bar)

Mod

Figure 13: Optimized theoretical sum of pressure
pulsations for 4 6HG/2 at 83% of the load at 90°
phase

Comparing this with the previous one in the same
case (see figure 12) it can be noted that the reduction
of the sum of pressure pulsations is significant (1.7
bar peak-to-peak vs 8,6 bar). Significant reductions
are obtained also for the case at full load and other
capacity control (i.e. 66% and 50%).

The analysis also continues investigating all the
other cases with a reduced number of compressors
and partial load conditions. This simplified analysis
indicated that the 90° phase is the best solution also
for the condition with three active compressors.

Theoretically, one could think that the best phasing
with three compressors crankshafts is 120°, but
considering the total number of cylinders present,
the phase between them and the number of active
effects, this phase results equal to the condition with
0° phase already identified as worst-case. It should
be noted that from the various simulations performed
it results that for some specific case the optimal
phase was 45°, but under the others cases the 45°
phase is worse than 90°. The exercise was repeated
for two compressors running and also in this case the
best phase was with a 90° phase.

The conclusion of the theoretical exercise, done for
all the plant parts, is that the resulting best phase was
90°. Then the full pulsation study restarted,
including the full plant piping and equipment using
the 90° phase selected by the theoretical exercise.
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The studies were performed for the whole plant, all
compressor combinations, all the operating
conditions and capacity controls (i.e. for each section
of plant hundreds of runs have been done again). The
study confirmed that the minimum sum of pressure
pulsations is achieved using a 90° phase among the
crankshaft of the compressors. As an example for the
suction plant, in figure 14 (worst case to be
considered in case of random start-up) and figure 15
(selected phase with controlled phase) are shown the
calculated residual pressure pulsations. In these
picture color from orange to red indicated higher
pressure pulsations while color from green to blue
indicated lower pressure pulsations. Comparing the
clouded area of figure 14 with the same clouded area
of figure 15 the resulting reduction pressure
pulsations in the common piping plant (clouded
area) is evident.

Figure 14: Suction plant pressure pulsations results
4 compressors running - RC motors in phase

Figure 15: Suction plant pressure pulsations results
4 compressors running - RC motors start every 90°

In figure 16 a summary of the full plant pulsation
induced forces calculated for Suction plant is shown,
considering the worst-case scenario (red = 0° phase
worst case for random start-up) and the best phase
scenario (green = 90° phase), detected by the several
studies above described. Adopting the 90 ° phase the
resulting  pulsation induced forces initially
calculated with 0° is reduced by approximately 3
times (from approx. 30000 N to 1000 N zero to
peak). In the same figure, it can be noted that the
main effect is detected in the 32” common piping

upstream the compressors (location in which the sum
of pressure pulsation takes place).

0000 Suction Plant Pulsation induced forces
25000 —RC moters i phase
20000 ‘ —RC motors phase avery 90 deg.

15000

I mL[”l'L ';L
i

& mﬁ,j{u“w Wma\ MLJ i 'l,.: L*u‘ J\ i

o
2
L 32" common piping  Plant upstream Separators Plant downs‘ueam Separators

Figure 16: Suction plant pulsation induced forces
comparison (Cornegliano)

In figure 17 the same summary of the pulsation
induced forces calculated for full plant acoustic
study of Discharge plant with 4 compressors is
shown.

30000 A-eoveeemmeeeses e Discharge Plant Pulsation induced forces PP
25000 |
- | —RCmotors in phase

20000

RC motors phase every 90 deg.
15000 '
10000 |
5000

;_»:l' ‘/% MH | M mm *\MJ“"W J'{

0

2"
Common
piping

[ 10-peaki]

Plant upstream Sep. Plant upstream Sep.

Figure 17: Discharge pulsation induced forces
comparison (Cornegliano)

For Suction and Discharge plants, the selected best
phase allows for pulsation induced forces reduction
in the 327 common piping (i-e.
upstream/downstream the separators). In the plant
sections between the compressors and the separators,
thanks to the separators damping action and the
smaller pipe size, the forces were already of
acceptable amplitude (i.e. values that can be
normally found with a single compressor running)
and the effect of the change in phase was limited (i.e.
several values were superimposed). It should be
noted that if the volume of the separators had been
lower, the beneficial effect would have been
extended to the whole system. On the contrary, if the
volume of the separators had been higher, the
beneficial effect would have been nullified. The
above is to clarify that, considering that the selection
of separator volume only depends from process
needs, separator volume increase (to dampen the
sum of pulsations) is usually impractical for cost and
procurement reasons.

To summarize, using the 90° selected phase between
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the crankshaft of the compressors the relatively high
pulsation induced forces in the 32”” common piping
can be reduced. Then it was time to think about how
to physically obtain the selected fix phase.

4.3 Qualitative description of the driving
motors’ synchronization

In a complex system like Cornegliano, a very refined
solution was necessary to guarantee a precise and
well-defined compressors start-up phase. The
mechanism that allows for setting the right phase at
startup was made in cooperation with Saipem and
Nidec. The project electrical configuration of the
main compressor system considers 4 main
synchronous motors (15 MW each). To accelerate
the motor from 0 to nominal speed, due to the size of
the system, the installation of a dedicated starting
device was initially provided for. Considering that
the motors are synchronous, the presence of the
starting device was further evaluated to verify the
possibility of synchronizing all running motors not
only with the external grid but also with each other
with a specified shift. In this way, it is expected that
the pressure variation in the common piping could
be reduced due to different phase shifting of all
compressor crankshafts. The project motors run at
375 rpm being the grid frequency of 50 Hz and
having the motors 16 poles. The proposed logic for
the phase control considers starting the first motor
without any special sequence and starting the next
motors synchronizing on the same pole as the
already running motors. To know the exact relative
position of each shaft, an additional inducting sensor
on each motor shaft has been considered. Since there
are 16 holes in the motor and compressor shaft
flange extensions there is a possibility to choose
among them with a possible shift of 22.5°. Finally,
the compressor crankshafts have been coupled with
motor shafts with specific mechanical shifts (0° for
the 1% system, 90° for 2" one, 180°for 3™ one and
270° for 4th one) based on full plant pulsation study
results. The initial evaluation has been confirmed
and the logic has been implemented. The plant is
under finalization and will be started-up at the end of
2018 (see figure 18).

Figure 18: Plant under construction view

As an additional feature, the same logic allows
returning to the standard random start-up for system
fine-tuning during plant commissioning.

4.4 Piping Vibrations and Cyclic stress

To complete the design, the reduced pressure
pulsations induced forces calculated are introduced
automatically as input forces for the plant’s final
mechanical study. This study is performed by a
FEM-program that provides the mechanical natural
frequencies, total vibration amplitudes, and relevant
stresses, along with the reactions at supports
location. Then, the overall forced response of the
piping system is calculated using the “modal super-
imposition” technique as the sum of the response of
each mode to the exciting harmonics, each with its
module and phase [5,6].

Finally, the piping maximum alternate stress is
calculated using the procedure explained in ASME
VIII-2 appendix 5 [2].

The calculated vibrations and cyclic stress are
compared with the limits and, if necessary, a
combination of additional structural stiffness or
additional supporting restraints are recommended to
maintain them within the limit.

As example, the max maximum calculated vibration
levels in the 32” common Suction piping (see figure
19), after the insertion of the modifications
recommended by the study (see figure 20), are at
90% of the allowable level. The relevant max
calculated cyclic stress level is 2 N/mm? peak-to-
peak (allowable 40 N/mm? peak-to-peak).
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Figure 19: Suction plant, 32” common piping

section (one with the max pulsation induced forces)
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Figure 20: Suction plant - 32”7 common piping
section - supports recommendations details
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The solution found in term of piping restrains and
structure stiffness (see figure 20) is also verified for
the worst-case phase scenario (random start-up) to
be sure that in any case the vibrations, in the
common piping, even if higher than the limit, will be
significantly below the danger limit and the cyclic
stress remain within the limits. The same exercise is
performed for the compression system. The relevant
model is updated considering compressor and
dampers manufacturing drawings and inserting
directly connected piping (up to the second support
upstream and downstream of the dampeners). Then
the forced Mechanical response analysis of the
Compressor Mechanical Model [7,8] is repeated
using as input the pulsation induced forces resulting
from the acoustic study, cylinder gas loads and
foundations dynamical loads. The resulting vibration
amplitude is compared with the manufacturer
vibration limit levels for the cylinder-frame-spacer
block. For the dampers and piping, the relevant
limits are based on experience and field
measurements. The cyclic stress is compared with
the limits (API618 cyclic stress limit 180 N/mm2)
[1], reduced to consider the stress concentration
factors and safety factor. When a preliminary
cylinder manifold response is performed, as
described at the beginning prior to the compression
system manufacturing, this final verification (see
figure 21) can only identify minor adjustments to
piping support constraints and/or their structures
stiffness.

Figure 21: Cylinder Manifold forced response

5 Conclusions

In a complex storage application plant, such as
Cornegliano Laudense, the standard acoustical
solutions (dampers + FHO) are not sufficient to
comply with API 618 pressure drop requirements
and to obtain acceptable pressure pulsation induced
forces. After several investigations, including a
double set of orifices to maintain the pressure drop
within reasonable values a refined solution with
DVO has been identified. This solution allows for
compliance with pressure drop requirements for
certified operating conditions. This solution involves

an initial investment to buy the necessary valves, but
further to give more flexibility to the plant and better
compressor performance, it allows for saving energy
during operations and recovering the cost in less than
2 years.

Furthermore, considering that the 4 compressors
operate in parallel in all the possible combinations in
various operating conditions and capacity control,
the worst-case sum of pressure pulsation calculated
in the 32” common piping, lead to a quite high
pulsation induced forces in case of uncontrolled
random compressor start-up. For this reason, another
refined study acoustic solution was investigated to
find, considering the hundreds of possible operating
cases, the best phasing between the compressor
shafts to efficiently control the pressure pulsation
sum and relevant forces. To minimize studies
software runtime, the best phase is initially selected
by a purely theoretical approach. The effectiveness
of the simplified approach selection is then verified
by the full plant acoustical study. Results confirm
that the pressure pulsations and relevant pulsation
induced forces in the common piping can be
significantly reduced. Finally, the selected phase is
achieved by a system solution that requires a precise
start coupling of each compressor electric motor.

In conclusion, the insertion of the DVO coupled with
the possibility to select by acoustic study the best
start-up phase among compressors allows for energy
saving and for obtaining the lowest possible
pulsation induced forces on the system. Lower
pulsation induced forces to allow the minimization
of mechanical piping vibrations/cyclic stress
requirements. The plant pulsations and vibrations
behavior will be monitored during start-up. With
special care to verify the effectiveness of described
refined solutions.

Finally, it can be observed that the refined acoustical
solutions here described, may also be used in other
applications with a wide range of operating
conditions or parallel compressor operations, in
which the balance between the requirements, the
energy consumption, the cost of introduction of the
mechanical/electrical devices is positive. The
subject matter of the present article is currently
under patenting procedure.
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7 Nomenclature

FEM = Finite Element Model

DVO= Dynamic Variable Orifice - (adaptive valve)
FHO = Fix Hole Orifices

OP = Operating pressure

TEG= Tri-Ethylene Glycol
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Abstract:

The control of pulsations and vibrations requires rigorous attention from the beginning of the plant design
to compressor start-up and operation. A close cooperation between Engineering Contractor, Compressor
Manufacturer, Pulsation Study Provider and Operator, is necessary at the different steps of a project.
Pulsation and mechanical response studies performed during engineering in accordance with the API standard
618 are necessary to target pulsations, vibrations and stress levels within acceptable limits. The pulsation and
vibration study include different system configurations to cover the planned operation of a new hydrogen
make-up compressor in parallel of 3 existing reciprocating compressors.

This paper presents the approach applied during engineering, construction and start-up phase and provides
some examples of resolution of piping and instruments vibrations during start-up.

To achieve piping vibrations within an acceptable range, a site check of the piping supports and Small Bore
Connections/instrumentation hook-up is recommended to ensure correct match of pulsation and vibration
study recommendations and actual plant design. Piping vibration measurement plan was defined before start-
up and vibrations are recorded at the first start-up at critical points.

The compressor is released to Operations after a complete survey of compressor and piping vibrations.
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1 Introduction
1.1. Plant location

TOTAL Antwerp integrated platform is located in
the industrial area of Antwerp (see figure 1).

Antwerp refining &
petrochemicals platform

-

@ BRUSSELS

BELGIUM

Figure 1: Location of TOTAL Antwerp platform

The platform includes the largest refinery of TOTAL
in Europe with a capacity of 338 kilo barrels per day.

In the frame of the OPTARA project, one of the two
trains of the existing atmospheric residue
desulphurisation unit (ARDS) is modified in a mild
hydrocracking unit (MHC) to convert heavy fuel to
diesel and ultra-low sulphur heating oil.

TOTAL INANTWERP,

AN INTEGRATED PLATFORM

Total Ramnaderg Antwerpen

Total Olefins Antwerp

Figure 2: Overview TOTAL Antwerp Platform with
its refining and petrochemicals units

To fulfil the hydrogen supply to the upgraded ARDS
unit and to the MHC unit, a new hydrogen make-up
compressor J8151D is included in the project.

1.2. Hydrogen compression set-up

The hydrogen compression unit set-up is shown in
figure 3. Three machines are required to fulfil the
demand of both process units. The fourth machine
will act as a spare. The running and spare
compressors will sequentially alternate their duty.

J8151A/B/C are existing compressors, 3 stages with
4 cylinders with an installed power of 5650 kW and
a fixed speed of 333 rpm.

The new hydrogen make-up compressor J8§151D is a
3 stage, 3 cylinders compressor that boosts the
hydrogen pressure from 25 barg to 200 barg.

This compressor is driven by a 6800 kW electric
motor and has a fixed speed of 370 rpm.

The duty (flow) of the new machine is comparable
with the existing machines.

The three existing compressors have stepped suction
valve unloaders (50%, 75% 100%) while the new
machine is fitted with step less flow reverse control
system from 100%-30%.

The spill back loop is common to the four
compressors and is designed for 100% flow of one
Compressor.

o Existing
B C-B161
Existing
JB151A
=
Hz Existing
JB151B ARDS Unit
=
Existing

J8151C
Existing =
suction

KO drum New

F-8161 JB1510
'_

Figure 3: Simplified scheme of ARDS/MHC
hydrogen compression

MHC Unit

A 3D view (figure 4) shows the layout of the new
compressor package.

Figure 4: Layout of the new compressor

2.  Engineering phase
2.1. FEED phase

Pulsation and vibration control starts at the FEED
phase.

Technical requirements are included in a general
specification relevant to reciprocating compressors.
This general specification, to be prepared by the End
User or the Engineering Contractor, refers to the 5%
edition of the API 618" “Reciprocating Compressors
for Petroleum, Chemical, and Gas Industry
Services” and includes clarifications, modifications
and additions to the API 618,

Furthermore, small bore piping design, piping
supports standards and hook-up standards are issued
at this stage either by the End User or by the
Engineering Contractor.
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The API Recommended Practice 688> “Pulsation
and Vibration Control in Positive Displacement
Machinery Systems for Petroleum, Petrochemical,
and Natural Gas Industry Services” gives valuable
guidelines for all involved parties.

An example of small bore piping bracing guideline,
as applied for the OPTARA project is given in figure
5.

STD No. MONTAGE HORIZONTALE
091 HORIZONTAL ASSEMBLY
T - | SsymBoL

Figure 5: Principle of bracing of small bore piping
(double block valves for pressure measurement)

Acceptance  criteria  for  field  vibrations
measurements should be defined at this stage.

2.2. Detail engineering phase

In accordance with table 6 of the API 618!, design
approach 3 is required for the new hydrogen make-
up compressor J8151D.

The End User defines all the predicted operating
conditions and the planned parallel operating cases.
15 cases were taken into account for OPTARA
compression unit (see table 1).

Case Gas MW Compressors
composition | J8151A | JB151B | J8151C | 481510 |

(kg/kmol) | |oad load load Load
1 Hydrogen 204 | 100% | 100% Off 100%
2 . Hydrogen 2.04 | 100% | 100% | Off | 30%
3 Hydrogen 204 | 50% | 50% Off 30%
4 Hydragen 204 off 100% 100% 100%
|5 | Hydiogen | 204 [75% | 75% on | 100%
| & | Hydrogen | 2.04 | 100% | Off _100% | T2%
7 [ Nitrogen | 2802 | OF [ on T100%  100%
| 8 Hydragen 204 ot . on ot 100%
) Hydrogen 204 off Off Off BE6%:
K | Hydrogen | 2.04 | off | off L off 7%
L1 Hydrogen 202 of off off 58%
|12 Hydrogen 204 o off of 445
|13 _Hydrogen 2,04 | Off | Off . Off _ 30%:
14 _ Hydrogen 204 . Blocked | Blocked  Blocked | 100%
15 Hydrogen 204 blocked blocked Blocked = 30%

Table 1: Cases included in the acoustic study

Figure M3 of API 618' defines the main steps of the
studies.

Before the selection of the Compressor
Manufacturer, the schedule of the different studies is
to be defined to keep a broader range of solutions at
the different main steps:

e Pre-study or pulsation dampers check.

e  Compressor valves dynamic response
analysis.

e Mechanical compressor manifold system
analysis (mode shapes, vibration and
dynamic stress analysis).

e  Pulsation analysis.

Mechanical response analysis.

During the kick-off meeting, Engineering
Contractor, Compressor Manufacturer and End User
shall review and confirm the schedule and

deliverables of the pulsation and vibration study
(input data from Engineering Contractor / End User;
reports contents from Compressor Manufacturer /
Study Provider).

It is important that the results of the pre-study of the
dampers design are shared between Compressor
Manufacturer, Pulsation Study Provider,
Engineering Contractor and End User at the early
stage of the detail engineering to allow an
optimisation of the dampers size. Margins, in e.g. the
speed of sound should be agreed between the parties
to cover the molecular weight variations from
specified conditions to ensure that the pulsation and
vibrations are also acceptable at these conditions

The existing compressors dampers sizes were also
checked and found adequate at the pre-study stage.

The main risks of lack of cooperation between the
parties are related to the schedule and reliability:

e Equipment delivery delay in case of late
modification of dampers due to under-sizing.

e Equipment start-up delay due to field
corrective measures to solve unacceptable
vibrations.

e Fatigue failure due to too high cyclic stress
levels caused by pulsation-induced shaking
forces.

The acoustic simulation shall be initiated as soon as
the pertinent input data are available (P&ID
arrangement drawings, isometrics, construction
drawings of related equipment (vessels, dampers,
separators, coolers, etc.), and cylinder gas passages
details.

It is beneficial for all the parties that the results of
the simulation are shared, and modifications
reviewed before a formal issue of the acoustic study
report.

A late acoustic study will reduce the possible
modification options or will increase the project cost
considerably due to rework in the design process

The new compressor J8151D and the existing
compressors J8151 A/B/C were included in the study
(see Figure 6 for the overall set-up).

J8151D
Suction KO

drum
Ja151C
JB151B

Suction piping model JE151A

Figure 6: Overview of suction piping model of the 4
compressors
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Several recommendations were defined to reduce
pulsations within acceptable limits. A few piping
modifications were required as shown in figure 7. An
acoustic separation between the new and existing
compressors was necessary to achieve acceptable
pulsations in case of parallel operation of the new
and existing compressors. This was achieved by
increasing the diameter of the main header locally
from 6” to 18”.

]
i .
- Wy : R-PA.0O
"-_ s ' Suction line to JB1E1D,
= }’f diameter increased from 67 1o 18”
e .
: \--Q\\?\

-
i,

Suction Vessel
*e

oy
Fah

Figure 7: 1" stage suction piping size increase from
6 to 18” to reduce pulsations

Additional modifications were recommended after
the completion of mechanical response analysis.

Figure 8 illustrates the mode shape at 15.8 Hz for the
location of too high calculated vibration level at the
third stage suction elbow. The maximum calculated
level was 150 mm/s peak-to-peak (53.4 mm/s rms)
and occurs in the crankshaft (X) direction.

Maximum vibration
(peak-peak):

X direction: 150 mm/s
Y direction: 38 mm/s
Z direction: 32 mm/'s

Figure 8: Mode shape at 15.8 Hz

The piping layout is modified as per figure 9,
resulting in acceptable vibration levels.

Figure 9: 3" stage suction piping lay-out
modification

Maximum dynamic loads applied at the supports or
foundations are included in the mechanical study
report. It is recommend to verify, if the fixation of
the piping to the mechanical structure and the
stiffness of the supporting structures is adequate to
restrain the loads.

3. Construction phase

3.1 Site survey

When the construction of the piping around the
compressor was close to 90% completion, a site
survey was carried out.

The survey was focused on the following aspects:

1. Verification if the pulsation and vibration
simulation models (pipe routing, pipe
supports, Small Bore Connections, etc.) with
assumed boundary conditions were
consistent with the as-built piping layout.

2. Verification if the recommendations from the
pulsation study (e.g. orifice plates) have been
correctly implemented.

3. Verification if the recommendations from the
mechanical response study (e.g.
additional/changed pipe supports, etc.) have
been correctly implemented.

4. General “mechanical” inspection of the
compressor and piping system: pipe supports,
supporting structures, bracing of Small Bore
Connections (SBC’s) , etc.

The main outcomes of the survey are:

e Identification of differences between the
as-built piping lay-out and the simulation
model lay-out.

e Assessment of Small Bore Connections
regarding the risk of fatigue failure.

e  Practical recommendations for improving
the function of the piping supports (e.g.
removing gaps between the pipe and pipe
supports, etc.).

e  Definition of the location of vibration
measurement points.
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For the identified discrepancies between model and
as-built situation, the mechanical response of the
modified parts was redone .

A challenging task in the mechanical response
analysis is to find suitable (stiff) boundary
conditions. One of the discrepancies which was
found during the field inspection was a support in the
suction 1% stage piping. It was shown that this
support was mounted on a very slender concrete
column which was not known during the mechanical
response analysis, see Figure 10.

Concrete

column
-

Figure 10 Concrete column

The vibration analysis was redone, and the flexible
concrete column was included. Figure 11 shows the
mode shape at 24.4 Hz and it is clear that the
concrete column on which the pipe support is
mounted does not behave like a stiff boundary
condition for this frequency.

Concrete column r

Figure 11: Mode shape at 24 4 Hz of the I*' stage
suction piping

Before changing this construction, it was decided to
measure the vibrations.

Further on, the results of the review is that vibration
and fatigue problems are not expected to occur for
other parts of the system caused by pulsation-
induced shaking forces.

3.2 Plan for vibration measurements

As a part of the field survey, a plan of compressor
and piping vibrations was set-up in preparation of
the start-up of the unit. The EFRC guideline? is used
for the location of points of measurements and for
the acceptance criteria. Small Bore Connections
(SBC’s) vibration measurements are included in the
plan. There are in total 90 points of measurements
in three axis and for 3 different loads (100%, 70%
and 40%).

The vibration velocity levels (in mm/s rms) are
normally compared with the levels according to
evaluation zone boundary B/C of the 4" edition of
the EFRC guidelines®. However, TOTAL has used
the stricter levels of the A/B zone for this system.

The EFRC guidance levels for vibrations of the
compressor parts and the pipe system are shown in
Table 2.

rms. vibration velocity values rms. vibration velocity values

Compressor for horizontal compressors for vertical compressors.
system part [mmis] [mmis]

zone Y zone Y

AB BIC GiD AB BiC ciD

Foundation [ zo 3.0 a5 20 30 45

Frame (top) [ 53 8.0 12,0 53 80 120

Cylinder (lateral) | 8.7 13,0 195 0.7 16,0 240

Cylinder (rod) 0.7 6.0 240 BT 130 195

Dampers 127 18,0 285 127 18,0 285

Piping 127 190 285 127 18.0 285

Table 2: EFRC guidance levels for vibrations for
compressor parts and pipe system

For SBC’s the difference between the highest and
lowest vibration velocity level, including the correct
phase differences, determines the maximum cyclic
stress levels. The guidance values for acceptable
overall vibrations are for that reason based on the
difference in vibration levels of the main piping and
the SBC.

Guidance vibration levels for SBC’s based on the
difference in vibration levels have been included in
the 4th edition of the EFRC Guideline?. A summary
of the difference in guidance vibration levels are
shown in Table 3.

rms, vibration velocity values
Compressor system part [mmi/s]
Evaluation zone boundary
AlB BIC CiD
Small bore connection piping 12,7 19,0 28,5

Table 3 : EFRC guidance levels (difference) for
Small Bore Connections

A site review at the end of construction phase is a
crucial step that can catch any changes that might
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affect the system dynamic response (vibration and
cyclic stress levels) that were not communicated
earlier to the Compressor Manufacturer / Study
Provider.

4. Start-up phase

4.1 Vibration measurements

At the first start-up, the vibrations levels were
measured.

The positive points at the first start-up are:

e Low vibration levels at compressor
foundation and compressor frame (see table 4
and figure 12 for measurements locations).

e Low vibration levels at the compressor
platform. There was no interaction between
platform structure and piping supports except
for the 1%t and 2" stages relief valve lines.

Pos | Description 40% load 70% load
A H V |A|H |V
1 Tap frame 3 2 2 3 2 2
2 Bottom frame 3 1 1 2 1 1
3 Foundation 2 1 1 2 <1 |1
4 Top frame 3 3 2 3 2 z
5 Baottom frame 2 1 1 2 I 1
6 Foundation 2 1 1 2 < [ 1
7 Top frame 3 2 2 3 2 2
8 Battomn frame 3 1 1 2 1 1
9 Foundation 2 1 1 1 1 il
10 Top frame 3 ] 2 2 2 2
11 Bottom frame 3 1 1 2 ! 1
12 Foundation 2 1 1 1 1 1
13 Tap frame 3 2 2 a 2 2
14 Bottom frame 3 2 1 2 1 1
15 Foundation 1 1 <l |1 <l |1
16 Top frame 4 4 2 3 2 2
17 Bottom frame 3 1 1 3 1 1
18 Foundation 2 1 1 2 el ] &

Table 4: Frame and compressor foundation
vibration levels (mm/s rms)

@ Q L{
T) 1st Stage
Cylinder

r — _— _—
(16) (13) (10)
2 Stage ) r) 3rd Stage ,
Cylinder Cylinder
Driver -
0 ° Mol ©
_— _— *
VN Ny 1" stage
{1 _B) 1:',/1 eylinder !

Figure 12: Vibrations measurement locations at
compressor frame and foundation

Few points were in excess of A/B and even C/D
boundary zone of the EFRC guidelines®.

Especially the suction 1% stage piping of which a
discrepancy between the model and field application
was found as described in section 3.1, showed an
unacceptable vibration level. The maximum
measured vibration level was 32 mm/s rms in the
piston rod direction and at 40% load.

Compressor Manufacturer, Engineering Contractor,
TNO and TOTAL worked together in a win-win
spirit to perform additional modifications to reduce
vibrations where necessary.

4.2 Experience based modifications

In a mechanical response analysis, all possible
worst-case conditions are investigated to ensure that
the system can run safe and reliable for the long-term
operation.

From the site survey it was concluded that the
boundary condition of the support of the 1% stage
suction piping was not stiff enough as assumed in the
mechanical response analysis, see section 3.1. It was
decided to measure at first the maximum vibration
levels before modifying the construction. From the
vibration measurements it was indeed shown that a
worst-case situation occurred, and unacceptable
vibration levels were measured on the 1% stage
suction piping. This caused by the fact that the mode
shape as shown in Figure 11 at 24.4 Hz was excited.

The final solution to reduce the vibration levels was
however easy and could be achieved by an additional
beam between the stiff concrete foundation block on
which the compressor is mounted and the top of the
flexible concrete column. Figure 13 shows the field
implementation.

Measurements showed acceptable vibration levels
after installation of the additional beam.

| Compressor
foundation

Stiffening
beam

) ==
Concrete

Figure 13: Stiffened concrete column
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5. Conclusions and recommendations References

The OPTARA project illustrates the importance of " API 618, 5™ edition “Reciprocating Compressors
effective communication and cooperation between for Petroleum, Chemical, and Gas Industry

all the involved parties in the acoustic and Services”.

mechanical response studies. This is the key for a 2 API RP 688, 1% edition “Pulsation and Vibration

successful control of vibrations of compressor and
piping systems. This cooperation is necessary
during the different phases of the project from FEED

Control in Positive Displacement Machinery
Systems for Petroleum, Petrochemical, and Natural

phase to unit start-up and hand over to Operations: Gas Industry Services”.
e Main milestones are to be agreed between the 3 EFRC Guidelines for vibrations in Reciprocating
parties at the early stage of a project. Compressor Systems, 4™ edition.

e A pre-study is necessary at the beginning of
detail engineering to validate the dampers size.

e Mechanical system manifold response study
and acoustic study shall be launched as soon as
the necessary input data are available and
results / modifications are to be shared,
discussed and agreed upon between the
involved parties prior to the issue of the study
report.

e [terations between piping thermal design
performed by the engineering Contractor and
mechanical response analysis done by the
compressor Manufacturer or the Study
Provider are generally necessary to control
vibrations and stress levels, static pipe stresses
and nozzle loads.

e Flexible structures on which pipe supports or
other equipment is mounted, shall be included
in the simulation models

e Supporting and bracing of Small Bore
Connections of piping and vessels (pulsation
dampers, separators) shall be investigated
thoroughly during the detailed design.

e A site survey, involving the Study Provider, at
the end of the construction phase gives the
opportunity to verify adherence to study
recommendations and to mitigate risk of
vibrations or fatigue failure.

e Vibrations assessment of compressor and
piping systems is to be performed at the first
start-up of the unit at different loads and
configurations.

e Incase of vibrations above acceptance criteria,
inputs, form  Engineering  Contractor,
Compressor Manufacturer and Study Provider
can be necessary for the definition of corrective
actions or additional studies.

The new compressor J8151D is successfully handed
over to Operations in May 2017 with vibration levels
well within acceptable levels.
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Abstract:

Pipe strain and flange misalignment have been shown to lead to higher than normal vibrations in piping
systems. This problem seems to be more problematic on reciprocating compressor packages due to the
high energy present in these systems, tight spaces between different components (for example suction
bottle and scrubber) and piping assembly and installation practices. This paper presents insights into the
effects of pipe strain, measures to reduce pipe strain and case studies that show the effect of pipe strain
and flange misalignment on piping vibration.
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2. Introduction

Many vibration problems are the result of, or
amplified by, pipe strain or flange misalignment.
In some cases, the measured vibration
amplitudes are double, triple or even higher
when under pipe strain, compared to after
relieving pipe strain. Pipe strain on the main line
can intensify vibrations on small-bore
attachments, which can lead to failures.

Although the effect of pipe strain on piping
vibration is observed on many packages,
particularly with units that are assembled on
tight schedules or minimum quality control
checks, this topic is rarely discussed at industry
events. Howes and Maxwell ! discussed pipe
strain effects on vibrations and presented some Figure 3.1 — Examples of pipe strain problems in
examples in 2013. Some industry standards a piping system

such as API 686 2 and ASME B31.3 3 include
limits for pipe strain and flange misalignment.
However, these limits are mainly set for
increasing the reliability of the machinery, rather
than reducing vibrations on the piping and
attached components.

This paper reviews several case studies. A theory
on the reasons for higher vibrations due to
excessive pipe strain is discussed. In addition,
suggestions are made to reduce pipe strain in
reciprocating compressor packages, and future
studies are proposed.

3. Definitions and categories

Figure 3.2 — Examples of pipe strain problems in

Static deflection of the pipe from its neutral .
a piping system

position or zero-stress condition is called pipe
strain. By itself, pipe strain may not be sufficient
to cause failure. However, when combined with
the dynamic stresses from other sources such as
unbalanced forces and pulsation-induced
forces in reciprocating compressor systems,

Improper support installation can induce pipe
strain. Figure 3.3 shows 3 different scenarios
where a pipe could be held away from its
neutral position resulting in pipe strain.

pipe strain becomes an element critical to the =T
reliability of piping systems. e
ik CHEBAE ! when clamped.

One of the major contributors of controllable 16N / gy | ¥~ Vercaloffose

. . . . . . . = — = | — Y support.
pipe strain is piping misalignment. The root =~ i il
cause of misalignment can be attributed to ] ' i~ Vertical offset

. . . . . . . £ . | .. pipe torced down when

deficiencies in design, fabrication, assembly and / | clampes.
installation practices. Figure 3.1 and 3.2 show Figure 3.3 - Types of pipe strain

examples where pipe strain and flange
misalignments were observed on real piping
systems.
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Two flanges can have one or more types of Figure 4.1 shows the piping between the suction
misalignments: scrubber and suction pulsation control bottle

e  Axial offset on the third stage for this compressor.
e  Radial offset ' ’
e  Angularity (not parallel)

See the excerpt below from API 686 2 that
shows three types of flange misalignment. The
paragraph numbers in these plots refer to API
686 text.

[ Feeler gauge measurement

Figure 4.1 —Third stage suction piping

Vi
Our analysis showed high vibrations on test
///— points 304 and 305. Signs of the pipe strain and
flange misalignment was observed on the
. Modiery | L piping, and the operators were asked to loosen

nge

the clamps. Once the clamps were removed, up
to 25 mm displacement was observed on some
of the piping. Figure 4.2 shows the gap between
the pipe and support once the clamp is

— " Tange

s e Prcicrph A0S Angulty loosened. In addition, the pipe was not parallel
to the support base. When the clamp was
Fesler gauge measurement removed fully, as shown in Figure 4.3, signs of

forcing the pipe into position were visible on

both pipe and flanges. Temporary shims were

installed under some of the pipes to assess the

Paragraph 4.6 2 flange bolt hole offset. effect of plpe strain. Figure 4.4 shows the
( temporary shims. Flange misalignment was also
0 NS oS, observed. Figure 4.5 shows a flange mating

M "T______ against a straight edge, that clearly presents the
W flange misalignment.
’ Fl _ §
| mechnery | REy outer .
ange T " flange” [ diameter |8

7

II
1
— Paragraph 4.6.4 flange face separation

Figure 3.4 — Types of flange misalignment ?

4. Case study

This case study is about high vibrations on a Figure 4.2 =Signs of pipe strain
reciprocating compressor unit. The 4-throw, 3-
stage compressor was being driven by a
reciprocating engine at 1250 to 1400 RPM. A
fleet of 12 nominally identical reciprocating
compressors was assembled in a very tight
timeline. This was led to many areas with
excessive flange misalignment and pipe strain.
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compared against Wood’'s (formerly BETA
Machinery Analysis) vibration guidelines.

Spectrum TP: 305 (H)

30 _Channel: 2 P:BMA-Pipe —

27 N Date: Dec 02, 2016 14:14

2e ] Before S
2] Guideline ||} E Eﬁ
=48 31 1.
= After e
=15 1 4 2541 1.41E400
= 5 251.3 1.36E+00
=12 | /ﬂ At Ppe St tption

09 .‘ P [T

06 AMA | /

|
03 il
00 f : IA J1 ‘ N : : ‘ /}m%..

T
0501001502(1)25034])350400450500

Fremioncy ()

Figure 4.6 — Comparison of before and after
pipe strain is mitigated, TP 305, horizontal

vibration

Spectrum TP: 305 (V)
15 Channel:3 PBWAPipe —
Guideline Date: Dec 02, 2016 14:14

Setup:

] «—|Before Nt
Freq. Megritude
=127 T o 170
= iy
2 R
- = After 7 esannn

Temporary 06
shims 03 ] ﬂ
: o %d/iwﬂ ‘M ,x W\mﬂ/)ﬂ AM\A nu(\ﬂ v%fmm
: 0100 150 200 250 W BO 40 40 50

Figure 4.7 — Comparison of before and after
pipe strain is mitigated, TP 305, vertical

vibration
t TP: SM(H)
1,5 -Channel: 2 f P-BMAPi
1.4 ] Be Ore Date: Dec 02, 2016 14:22
13 1 m?’
12 1 3
ol | After |,
Figure 4.5 - Flange misalignment gi ] 'E g
’ =27 1 T g
=6 1 Guideline |5 238 steean
05
The customer was recommended to remove all 04
clamps and mitigate the pipe strain and flange 02 |
misalignment, based on the procedure 00—
0 s 10 150 20 250 T30 30 400 450 500

discussed in Section 7. After the pipe strain was “"'"“
mitigated, vibration was measured again. Figure
4.6 to Figure 4.8 show examples of before and
after vibration plots. The vibration plots below
show peak hold vibration amplitudes when the
units were run throughout the speed range. The
modifications led to significant vibration
reductions. The vibration amplitudes are

Figure 4.8 — Comparison of before and after
pipe strain is mitigated, TP 304, horizontal
vibration
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5. Effects and mechanism

The effect of pipe strain, even if vibration does
not increase, is a higher static force is imposed
on the piping. The static forces from pipe strain
increases the static or mean stress that the pipe
experiences. The combined stress, which
includes both the mean stress and alternating
stress, can be represented on a Goodman
diagram. The Goodman diagram (Figure 5.1)
shows that the allowable amplitude of
alternating stress decreases as mean stress
increases. Vice versa, the allowed amplitude of
alternating stress increases as the mean stress is
lower. In Figure 5.1, Y.S. is the abbreviation for
yield stress, Snis the fatigue life at 107 cycles,
and U.T.S. is the abbreviation for ultimate tensile
stress.

Pipe strain increases the static stress in the
system. When static stress increases, the
allowable dynamic stress, hence the allowable
vibration levels, drop.

NS

— X
g 7 1
8 Failure Region
i y e Sﬁ_ Fatigue Life at 10F Cycles
= *
g . L U
E Safe Areafor Design N
A2 No plastic deformation
< of fatigue fracture
|
-3 = AE ¥5. UTS

Mean Stress (ksi)

Figure 5.1 — Goodman diagram

As demonstrated by the case study and many
other field tests on compressor piping systems,
high pipe strain tends to be associated with
high vibration. Research into the fundamental
mechanisms whereby pipe strain leads to higher
vibration levels is required. One proposed
theory is that pipe strain will lead to a reduction
in damping. Damping results from many
different mechanisms in a piping system. One
method of damping is energy dissipating as two
parts move relative to each other. For example,
joints between the pipe, pipe clamps and pipe
support will have a small amount of relative
motion under normal vibration. If the pipe is
under a high static load, the mating surfaces
between the pipe, clamp and support are
distorted, and the same joints are fully closed.

Less relative  motion  between  these
components occurs when the piping is
subjected to dynamic forces, so there is less
energy dissipated and less damping.

Reduced damping will cause increased vibration
at the mechanical natural frequency (MNF).
Figure 5.2 shows the vibration amplitudes and
phase at different damping ratios at different
frequencies. & represents damping ratio, f is the
frequency, f, represents the mechanical natural
frequency.

Amplitude

{ =10 NoDamping

K,

e

Amplification Ratio

£ = 1.0, Critical Dumping __

Frequoncy Ratlo  # =

Phase

=10, No Damping —»

| ¢=01"_
=02 1

£=03

£ = 10, Critical Danping

£=03
Tt r=n2
é é é:j/ i i - £=01
) d ¢ =1 No Damping
b 1B

Figure 5.2 — Vibration amplitude and phase at
different damping ratios *

Phase dngle (deg) ¢
)

6. Assembly procedure to avoid
pipe strain

Following is the suggested procedure to avoid
pipe strain during the assembly. This procedure
applies to the assembly process when none of
the flanges are tightened and none of the
clamps are installed.

1. For each system (first stage suction, first
stage discharge etc), start at the
compressor cylinder. Installing pulsation
control vessels (bottles), especially a bottle
that is common to multiple cylinders,
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requires special attention and precision.
Start at the first pairs of flanges, for
example, the flange set connecting the
piping to the suction pulsation volume, and
bring the flanges to a neutral position by
adjusting the shims and/or modifying the
support structure and nearby pipe clamps.
The misalignment should be kept within the
limits suggested by ASME B31.3 guidelines
between each two flange faces.

The information in B31.3 is further
described by the Los Alamos National
Laboratory (LANL) as shown below °. ASME
B31.3 doesn’t have any guideline on the
axial offset of the flanges. In this case, it is
recommended to use API 686 guideline of
“Gasket flanging must be within £1.5 mm
(1/16 in.) of the gasket spacing” 2

The following instructions provide guidance for proper assemble or re-assembly of a flanged connection

Iy, the flange faces should be

55 the bolt '\QC shall be
maximurn offset | 1). Table 3 presenl the required alk 1 ent for
£ and 600 Flanges values for Class 600 flanges may be appl Fd 1o high
classes of stEeI flanges as wel

Table 3 - B31.3 Required Alignment for Class 150 Flanges

Pipe Sise fin) |

/ :a

7

450

\W‘\\‘ —
oY

o

S5

Figure 6.1 — LANL notes on ASME B31.3 >

Some companies have chosen to use more
stringent limits compared to ASME B31.3,
especially for the connection between the
suction bottles and closely coupled
scrubber. This is one of the special
applications related to reciprocating
compressors which should be investigated
further.

2. Once the work on the first pair of flanges is
done, move on to the next pairs of flanges
(starting from cylinders and working toward
skid edge or coolers).

3. For each pipe clamp, place the clamp on the

pipe, mark the neutral location of the pipe
clamp on the sleeper, remove the clamp
and then drill the sleeper. The holes should
be drilled %" oversize to allow for hot
alignment. Avoid clamp designs that
require welding the studs or bolts to the
sleeper. A welded stud design doesn't allow
for potential future corrections. Also, high
bending loads can be imposed on the
fastener and weld as the pipe goes through
thermal cycles. When dealing with extreme
temperature, special clamp type should be
considered to avoid pipe strain problems
due to thermal expansion. The clamp
fastener must only be tightened enough so
there is no relative vibration between the
pipe, clamp and support. Over tightening
the fastener limits small movement due to
thermal cycles that will reduce pipe strain.

4. For each pipe clamp, make sure one %2 inch
thick packing is placed under the pipe to
allow for future pipe strain adjustments. The
packing can be tack welded in place if
needed. The number of shims under the
pipe should be limited to three shims.

7. Mitigating pipe strain after
assembly

The suggested procedure for assembling the
piping system to avoid and minimise the pipe
strain is discussed in the previous section. The
procedure below explains the suggested
procedure for checking for pipe strain on an
existing assembled unit.

1. Shutdown the unit and perform a thorough
visual inspection:

a) It is recommended to perform a
systematic inspection throughout the
whole package. For example, start with
the compressor cylinders on the first
stage suction system and move toward
the off-skid edge. Once the inspection
of the first stage suction system is done,
move to the first stage discharge
system.

b) Loosen all the clamps. Document the
movement of the pipe when the clamps
are removed.

¢) Inspect the flange alignment for all
flanges. Use a straight edge to inspect
the lateral alignment of flanges. Use a
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micrometre to make sure the flange
faces are parallel.

d) Check if the pipe is pushing on the
support by removing the shims,
packers, spacers, or liner under the
pipe.

2. Correct the pipe strain by adding or
removing shims, modifying the pipe
supports and structures.

3. If after all modifications have been
completed, some pipe strain and flange
misalignment are observed, breaking the
flanges can be used as the last resort. Make
sure to monitor the flange position before
and after bolts are loosened.

4. In extreme cases, replacing the pipe spool
and/or bottles may be required to remove
the pipe strain.

5. The final pipe strain checks must be done
after the unit and piping has reached a
stable operating temperature. Depending
on the system, the ambient temperature,
compressor setup, operating temperature,
and other factors, the time to reach stable
operating temperature may vary. Slight
adjustments may be needed in shims and
pipe supports when the unit has reached
operating temperature. The ideal procedure
includes bringing the wunit up to
temperature, shutting down the unit and
then inspecting the line. However, a large-
scope inspection may require multiple
start-ups and shutdowns. If this is not
feasible, the inspection can be done while
the unit is operating.

6. Adjust shims and packing to place the pipe
at its hot, neutral position.

8. Conclusions

The following conclusions can be made based
on the authors’ experience with reciprocating
compressor piping system vibration.

e Pipe strain has been shown to
contribute to significant vibration
problems including vibration-induced
piping failures.

e The root cause of misalignment can be
attributed to deficiencies in design,
fabrication, assembly and installation

practices. Installation and assembly
procedures were identified as the most
critical steps of the project to avoid pipe
strain.

e By itself, pipe strain may not be
sufficient to cause failure, but when
combined with the dynamic stress
related to reciprocating compressors,
pipe strain becomes an element critical
to the reliability of piping systems.

e It is believed that increased vibration
occurs mainly due to a reduction in
damping when pipe strain is present.
However, more research is needed to
find the exact mechanism that leads to
higher vibrations when pipe strain is
present.

e Existing standards can provide a
minimum required level for preventing
excessive pipe strain. However, more
stringent criteria may be needed for
reciprocating compressor applications.
The application of existing standards in
cases where multiple flanges are used
in near vicinity of each other, or
multiple nozzle pulsation control
vessels (commonly known as multi-
nozzle bottles) may be misleading.

e The existing body of knowledge is not
sufficient to draw solid conclusions and
develop a guideline. More research is
required.

9. Future research

It is recommended to perform additional
studies to investigate the effects of pipe strain
on vibration. The following studies should be
conducted for different configurations such as
straight pipe, two nozzle bottles, head and shell
nozzles and other piping and vessel
configurations common to reciprocating
compressor installations:

e lLaboratory study on the mechanism
that pipe strain leads to higher
vibrations. The outcome of this work is
development of a set of laboratory
measurements that can be used to
develop and verify a theory and
simulation approach to calculate the
effects of pipe strain.
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e Finite element analysis (FEA) to
compare the change in static stress due
to various levels of flange misalignment
and pipe strain, for different pipe size
and configurations.

e Finite element analysis to compare the
change in vibration and dynamic stress
due to various levels of flange
misalignment and pipe strain.

e Field measurements of real piping
systems to verify the results from the
FEA work for assessing static and
dynamic effects of pipe strain and
flange misalignment.
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Abstract:

For various applications, ranging from small air compressor in service stations to big gas compressors
in chemical plants, different lubricants have been developed to meet unique requirements in each case.
As the market demands higher performance of industrial compressors increase, same came to the field
of lubricants to face several challenges. These include reducing downtime, enabling higher pressures
and operating temperatures while reducing power consumption and overall costs. Synthetic lubricants
have been well accepted to market and helped compressor system reaching its next levels that may not
be possible by using mineral oil lubricants. With growing demand, today approximately more than 50%
to 75% of compressor lubricants have already switched to synthetic basestocks.

An important group of basestocks for compressor lubricants are Polyglycols (PAGs). PAGs have several
advantages such as low solubility to hydrocarbon gases and a cleaning effect to reduce the risk of
deposits and varnish. PAG based lubricants are widely available for various type of compressors and
gasses ranging from air to specialty gases such as LNG. Along with general information regarding PAG
based compressor lubricants, BASF will present a recent field experience with screw and reciprocating
compressors for natural gases. With the right design of equipment and understanding of the respective
application, the use of PAG based lubricants can be an ideal solution to meet both technical and
commercial requirements.
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1 Introduction

Requirements to lubricants have steadily increased
to meet the prerequisites of today’s high performing
industrial compressors.

This includes reducing downtime, enabling higher
pressures and temperatures while also reducing
power consumption and overall costs.

After the market introduction high performance
synthetic lubricants have enabled compressor
systems to achieve their goals, which previously had
not been possible with current mineral oil lubricants.

2 General Market Overview

While industrial compressors bring higher
performance claims to the market, many OEMs now
recommend synthetic lubricants to meet their
performance claims. According to market studies,
approximately more than 50% to 75% compressor
lubricants used in the market are already based on

synthetic basestocks.

Figure 1+2, POE — Polyol-Ester,

PAO — Polyalphaolefin,

PAG — Polyalkylenglycol,

PAO FG - Polyalphaolefin for Food Grad
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3 Requirements for
Lubricants

Compressor

The requirements for compressor lubricants are first
defined by the compressor design, followed by the
application and associated working conditions.
Most commonly used compressor types are screw,
vane and turbo compressors (lubricating of bearing
and valve, cooling, sealing — low viscosity) and
reciprocating compressors (lubricating of bearing,
piston, cylinder and valve — higher viscosity).

This also leads to different requirements regarding
the performance and formulation of the lubricant.
While temperature stability for screw compressors is
not a major concern (operating temperature around
80-90°C), the same can be a key selection criterion
for reciprocating compressors with temperatures
higher than 200°C.

Besides general material compatibility, the
compatibility/solubility with gas is an additional
challenge. Depending on working condition
behaviors like pour point (for low working
temperatures), oxidation stability and air release (for
air compressors and high oil temperatures),
demulsibility (water contamination), corrosion
protection and foaming characteristics could be
important as well. Specialty additives, e.g. for anti-
wear, are typically used for longer service life of
compressor components. However, if the
compressor system also has gears to be lubricated
with the same oil, it is essential to make a reasonable
compromise between wear resistance and the risk of
residues and deposits when selecting the appropriate
lubricant.

All these parameters can also be influenced by the
choice of basestock technology.

4 Basestock Technologies for
Compressor Lubricants

Depending on the application and its requirements
all present basestock technologies have a reason to
exist and may legitimately coexist because of their
individual suitability for specific purposes.

Following the steadily increasing requirements for
lubricants, synthetic based products present a
preferable option in most cases.

General attributes of synthetic compressor lubricants
are:

o Outstanding oxidation and thermal stability
which enable an extended product life time
and reduced drain intervals (mineral oil
based compressor oils: 1.000 — 2.000 hrs
vs. synthetic lubricants with up to 10.000
hrs)

o Low evaporation loss which means lower
oil consumption
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o Lower coking tendency which leads to
reduced sludge, deposits and varnish and
therefore results in lower maintenance costs

o Excellent air release which means higher
compressor efficiency and suitability for
high pressure application

o High corrosion protection which means
longer compressor / equipment lifetime

o Higher Iubricity and good viscosity
temperature behavior which means higher
efficiency and reduced energy cost

o Higher flash point which means improved
safety due to higher auto ignition
temperature

4.1 Mineral Oils

Mineral oils are the most commonly used basestock
technology in the global lubricant industry. The
technology is well proven, product costs are lower
compared to synthetics and most additives are
developed for these basestocks.

Advantages:

o Low lubricant price

o Compatible to most materials (elastomers,
paints, metals)

o Good additive solubility and response
o World wide availability

o Sufficient viscosity-temperature behavior
(V1 95-100)

o Contaminants and oxidation products are
removed out of the compressor with
frequent oil changes (typical drain interval
in air compressors =1.000 hrs)

Disadvantages:

o Frequent oil changes - meaning longer
down time and higher maintenance/labor
cost.

o Limited temperature working window
o Poor cooling
o Low temperature and oxidation stability

o Sludge or varnish formation at higher
temperature and pressure

Based on latest refinery technologies, new types of
mineral oils (called API Group II and Group III)
have established in the market. These compressor
oils are mainly used in air compressors and show
improved oxidation stability which enables longer
lubricant life time and a good viscosity-temperature
behavior. In some cases, the performance of the
products is close to those based on Polyalphaolefin
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(PAO) and their price is lower. However, solubility
of additives and oxidation products is worse
compared to standard mineral oils and therefore
problems with sludge and deposits can be observed.

4.2 Diester

There are many types of synthetic Esters available in
market. Based on their chemical structure and
quality, performance can also vary within a wide
range. Diesters are mostly used in special
applications.

Advantages:

o Wide temperature spectrum with pour
points, ranging from -50 to -65°C

o Resistance to carbon formation
o Less evaporation losses
o Low friction coefficient

o Excellent solvency and can remove
deposits

o Good temperature stability
o Good biodegradability

o Compatible with mineral oil and most
synthetic lubricants as well as with
different catalysts

Disadvantages:
o Dissolve paint

o More aggressive toward typical sealing
materials

o Low hydrolysis stability
o High price

4.3 Polyol Ester (POE)
Advantages:

o Wide temperature spectrum with pour
points spanning -30 to -70°C

o Resistance to carbon formation

o Excellent solvency and can remove
deposits

o Excellent temperature stability
o Long service interval
o Good biodegradability

o Compatible with mineral oil and most
synthetic lubricants as well with different
catalysts

Disadvantages:

o More aggressive toward typical sealing
materials
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o Hydrolysis stability in presence of water

o High price

4.4 Polyalphaolefin (PAO)

PAO based lubricants are similar to mineral oils
based on hydrocarbon structure. In general, it is the
most widely used synthetic basestock for lubricants.

Advantages:
o Very good overall lubricity

o Good thermal stability

o Compatible with most materials and
mineral oils

o Good water separation
o Excellent air release

o Good viscosity-temperature behavior (VI
150) with pour points below -40°C

o Longer oil change intervals (typical drain
interval in air compressors = 6.000-8.000
hrs)

Disadvantages:

o Limited ability to dissolve additives and
oxidized byproducts which could cause
deposits and varnish at high temperatures
(this can be overcome by adding a small
amount of Ester to the formulation)

o Tend to shrink seals
o Poor lubricity

o High price

4.5 Polyalkylene Glycols (PAG)

Lubricant performance and properties of PAGs
depend on the structure and monomers used. Thus, a
wide range of different types and individual
properties exist.

Advantages:
o Less evaporation losses (lower oil

consumption)

o Excellent friction coefficient (reduced
power consumption)

o Wide working temperature window (VI up
to 280)

o High temperature and oxidation stability
(higher pressure and working temperature)

o High load carrying capacity (reduced
wear)

o Reduced gas solubility especially with
hydrocarbon based gases

o Cleaning effect which reduces the risk of
deposits and varnish
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o Longer oil change intervals (typical drain
interval in air compressors = 8.000-10.000
hrs)

o Excellent cooling

o Good biodegradability

Disadvantages:

o Depending on the respective type, the PAG
can attract water (condensate separation is
typically difficult) (Figure 3)

o Incompatible with some paints, plastics,
metals and elastomers as well as mineral
oils and PAO

o High price

Plurasafe CL
$0% in H20
CL160087

Figure 3: Water-soluble compressor oil with
contamination of 10% to 50% of water

5 Outstanding
Polyalkylene
Compressor QOils

Advantages of
Glycol based

An important group of basestocks for compressor
lubricants are Polyalkylene Glycols (PAGs).

Generally, the type of compressor determines what
lubricants to choose meaning viscosities and type of
additives can be different. Also, properties of gas
also have an important influence on the selection of
the appropriate lubricant due to a gas’ solubility

5.1 PAG based Lubricants for Air
Compressors

If you are looking for PAG-based compressor
lubricants, there are products for air compressors
available in the market with life times of more than
10.000 hrs (up to twice the life time compared to
conventional synthetic lubricants) and leading wear
protection. Beside general advantages, outlined in
chapter 4.5, PAG based air compressor oils may
prevent varnishing of critical components which
reduces the need for frequent in-line filter change
and prevents the drain of clogged condensate. These
lubricants have a better cooling efficiency, delivered
by an ultra-high thermal conductivity value which is
about 10% higher than that of PAOs, and enable
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compressors to run more efficiently in high-ambient
temperature environments. With a high flash point of
272°C, which is higher than most PAO’s, Diesters or
other synthetic lubricants, the operational safety will
be also enhanced.

5.2 PAG based Lubricants for Gas
Compressors

The increasing global demand for gas production,
transport and storage especially of hydrocarbon
gases like Methane, Ethene, Propane, LPG, Ethylene
or Propylene requires increasingly sophisticated
equipment. Better efficiency, lower power
consumption, increased uptime, reduced
maintenance, higher pressure and temperature
resistance are some important aspects here. Only
PAG-based compressor lubricants, specifically
formulated for hydrocarbon and chemical gases
where the crankcase and bearings operate in a gas-
filled atmosphere, can satisfactorily fulfill these
requirements.

Under these operating conditions the gas is readily
soluble in mineral oil lubricants, which upon dilution
suffer a significant drop in viscosity and lubricant
performance. The reduction of viscosity
significantly affects the lubricity and wear protection
(Figure 4).

The problem can be overcome by using special PAG
based compressor lubricants in which the gases are
much less soluble. These products are particularly
suitable for marine service on vessels carrying
specialty liquefied gases. Due to less solubility of
many gases PAGs can be used for multi-gas service
for a wide range of gases including vinyl chloride
and butadiene.

An extended lubricant life enables longer drain
intervals and reduced maintenance.
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Figure 4. Viscosity loss caused by gas solubility -
PAG based compressor oil versus mineral oil

The lubricant does not promote the dimerization of
butadiene or generate solid deposits. The cleaning
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effect of PAG based compressor oils on one hand
can clean the system from old sludge caused by
using mineral oils. On the other hand, filter life time
may be reduced at the first running hours, when
changing from mineral oil to PAG based compressor
oil (Figure 5).

Figure 5: Heat exchanger before and after changing
to PAG based compressor o0il

6 Applications for Polyalkylene Glycol
Compressor Lubricants

Most common applications for PAG compressor
lubricants are screw and reciprocating compressors
in the following fields:

o Marine service on vessels carrying
specialist liquefied gas cargoes

o Production, storage and transportation of
natural gases

o Refineries
o Chemical industry
o Oil field gas re-injection

o Petrochemical industry: GTL (Gas-To-
Liquid) production

o Compression of chemical gases prior to
reaction

o Refrigeration drying of natural gas
o Compression and production of LPG

o Compression of natural gas for automobile
fuel

o “Down hole” re-injection of well gas to aid
extraction of crude oil

o Natural gas transportation (pipeline and
ship)

o Production of LDPE (Low-Density-Poly-
Ethylene) in Hyper-Compressors up to
3.500 bar.

Based on three field experiences we will
demonstrate the advantages of PAG based
compressor lubricants.
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6.1 Screw Compressor for Natural Gas

The screw compressor is part of the compression
equipment for natural gas associated oil exploitation
and crude natural gas (Figure 6).

—
AR A

Fig. 6 Equipment for natural gas compression,
containing screw compressor (Source: Comoti?)

o Type of compressor: screw CF 180 GK
o Pressure suction side: 0,7-2 bar

o Temperature suction side: 3-25 °C

o Pressure discharge side: 10-26 bar

o Temperature discharge side: 70-90 °C
o Gas volume: max 35.000 Nm3/day

o Oil temperature: 60-85°C

o Oil pressure: 6-23 bar

o Oil flow: max 150 I/min

o Oil volume: 370 L

The customer switched from a mineral oil based
product to PAO based lubricants three years ago
with the aim to increase lubricant life time. The PAO
caused problems because natural gases are soluble
with PAO as well as mineral oil and the solubility
further increased with increasing pressure.

Viscosity loss after a short period of operation is the
result of the gas’ solubility. This can cause high wear
and high temperature in the compressor.

The specific goal was to have a longer oil change
interval of 8.000 hrs and better a lubricity.

In close cooperation with the compressor
manufacturer (COMOTI) and the customer, a field
trail with a PAG based compressor oil was
conducted.

After analyzing all materials for compatibility with
PAG (only one sealing -PU- needed to be changed)
and an intensive flushing procedure, one compressor
was changed to special PAG based compressor oil
(VG 100).

After more than 8.000 hrs, the oil today is in very
good condition. Especially the viscosity is within
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fresh oil limits compared to the previously used PAO
based product which showed a dramatic decrease
from 100 to 18 mm?/s after 3.000 hrs.

Based on these results and experiences, the customer
is changing additional compressors to the PAG
based compressor oil.

6.2 Reciprocating Compressor for
Liquefied Natural Gas (LNG)

The increasing use of natural gas as an energy source
has created an increasing demand for storage and
transport of LNG. Ocean-going vessels, fueled by
LNG, use compressors for various requirements.

Also for this application, the gas solubility of the
compressor oil is an important factor. Therefore,
some compressor manufacturers prefer lubricants
which are non-miscible with hydrocarbon gases.

At typical pressures of 300 bar, the viscosity losses
caused by gas solubility when using mineral or PAO
based lubricants will have a significant effect on
lubricity and wear protection.

An additional challenge is the dissolving of oil in gas
at critical temperature/pressure conditions.
Dissolved oil will fall out when gas expands
(pressure/temperature drop). At higher pressures,
equilibrium of dissolved oil in gas increases with
increasing pressure. This effect intensifies when
using mineral oil and hydrocarbon base stock with
an affinity for natural gas such as PAO because of a
high saturation in natural gas.

The only way to solve this and to reduce the high oil
carryover from compressor outlets is using a PAG
based compressor oil (Figure 7).

An example where this effect plays an important role
is the new dual fuel propulsion systems for LNG
Carriers (Figure 8). The “Boil-off Gas”, which is
burned in a gasification unit before, is now used as
the fuel of the diesel engine. Therefore, a
reciprocating compressor converts the gas
(Methane) to a higher pressure. The gas which is not
used as fuel can flow back into the cargo tank via the
reliquefaction system. This combination increases
the delivery volume of cargo, reduces emissions
compared to standard fuel and opens the door for
alternative propulsion systems.



by: Henrik Heinemann — BASF

Boiling curve of Propane in Plurasafe CL Gas 9 (VG100) vers. Mineral Dil

Total Fressure, p/bar
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Mass percentage Propan, wi{glg)

Figure 7: The content of gas within oil is much lower
with PAG based lubricant (Plurasafe CL Gas 9)
compared to mineral oil

Figure 8: LNG Carrier «Creole Spirity (Source:
Burckhardt Compression)

6.3 Hyper-Compressors for Low-
Density-Poly-Ethylene (LDPE)

Finally, LDPE compressor lubricants specifically
formulated on Polyalkylene Glycol are used in
hyper-compressors with up to 3.500 bar.

PAGs are much less soluble in ethylene than in white
oils or polyisobutylene.

That brings two essential advantages:

o Viscosity reduction due to dissolving of
ethylene in the lubricant is minimized.

o Lubricant is less likely to be removed or
washed from the plunger running zone.

PAG-based compressor lubricants have a superior
load carrying and lubricant performance compared
to white oils and polyisobutylene. This means:

o Minimized wear on plunger and packing.

o Typical life time figures for packings
confirmed by end-users are in the range of
20,000 — 40,000 hrs.

Polyalkylene glycols have relatively flat pressure-
viscosity characteristics compared to white oil,
polyisobutylene and mixtures thereof. This means:
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= They flow more readily in the high-
pressure lubricant lines of the compressor

=  Are much less likely to solidify in the lines
at lower temperatures.

Special additive technologies inhibit the pre-
polymerization. In some circumstances LDPE plants
using PAG-based Hyper compressor oils have
increased maintenance intervals by up to 50%.

7 Conclusion

Close collaborations between OEMs, end-users and
lubricant suppliers will be paramount in choosing
the most appropriate solution for each individual
compressor application. However, whether looking
at the traditional compressor applications and new
technologies, or discussing about efficiency, costs
and environmental requirements - synthetic, and
especially Polyglycol-based, compressor lubricants
will be the technology of choice to meet and exceed,
both, current and future requirements.
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Abstract:

The fundamental working principle of sealing elements in the piston-rod sealing system in a reciprocating
compressor inevitably leads to wear of the packing rings. While packing rings are designed to maintain
their sealing efficiency as far as possible as they wear away, too much wear will ultimately lead to a loss
of sealing efficiency.

Due to the paramount importance of ring wear for the reliable, economic, and environmentally sound
operation of reciprocating compressors, it has become common to measure wear using tribological test
rigs. In such a rig, a defined load presses the specimen against a counterface of known characteristics
that moves relative to the specimen. Such wear tests provide valuable insight into the wear resistance
of packing ring materials under various tribological conditions. However, it is impossible to extrapolate
from the test results to the evolution of packing ring wear in real-world compressors.

To bridge this fundamental gap, this paper presents a model that allows us to calculate how a packing
ring wears away under the load created by a prescribed pressure differential. We compare calculation
results with experimental data from purpose-designed test rigs.
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1 Introduction

The piston-rod sealing system is one of the
performance-determining  components of a
reciprocating  compressor. The fundamental
working principle of such a sealing system
inevitably leads to wear of its individual elements
(packing rings) and blow-by leakage. As a result,
operating reciprocating compressors in an efficient,
reliable, and environmentally friendly manner may
pose a significant challenge to the packing rings,
especially in non-lubricated services.

Even though packing rings are designed to
compensate for wear, too much wear will in the end
always lead to unacceptably high leakage rates. The
extent to which a loss of sealing efficiency can still
be regarded as acceptable depends on several
factors, such as whether high packing leakage poses
a danger to operators, results in uneconomically
high gas losses, or causes environmental issues.

Given the predominant role of ring wear in the
reliable, efficient, and environmentally sound
operation of a piston-rod sealing system, it comes
as no surprise that extensive tribological testing has
become common in the industry. Such testing
ranges from standardized tribotests to runs on fully
instrumented compressors. Whereas the former
allow for systematic comparisons of different
materials in a more or less repeatable manner, the
latter provide more insight into how a material can
cope with the specific load collective the sealing
rings in a real pressure packing face. However, this
deeper insight comes at a cost. On the one hand,
such compressor runs are typically not only more
time-consuming but also more expensive than
simple material tests. On the other hand, it is very
difficult to keep track of all the variables that may
affect the final wear pattern.

This paper presents a simulation-based approach
that attempts to bridge the gap between
experimental data derived from tribotesting and
experience of ring wear in real-world compressors.
The model provides genuine insight into how ring
wear evolves over time, and the influence of the
accompanying  stresses, strains, and contact
pressures.

2  Problem formulation

The way and the rate at which a packing ring wears
away will in general depend on:

e the geometry of the ring,

e the mechanical loads — in essence the gas
pressure differential across the ring;
special attention has to be paid to the gas
pressure distribution across the dynamic
sealing surface (i.e. the rod contact
surface),

e the contact between the ring, the
reciprocating rod and the packing cup
face,

e the material behavior, and

e the wear behavior.

This paper considers and compares two well-known
packing ring designs: the radial-tangential (RT)
ring pair and the balanced cap design (BCD) ring.
Figure 1 shows the main inputs to the simulation
model in the case of a BCD ring.

==
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B no contact W contact
Figure 1: BCD ring simulation-model ingredients.
Left column: view from cylinder (high-pressure)
side. Right column: view from crank (low-pressure)
side. A) BCD geometry: the simulation is based on
one quarter of the ring, here shown opaque. B) Gas
pressure contours. C) Contact configuration.

2.1 Ring geometry

Packing rings are typically of segmental type to
compensate for wear. A well-known example is the
RT ring pair where a radially and a tangentially cut
ring, each one consisting of three segments, work
together to create a single-acting seal. In contrast to
this two-ring design, the recently developed BCD
1. . . L

ring is a one-ring design that consists in total of
four segments. This paper looks at both ring
designs. The RT ring pair considered here has a
total axial width of 10.1 mm and an outer diameter
of 74 mm. The BCD ring is 8 mm in axial width
with an outer diameter of 73 mm.

2.2 Gas pressure loading

A pressure packing consists of a series of packing
rings, each ring held in a separate “cup”. The way
in which the cylinder pressure falls to (in general)
ambient pressure across these packing rings, i.e. the
cup pressure distribution, depends on the
relationship between differential gas pressure and
gas leakage for each ring.

Whereas piston rings have a defined leakage gap,
packing rings are designed to be gas-tight and have
no defined leakage gap. The leakage rate is
therefore not necessarily proportional to the
differential pressure across the seal. Contrarily, due
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to the “self-energizing” working principle where
the sealing effect arises from the pressure drop,
leakage may even go down when the pressure
differential goes up .

To study the cup pressure distribution we run a
straightforward labyrinth-seal simulation for a
series of packing rings where leakage does not rise
in proportion with the differential pressure. This
reveals that the first ring on the high-pressure side
typically seals the “dynamic” pressure component,
i.e. the difference between the instantaneous
cylinder pressure and the suction pressure. The last
ring typically takes most of the remaining “static”
pressure component. i.e. the difference between the
suction and — in general — ambient pressure. This
agrees with experimental observations °. For what
follows, it suggests that we only need to consider
the case in which a packing ring wears away under
the action of a constant gas pressure differential
Apg = py — p,, where p, = 1 bar.

Each ring in a packing seals against the piston rod
and the face of the packing cup. The gas pressure
differential forces the ring against these sealing
surfaces, thereby giving rise to a certain contact
pressure distribution pc in those areas. The rate at
which material wears away is in general
proportional to both the local contact pressure pc
and the speed of the rod, v. Determining how p¢
varies along the dynamic sealing surface is
therefore of paramount importance.

For the purposes of this analysis the contact
pressure is assumed to vary continuously along the
nominally flat sealing surfaces. This is despite the
fact that in the microscopic view the contact
pressure varies tremendously, being nonzero only
in localized contact spots and vanishing everywhere
else. Although this microscopic variation will be
disregarded in the subsequent analysis, the presence
of microscopic asperitiecs has an important
consequence: it leads to gaps through which gas
can leak under the action of a gas pressure
differential. On the macroscopic scale the two-
dimensional variation of this gas pressure pg along
the sealing surfaces is, to a good approximation,
governed by *:

Vipg =0 ey
where V denotes the nabla operator.

2.3 Wear model

We use the simplest possible wear model, the
4 .
Archard * wear equation:

dw

5 = kpev @

Here the wear rate dw/dt varies linearly with the
contact pressure pc and the relative sliding speed v
via a wear coefficient k.

2.4 Material

The rings are made from polytetrafluoroethylene
(PTFE) filled with short glass fibers and carbon
particles. For the subsequent simulation this
material is modeled as an isothermal Hookean body
with a Young’s modulus E of 1400 MPa and a
Poisson’s ratio v of 0.4.

Note that this material grade is typically used for
applications that are non-lubricated but not bone-
dry. In bone-dry atmospheres this grade wears at a
rate that is unacceptable in real-world applications
but useful for accelerated wear testing.

3 Numerical implementation

The calculations are performed with the
commercial finite-element software package
ABAQUS. Additional user-defined subroutines
coded in FORTRAN, and PYTHON scripts, are
used for the wear calculation.

3.1 Geometry and contact

The packing cup face and the piston rod are
modeled as rigid bodies that do not wear away. The
rod diameter is 50.8 mm (2") and the packing case
bore is 52.8 mm.

We take advantage of the quarter-symmetry of the
BCD ring to reduce the size of the model. A new
BCD ring has a wear gap of 6 mm between the
circumferential ends of the sealing segments. The
model therefore includes an artificial rigid stop in
the symmetry plane of the cap segment to account
for the wear stop. In a new RT ring pair, both the
radial and the tangential ring have three wear gaps
of 3 mm.

For all rings, the garter spring groove is modeled
with a rectangular profile for ease of meshing with
C3D8 and C3D6 elements. These linear element
types have 8 and 6 nodes respectively. All contacts
are frictionless “surface to surface” contacts. As a
consequence, special care has to be taken to avoid
rotation of the radial and tangential ring segments
around the rod. This is done by adding artificial
spring elements. The springs, of stiffness
10* N/mm, are placed on the outer diameter, acting
only in the circumferential direction. To detect any
artificial effects on the calculation the springs are
distributed non-uniformly (Figure 2).
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Figure 2: RT ring pair showing positions of the
artificial springs that prevent the segments from
rotating.

3.2 Loads

During compressor operation the gas pressure
differential presses the ring against the cup face and
the rod. The effect of the garter spring on the
contact pressure pc is so small that it can be
neglected. The loads are applied as surface loads.
The gas pressure distribution across the dynamic
sealing surface is first determined by solving
equation (1) in a sub-calculation and then mapped
back into the wear calculation using the user-
defined subroutine DLOAD.

3.3 Wear

Archard’s wear equation (2) is implemented into
the FORTRAN-based user-defined subroutine
UMESHMOTION with a mean rod speed v =
1.19m/s and a wear coefficient k=7.2"
1077 mm?/(MPa m). The contact pressure, which
changes due to wear, is updated every increment.
UMESHMOTION allows us to move nodes and
thus reduce the element size without giving rise to
any stresses or strains. The subroutine runs once in
every increment to calculate the local displacement
representing the wear of each node.

Moving only the nodes that are in contact with the
rod limits the total computable wear to an element’s
linear dimension. To overcome this limitation we
use a “wear box”. Within the wear box an arbitrary
number of nodes within the body of the ring move
in proportion to the wear of the contact nodes
(Figure 3). A detailed discussion of the wear box
can be found in °.

The wear during a single stroke is so small that it
does not have to be resolved on this timescale —
instead, the mean rod speed is used.

Wear takes place in a direction normal to the
contact surface. The wear algorithm also takes into
account whether a node is placed on a corner or an
edge. These nodes will create geometrical
incompatibility problems if they do not move
within the adjacent surfaces; Rezaei et al.t gives
more details.

. _~77) wear box

initial
Figure 3: The “wear box*".

3.4 Calculation scheme

The packing ring is loaded after setting up the
model, ie. defining the model geometry, an
appropriate mesh, the material parameters, the gas
loads (p; and p,), and the contact pairs. The gas
pressure distribution over the dynamic sealing
surface is calculated in a sub-calculation using the
dynamic sealing surface geometry of the loaded
structure. After mapping this gas pressure
distribution back to the ring’s dynamic sealing
surface, the equilibrium state is solved for and the
wear calculation starts in incremental steps. After
several wear increments the wear calculation stops
and the submodel updates the gas pressure
distribution in the dynamic sealing surface of the
worn packing ring configuration. This scheme is
repeated until the defined wear time is reached
(Figure 4).

[ create geometry model
/ specifiy
parameters
X and names

load the structure

I

create an .IIII“U ﬁ]{‘.

prepare the “wear box”

find the neigh-
bor nodes

—

; neighbor
—* for the pressure i
e ; node list
distribution calculation
run the prossure extract pressure
distribution calculation values for each node
create an input file for [ pressure /"l
the wear caleulation | / value list /
run the wear *—‘
caleulation [
P i i -\-\\'\
- " I =
I _tut al wear b ABAQ[.. e
o . time reached -~ calenlation
. PYTHON
yes I i seripts

r
postprocessing }

L

Figure 4: Calculation scheme.
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3.5 Verification of numerical algorithm

The wear-simulation algorithm was verified by
applying it to a simplified configuration for which
an analytical solution can be obtained °.

4 Simulation results

The evolution of wear and frictional force with
wear time is calculated for an RT ring pair and a
BCD ring.

4.1 Frictional force

The frictional force between rod and ring has to be
overcome during operation of the compressor,
manifesting itself in higher power consumption and
frictional heating of the packing rings and the rod.
Depending on the amount of frictional heat released
and the efficiency with which it is transferred away,
the rod and the rings may reach temperatures that
significantly reduce the lifetime of the packing
rings.

The dry sliding friction between ring and rod is
calculated by assuming it to be of Coulomb type
with a constant coefficient of sliding friction.
However, in the simulation all contacts are modeled
as frictionless. The local contact pressure pc as
calculated from the frictionless model is therefore
converted into a local shear stress via the
coefficient of sliding friction. Integrating the shear
stress over the dynamic sealing surface yields the
frictional force.

Figure 5 shows how this calculated value (in the
rings’ virgin states) varies with applied gas pressure
differential for a BCD ring and an RT ring pair for
a coefficient of sliding friction 4= 0.19 (as
experimentally determined, cf. section 5.1.1). The
BCD ring shows a 39% lower value than the RT
ring pair.

1 400

—-— RT
1200 |—=BCD

1000

800

GO0

frictional force (N)

100

200

0 20 40 60 80 100
sealed pressure differential (bar)
Figure 5: Variation of calculated frictional force
with sealed pressure differential for an RT ring pair
and a BCD ring, assuming a coefficient of sliding
friction of 0.19.

With both the local wear rate and the local
frictional shear stress being proportional to the local

contact pressure, the frictional force may be
regarded as a proxy for the total wear rate. Its value
will in general vary with time due to the loss of ring
material, even when the coefficient of sliding
friction does not change. (The latter assumption
disregards any bedding-in phase during which the
formation of a transfer film results in a different
tribology.)

Figure 6 shows the variation in frictional force due
to wear for an RT ring pair and a BCD ring at a gas
pressure differential Apg = 30 bar. At first, the
frictional force falls at roughly the same rate for the
RT and the BCD rings until the tangential ring
segments of the RT ring pair start to touch one
another. The individual wear gaps of the tangential
ring do not close at exactly the same time because
of the non-uniform distribution of the artificial
springs. The first wear gap closes after 8.7 days, the
second after 10.4 days, and the last after 10.9 days
(A, B, and C, respectively, in Figure 6). After about
16 days the wear rate for the tangential ring reaches
a low and steady value. This happens when the
wear gaps in the tangential ring have fully closed,
transforming it essentially into a solid (uncut) ring
in which bending stresses significantly reduce the
contact pressure.

The BCD’s wear gaps close after 31.8 days. The
BCD ring has a total wear-gap length of 12 mm,
whereas the two RT rings have only 9 mm each.
Nevertheless, it takes the BCD ring nearly three
times longer to reach its wear stop. Note that
reaching the wear stop oftentimes leads to higher
ring leakages in real-world applications.

Figure 7 and Figure 8 show how the contact
pressure varies over the dynamic sealing surface for
an RT ring and a BCD ring after one day and ten
days.

400 4,

T

0 5 10 15 20 25 30
time (day)

Figure 6: Variation of calculated frictional force
with wear time for an RT ring pair and a BCD ring.
The wear gaps of the tangential ring do not close
simultaneously but one after the other (A, B and C)
due to the non-uniform positioning of the artificial
springs built into the model.
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S0

G

0
Figure 7: Contact pressure distribution for RT ring
pair after 1 and 10 days.

Figure 8: Contact pressure distribution for BCD
ring after 1 and 10 days.

4.2 Wear

4.2.1 Worn configuration

Figure 9 and Figure 10 depict the virgin and worn
states of an RT ring pair and a BCD ring. It takes
the RT ring pair 10.9 days to reach the wear stop of
its tangential ring, at which point the BCD still has
3.5 mm of wear gap left. For the BCD an additional
worn configuration is shown at 34.5 days, when the
wear gap is fully closed.

I tangential ring

radial ring

wear gap
radial ring

wear gap
tangential ring

Figure 9: RT ring pair in virgin (left) and worn
(right) states after 10.9 days of wear time. Viewing

direction: from head to crank end (top) and from
crank to head end (bottom).

o cap segment g sealing segment

AN
o

90°
oo

1/2 wear ga

90°
vt

worn 34.5 days

virgin
Figure 10: Quarter of BCD ring in virgin condition
(left), after 10.9 days (middle), and after 34.5 days
of wear time (right). Viewing direction: from head
to crank end, high-pressure side (top) and from
crank to head end, ambient-pressure side (bottom).

worn 10.9 days

4.2.2 Wear pattern

To give a better picture of how the loss of material
varies along the dynamic sealing surface, in what
follows we show the accumulated wear in the
deformed state. For the difference between
accumulated wear in the deformed and undeformed
states refer to °.

Figure 11 shows the wear patterns of both ring
designs after 10.9 days. The tangential ring
segments wear in a way that is decidedly non-
uniform in the circumferential direction. The wear
is also asymmetric: for instance, maximum wear of
the tangential ring occurs not at 30° but at 23°
(Table 1). In accordance with field experience, the
tangential ring wears much faster than the radial
ring.

The BCD ring also wears non-uniformly, but the
wear is symmetrical. The highest wear on the
sealing segments occurs near their ends, in the
circumferential direction, where they are loaded by
the cap segment. The wear in the middle of the
sealing segment (0° in Figure 11) is approximately
half of that. The cap segments wear less since they
are supported by the sealing segments, while the
mean gas pressure over their dynamic sealing
surfaces is higher (Figure 1).

Table 1 shows the circumferential position at which
the components of the BCD ring wear fastest (see
Figure 9 for the coordinate system). For the radial
and tangential rings the table shows the first
maximum in the positive circumferential direction.
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Figure 11: Wear pattern of the RT ring pair (top)
and the BCD ring (bottom) after 10.9 days of wear-
time.

Table 1: Position of the wear maximum for each
ring segment after 10.9 days.

ring segment position (°) wear (mm)
radial 89 0.481
tangential 23 1.72
cap 90 0.750
sealing 64 1.09

4.2.3 Wear volume

The total wear volume of the BCD ring after
10.9 days is 42 % lower than the total wear volume
of the RT ring pair. This matches well with the
difference in the calculated frictional forces (39%,
Figure 5) and shows the correlation between
frictional force and loss of material.

— BCD

0.05 +

relative wear volume (-)

time (day)

Figure 12: Relative wear volumes of radial ring
(R), tangential ring (T), and BCD ring.

Simulation allows us to track how the wear volume
changes over time. Figure 12 shows the wear
volume relative to the rings’ initial volumes. When
the wear gaps of the tangential ring close (10.9

days) the structure becomes stiffer. This results in a
drop in the contact pressure (Figure 6) and hence
the wear rate.

5 Comparison of simulation results
with experimental data

5.1 Frictional force

A purpose-designed test rig was used to determine
the coefficient of friction between ring and rod and
to measure the frictional force exerted by a
pressure-loaded packing ring. The test rig
comprised a rod and a pressurized packing
consisting of a T-cup and flanges. Both were
mounted on a standard tensile testing machine so
that the rod could be moved vertically through the
packing while monitoring the pull-off force
required to move the rod at constant speed.

The rod (@ 50.8 mm) was made from 1.4021 steel,
coated with tungsten carbide (TC/Co/Cr, 86/10/4),
finished to a roughness of R, = 0.3 + 0.05 pm so
as to comply with industry standards. The packing
was mounted on three pillars allowing the rod to
travel a stroke of more than 250 mm. The test setup
was located in a climate-controlled (20°C)
laboratory. Data for each measurement of frictional
force was recorded over at least 10 strokes (5 up
and 5 down) and averaged over all the strokes,
excluding data points measured within 10 mm of
the end of the stroke.
1 pull-off force

rod

A

cups with rings
pressure inlet

- E ]
Figure 13: Test rig for determining the coefficient

of sliding friction and the frictional force of a
packing ring.
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5.1.1 Coefficient of sliding friction

To determine the coefficient of sliding friction
between the PTFE compound and the tungsten
carbide coated rod a specially designed 20-piece
ring was used. For such a multi-segment ring, the
contact force at the inner diameter of each segment
depends only on the load applied by the garter
spring and not on the stiffness of the material.
Thanks to this simple relationship the coefficient of
sliding friction can be easily derived from the value
of the measured pull-off force and the rod’s weight.

Figure 14: 20—piece.ring mounted on the rod of the
[riction test device.

Ring and rod were carefully cleaned with ethanol to
remove any grease, oil or other contamination
before each test. The ring segments were spaced
equally around the rod and fixed by garter springs
of known stiffness (Figure 14). The ring was placed
in one of the packing cups, the rod moved at a
prescribed speed, and the rod’s pull-off force
measured with a 500 N load cell.

The coefficient of sliding friction was found to be
0.190 for the PTFE compound sliding against a
tungsten-carbide coated rod with a relative speed of
500 mm/min.

5.1.2 Frictional force of BCD ring

The frictional force of the BCD ring was measured
by placing two such rings into the T-cup. To
measure the frictional force created by the tension
in the garter spring, the first test was run with no
gas pressure applied. Subsequent tests were done
over a range of applied pressures, each test
measuring the frictional force averaged over several
strokes. The frictional force was found to vary
linearly with the applied gas pressure differential.
Figure 15 shows the results and confirms their
excellent agreement with the simulation results.
This proves the validity of the assumptions
underlying the simulation model.

100

® TC rod 500 mm min !
-k numerical simulation
80|
3
£ 60|
=
=
5 40| ®
é
L ]
20
ol
0 2 4 6 8 10

gas pressure differential (bar)
Figure 15: Variation of frictional force with gas
pressure differential for a BCD ring, showing both
experimental data and simulation results.

5.2 Wear

5.2.1 Determination of wear coefficient

The wear coefficient k (Equation2) was
determined using a linear reciprocating pin-on-flat
test rig. The metallic counterface was a plate of
1.4021 grade steel, 4 mm thick, coated with
tungsten carbide and finished to a mean roughness
of R, = 0.3 £+ 0.05um with a cross cut.

The steel plate moved through a stroke of 50 mm at
a frequency of 10 Hz, giving a mean relative sliding
speed of 1 m/s. The contact pressure was 1 MPa,
and the temperature was 80 °C. The measured wear
coefficient was 7.2 - 10~7 mm*/(MPa m).

5.2.2 Wear on packing ring tester

Ring wear was created using a specially-designed
packing test rig (Figure 16), and measured via
precise 3D scanning.

The rod in the test rig is 50.8 mm (2") in diameter
and has a stroke of 98 mm. It is coated with
tungsten carbide (TC/Co/Cr, 86/10/4). The rod is
hollow, allowing compressed air to be blown inside
through a lance to provide cooling. Two BCD rings
are held in a water-cooled T-cup surrounded by two
flanges.

The cup pressure and the total ring leakage were
measured by a pressure sensor and a mass flow
meter, respectively. The temperature of the packing
case was measured at four positions using type K
thermocouples. The rod surface temperature was
measured by a pyrometer looking through a quartz
window in the sealing chamber.

Before and after each wear run, the precise
dimensions of the rings were recorded by a 3D
coordinate measurement machine. Figure 17 shows
the resulting wear pattern for a BCD ring sealing
bone-dry nitrogen at 29.8 bar for 359 h (15 days)
with a mean rod speed of 1.19 m/s.
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Figure 16: Schematic representation of the wear
test rig.

angle (°)
Figure 17: Wear depth measurements (mm) for a
BCD ring after 359 h runtime.

The black rectangles in Figure 17 indicate the area
over which measurements were taken, while the
dashed lines show the total contact areas. Table 2
shows the volumes of material lost from each
section of the BCD ring, extrapolated from the
measured areas to the total contact area.

Table 2: Measured wear volumes for a BCD ring
after 359 h runtime.

total wear volume
(mm?®)
Sealing segment 0° 368
Cap segment 90° 80
Sealing segment 180° 398
Cap segment 270° 76
Full BCD ring 921

These measurements are in good agreement with
the simulation results — 92 mm?® for the cap
segment, 466 mm*® for the sealing segment —
corresponding to a wear time of 15 days.

Since the wear pattern does not change appreciably
along the axial direction (Figure 11 and Figure 17),
we can compare simulation results and
measurements at two defined axial positions, as
shown in the top part of Figure 18: Position A,
6.44 mm and Position B, 2.08 mm from the cup
face, respectively.

axial height (mm)

270 0 0 180
angle (%)

1 —s—cxperiment

w— simulation

P

Jd
270 0 90 180 270
angle (%)

1.4 r al
1.2} |
0.8+ |

0.6}

wear (mm)

—s—experiment
B m— simlation
oL .

270 0 90 180 270

angle (%)
Figure 18: Calculated and measured wear for a
BCD ring. Top: Ring sealing surface showing axial
locations A and B at which the comparisons are
made. Middle: Position A, representing the cap
section of the BCD ring. Bottom: Position B,
representing the sealing segment section of the
ring.

The very good agreement between calculated and
measured results confirms the predictive power of
the simulation model.

6 Conclusions

This paper presents a simulation model for the wear
of packing rings in reciprocating compressors that
bridges the gap between standard laboratory wear
tests and real-world applications.

There is excellent agreement between measurement
and simulation for the sliding frictional force
between the packing ring and the piston rod. This
confirms correct modeling of the load experienced
by a packing ring at a given gas pressure
differential.

The current simulation uses the simplest possible
wear model — Archard’s wear equation — and the
simplest possible material model — a Hookean,
isothermal body. It nonetheless yields a wear
pattern that is in good qualitative agreement with
experiments, and in good quantitative agreement
too when we use a wear coefficient derived from
standard tribotesting.
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The simulation model sheds light on how the wear
of a packing ring evolves with time, and allows us
to keep track of all the other quantities of interest,
including contact pressures, frictional forces,
stresses and strains.

The simulation technique is flexible enough to
allow more elaborate wear and material models to
be added in the future.
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Abstract:

Among the most widespread lubrication systems on the market two types are most commonly used,
the “pump to point” and “divider block™ types, but further solutions can be developed according to the
specific application and customized to fit the user’s requirements.

This paper describes the solution applied to a critical application: retrofitting of the cylinder lubrication
system of five hydrogen make-up reciprocating compressors operating in the ENI Refinery in Taranto.
The criticality of the application was due to the high discharge pressure of the final stage of the
compressors (~200 bar-a) and the requirement to provide a fully redundant oil distribution system,
retaining the existing lubricator as a stand-by system as well as in automatic combined operation with
the new one. The applied solution included flow and pressure instruments installed at strategic points
of the system and management of the various signals to allow automatic switchover to the stand-by
pump or to the old lubrication system, in case of major problems. The few unexpected situations that
occurred at the startup of the compressors are also examined, as well as the subsequent investigations
that were performed using the supplied instrumentation, and the applied improvements that were the
result of the lessons learned. The experience showed how the presence of a redundant system and of
adequate monitoring and diagnostics makes it possible to achieve high safety levels, high availability
and optimized maintenance.
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1 Introduction

Cylinder and packing lubrication system is one of the
most critical item for the correct operation and
reliability of a lubricated reciprocating compressor.
What should be avoided is the poor lubrication and
the consequent premature wear of piston rings and
wear bands but, although maintaining proper
lubrication is essential, it is not always technically
simple and the injected oil quantity is very often
higher than necessary, with side effects on process
gas contamination, machine performance and
operating costs. The two most commonly used
lubrication systems currently on the market are :

e the “pump to point” system,
o the “divider block” system,

each of which has pros and cons.

The pump to point mechanism consists of a lubricator
system with a pump unit for every injection point;
each pump has its own pressure rating and size, and a
dedicated rocker arm system with a screw for
adjusting the stroke. The oil delivery is adjusted
individually and manually and can therefore be
approximate (often resulting in over-lubrication)
requiring technical time of setup and continuous
inspection by the operator. Moreover, usually the
only way to check and adjust the oil drip is by a sight
glass, the reliability of which often proves to be a
critical point in the system.

In the divider block (or divider valve) system, the
lubricant is pumped into a single input of the
"divider" and is spread volumetrically into a certain
number of outputs through the progressive movement
of the pistons in the elements arranged in sequence
(see Figure 1) 2:

INPUT

DIVIDER VALVE
ELEMENTS

OUTPUT
I——

OUTPUT I
et

OUTPUT | |
[

AR B = -

I

Figure 1: Divider valve section schematic

Each primary divider block outlet may lead to a
secondary divider, usually one for cylinder and, from
here, the oil flow is split again into smaller rates and
sent to all the points on the compressor to be
lubricated. The oil delivery is still adjusted by the
pump, so this system does not allow any adjustment
of the lubricant flow to the individual points either to
the individual cylinders, unless the replacement of
one or more elements respectively in a secondary or
primary divider valve. As a matter of fact, the
precision of the divider valve is entrusted to the
dimensional tolerance with which each block is made
and reliability cannot be guaranteed without an
adequate control and maintenance of the quality of
the oil and a system of properly designed alarms and
trips. Moreover, obstruction of only one of the
lubrication points can cause the whole system to shut
down, also causing the machine to stop.

This paper describes the realization of a completely
customized lubrication system aimed at overcoming
the drawbacks of the two existing basic mechanisms.
The adopted solution guarantees the intrinsic
accuracy of the divider valves, dispensing with the
approximate and inadequate adjustment of the drip
rates; it also avoids the possibility of a compressor
trip in the event of any critical issue, thanks to the
provision of an optimized instrumentation and control
system and of a redundant oil distribution
arrangement, both perfectly manageable, even
remotely.

The high pressure present on the last stage brought to
light a further criticality of the divider block system;
nonetheless, the intended instrumental equipment
allowed the issue to be resolved, creating a lesson
learned which must not be neglected in the future and
emphasizing the importance of redundancy, of the
proper instrumentation and of the monitoring system
for the success of the project.

2 Project scenario

This paper concerns the installation and testing of a
new lubrication system which was required for five
hydrogen make-up three-stage reciprocating
compressors, operating in the ENI Refinery in
Taranto.

The existing reciprocating compressors were
equipped with old pump-to-point systems, which
were starting to present recurrent problems, mainly
due to malfunctioning sight glasses: these elements
were periodically and randomly losing their vacuum,
with the result that the related pump units were not
able to draw the oil from the tank; therefore the
relevant injection points did not receive any oil,
making the compressor run partially dry. Each time
operators had to manually manage and force the
relevant pump unit to try and restore the operating
function. Finally, the end user decided to solve the
problem with a definitive solution, substituting the
existing lubrication system.
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Besides solving the sight glasses issue, the new The hydraulic pump is a piston type and, according to
system was also required to assure continuity of the particular requirements of the application, it is
lubrication and reliability, avoiding any unexpected designed for a relatively high operating pressure
shutdowns of the running compressor. (550bar). It is suitable for a wide range of viscosity
oils (10 ¢St + 460 cSt at 40°C) and it has high

3 The new lubrication system in detail reliability, requiring minimal maintenance.
3.1 Basic principle overview 3.2 Functional mechanical description
The new cylinder lubrication system is based on a The new lubrication unit, installed on an independent
combination of the old pump to point conception, rack near the compressor (Figure 3), is composed of
having more than one pump unit that allows us to the following main items:
adjust and optimize the oil flow to the single cylinder, - Oil tank;
and the divider block system, that has the capability
of splitting the lubricating oil into precise fractions. - 2 hydraulic pumps: one in operation and one on

) ] ] ) ) stand-by; each driven by an electric motor and fed
The oil pump is equipped w1.th three pump units (see by a line from the oil tank. The feed line of each
Figure 2), one for gach cylinder of the compressor pump is equipped with a 150pum filter, to prevent
that needs to be lubricated. solid particles from entering the pump and

£ compromising the proper functioning;
1 DIVIDER VALVES

accessory assemblies: one downstream of each
pump unit; they are clamped over the tank and each
equipped with a filter (10um cartridge rating) and a
3 STAGE R
[S{— pressure gauge / transmitter;

local control panel, with main warning lamps and
- = start/stop commands, installed on the rack;

divider blocks, downstream of each accessory
assembly and clamped on the compressor; each
block is equipped with an overpressure visual
indicator on every outlet, a visual flow indicator and
a flow transmitter.

1 STAGE
CcYL

- )
LOCAL ACCESSORY

CONTROL =~ | ASSEMBLIES
PANEL

P GAUGE
ELECTRIC

/ HEATER
7
> |—>
m:\nﬁw VALVE  FILTER
)

i OIL PUMPING
ELEMENTS

OIL TANK

Figure 2: New lubrication system principle schematic ‘ S TLET | O | inerune

Each pump element is connected to a divider valve
that splits the incoming flow into fractions and each
of them is injected into the relevant injection point.

In some applications the outlet flow of a single pump : , IN-LINE pUMP B
. . . . .. = IN-LINE PUMP "A" E =

is too high of a single cylinder therefore an additional = : 'é 2
line is provided to release the exceeding flow.

An accessory assembly, consisting essentially of a Figure 3: New divider valves lubrication rack
10pm filter, a pressure gauge and a pressure relief
valve, located between each pump element and the
related divider block, protects the divider block from
any impurities in the oil.

The compressor is equipped with three divider valves,
one for each cylinder, that work at the pressure value
corresponding to the stage. Each valve has as many
outputs as the injection points of that stage.
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When the pressure difference between the output
lines of the same divider valve exceeds a certain value
(typical prescription is DP > 70bar %), it is advisable
to install a balance valve on the lower pressure lines
in order to balance all output pressures and to ensure
accurate dispensing of the lubricant volume. In this
case recycle lines were provided on both 2™ and 3%
stage divider valves and, being the relevant outlet
lines at rather high pressure (120bar-g and 215bar-g
respectively), balancing valves were necessary on the
tank “recycling”" lines with a set value according to
the differential pressure to be faced.

3.3 Instrumentation and control logic

The system is
instrumentation:

provided with the following

- Electric heater, with a thermostat, on the oil tank,
with high temperature alarm and heater exclusion;

Level switch on the oil tank, with permissive signals
to the pumps to start, low level alarm and heater
switch off;

Pressure transmitters with high and very high
alarms upstream of the filter on the accessory
assembly to indicate the obstruction of the filter
when it needs to be replaced. In case the measured
pressure is lower than the expected, the running
pump automatically switches to the stand-by one.

PSV upstream of each 10um filter with a set value
slightly higher than the average pressure of the line
to be protected; it deviates the flow towards the oil
tank. The safety valve opens in the event of
overpressure or blockage of the divider block: in
this case, after a period of time (5 minutes) the
pumps are switched over. If the problem persists the
pumps switch again and if it still does not work, the
new lubricator switches off while the pump to point
lubricator starts working.

A pop-up indicator is provided on each element
outlet of the divider block in the event of
overpressure: if a divider block piston stops,
arresting the whole valve, a visual indicator signals
that the line needs to be reset.

A proximity switch with a low flow alarm is
provided on the divider block; if flow is very low,
the running pump automatically switches to the
stand-by one. If the problem persists even with the
other pump, the pumps switch again and if it still
does not work, the lubricator goes off while the
pump to point lubricator starts working.

In the event that both pumps are not allowed to run,
the existing lubricator is put in service.

The system supplied provides for the presence of two
reciprocally redundant divider block type systems,
plus the original pump to point system ready to go
into operation if the first two have problems; this
solution ensures delivery of Ilubricant at every

injection point, ensuring complete reliability of the
entire system and the machine (see Figure 4)

OUTLET FROM EXISTING
DIVIDER VALVE
CIRCUIT A PUMP TO POINT
LUBRICATOR
NEW

OUTLET FROM
DIVIDER VALVE
CIRCUITB

DIVIDER VALVES
ARRANGEMENT

Figure 4: Lubrication supply redundancy

4 Start up

The first control units to start operating were those on
the A, D and E machines, while machines B and C
were to start only at a later time.

The commissioning and setting up of the lubrication
system and the instrumentation was rather quick and
did not present any particular problems. The control
units had already been tested in the workshop by
means of the pressure test, but what represented the
unknown was the software part that was to integrate
the system only during installation in the field. The
software configuration took its time, but proved to be
successful for the management of the signals and the
logic.

4.1 Issues

An unexpected situation occurred at the start-up of
the compressors: blockage of the high pressure line
(3" stage) of the new lubricator.

At the first start-up step, corresponding to a counter-
pressure of 20 bar-g at each injection point, there was
a blockage of a 1% stage divider (on one machine) and
of a 2" stage divider (on another machine) but it was
immediate to realize that the cause was located in the
check valves of the injection quills installed on the
cylinders, which were obstructed. Once the injection
quills had been replaced the system started working
but, when the running conditions were reached, the
3 stage divider blocks always appeared as if they
were obstructed.

The same situation occurred on intial startup of all
three compressors A, D, and E, therefore it was
believed to be due not to a random malfunction of a
divider block or an accessory but to the design of the
high pressure line.

The hypothesis by which the problem was due to a
high differential pressure between the injection lines
downstream of the divider valve was soon deleted,
since this phenomenon cannot cause complete
blockage of the divider but only affect the quantity of
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injected oil due to a leakage of lubricant inside the
divider valve, from the high to low pressure points .

The cause of this issue was investigated using, at first,
a series of pressure gauges installed at the oil injection
points, and it was verified that the counter pressure
values had been evaluated correctly, therefore the
cause of the issue had to be found elsewhere.

At this point a test bench was set up for the 3™ stage
divider block to replicate the same behaviour that
occurred in the field and better evaluate the
phenomenon.

5 Testing

5.1 Bench preparation

The test bench (see Figure 5) was used to simulate the
third stage behavior providing a counter-pressure of
100bar on all the injection points. In particular, the
test conditions were the following:

Cylinder injection point: 100bar
Cylinder packing injection point I: 100bar
Cylinder packing injection point II: 100bar
Balancing valve set setpoint 80bar

Oil viscosity: ISO VG 32 and ISO VG 150

Figure 5: Test bench

The same problem that occurred in the field was
experienced after about 3 minutes of operation,
applying the above conditions and using both types of
oil reported above.

The registered pressure trend was the same as that
registered by the DCS in Taranto, shown in following
Figure 6.

PRESSURE
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DIVIDER VALVE
DEADLOCK!

Figure 6: DCS pressure trend registration

The anomaly manifested by the pressure trend
consisted in a divider block stall and a subsequent
pressure increase, beyond the expected operating
values, reaching 250/270 bar. Actually, the divider
block ran at first for a few minutes until it reached the
expected values of 130/150 bar and then stopped and
restarted cyclically; subsequently, on reaching
pressures above 250/270 bar, the divider block stalled
and it was necessary to reset the inlet pressure and
restart the pump to restart the system.

Since the test facility replicated the same issues
experienced in the field, an accurate investigation and
measurement campaign made it possible to
understand the causes of the recurring issue and to
implement the corrective actions listed below.

5.2 Testing and solution of the first issue:
divider block stall

The divider block is normally supplied with a single
check valve at each outlet but, in this case, a double
check valve had been required by the customer due to
the high pressure. However, instead of having a
double check valve, two valves were arranged in
series (see Figure 7).

Figure 7: Divider output check valves

Before carrying out the tests, as a first step, it was
decided to fit only a single check valve at each outlet
on the test bench assembly, in order to reduce the
variables to be examined.
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The new series of tests and a careful analysis of the
phenomenon revealed that the particular arrangement
of the divider valve elements, combined with low
flow rates (3+4 cycles per minute) and a back
pressure of 100 bar, caused the systematic fail of the
0.04 cm? element, that integrated the Namur sensor.
To confirm this, at higher flow rates (~25 cycles per
minute) the problem did not occur.

It is to be considered that the pistons in a divider valve
normally have different diameters, being sized
according to the quantity of oil to be dispensed at each
lubrication point. The Namur is a 2-wire proximity
sensor that transmits a signal every time the divider
valve has completed a lubrication cycle, therefore it
is used to measure the quantity of injected oil to
monitor the condition of the divider valve. From a
functional perspective, the Namur can be mounted on
any divider valve piston and the position is normally
determined by ease of assembly and minimum overall
dimensions.

The displacement of the piston generated by the
passage of the lubricant inside the block is detected
by a proximity sensor through a dipstick with a very
thin diameter. Moreover, the piston of the element on
which the Namur is mounted has a particular shape,
the dipstick being an integral part of the piston.

The explanation of the stall issue is related to the
dimensions of the internal pistons used in the divider
block element and the Namur sensor. The internal
piston of the 0.04 cm® element has a 3mm diameter
and the shaft connected to the Namur sensor has a
1.6mm diameter (see Figure 8) with the result that the
surface on which the oil pressure acts is a ring given
by the difference between the piston diameter and the
dipstick diameter; at low flow rates the piston needed
a much higher pressure in order to be moved with the
same translation force, because of the small section
differences.

0.04 cm3

pisT=3 Mm

Figure 8: Namur to 0.04 cm’ element connection
detail

The force acting on the circular area was not
sufficient to move the piston, which remained
blocked despite the pressure rising, until the divider
block was blocked: this explains the very high
pressures read by the field pressure sensors.

By modifying the position of the Namur sensor (see
Figure 9) and moving it to the 0.16 cm? block (taking
advantage of the divider block modularity) which had
an internal diameter of Smm, the phenomenon no
longer occurred and the operating pressures
drastically reduced to values congruent with expected
values: the new measured values were, in fact,
between 130 and 150 bar (100 bar counter-pressure +
20 bar divider block pressure drop + 10/15 bar of
pressure drop on the check valves).

5.3 Testing and solution of the second
issue: pressure peaks

Once the first problem was solved, the additional
check valves were installed on the test bench divider
block (Figure 9), to exactly replicate the
configuration of the divider blocks present in the
field.

The test bench was finally left in operation for a few
hours, and the stall phenomenon no longer appeared.

Nevertheless, pressure peaks of around 190 bar were
noted over time.

It was found that with the installation of two identical
check valves of the original type with the same
masses and opening pressures, the pressure peaks no
longer occurred.

Actually, the check valves added at a later time
required a different (greater) opening force but,
although the overall losses remained negligible since
the operating pressure was high, the interaction
between the different stiffnesses and the particular
combination of the low flow rate and the high
pressure impeded the lubricant flow, occasionally
increasing the upstream pressure.
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Figure 9: Divider block final configuration
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Finally, the test bench was left in operation for 8
hours, monitoring and recording the pressure values
and the Namur sensor signal.

None of the above phenomena occurred again,
therefore the divider valve was considered to be
operating correctly and reliably and the systems
installed in the field were modified accordingly.

After units A, D and E, also those mounted on the last
two machines B and C were rearranged in the same
way and, to date, all five compressors and lubrication
units have been running for more than six months and
none of the above mentioned phenomena has
recurred, to the complete satisfaction of the customer.

6 Lesson learned

Although progressive systems are now widely
applied, there are still some critical applications, like
the one mentioned in this paper, that can present
problems and issues on system start-up for which
there is no apparent immediate solution.

The experience that was gained using a test bench has
taught that the two following actions are necessary to
avoid inconvenient stalling of the divider valve and
undesired pressure irregularities:

- installation of the position sensor on the larger
diameter element;

- if two check valves are installed on each divider
outlet, it should be ensured that they are identical
and have the same opening force; if possible, use
one double type check valve.

For accessibility and maintainability, the Namur
sensor is generally applied in line with the piston at
the opposite side to the inlet oil on the divider valve,
but experience shows that it is appropriate to revise
this philosophy, taking into consideration the
dimensions of the element on which it is applied.

The reported case suggests that both the above two
counter-measures should always be adopted, even
under normal pressure conditions and with greater oil
flowrates.
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